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The Radial Turbine, for Low Specific Speeds 


E. M. KNOERNSCHILD 


AiResearch Manufacturing Division, 
The Garrett Corporation, 
Los Angeles, Calif. 


and Low Velocity Factors 


The main factors which influence radial-turbine performance are discussed. After 
a short description of the losses in radial turbines, the concept of the diffusion parameter 


ts introduced. It is shown how the turbine geometry influences performance and, in 
particular, the reaction. The influence of a variation of the reaction on performance of 
radial turbines with high and low specific speed is discussed. Three-dimensional 
effects appear especially in the exducer region of the turbine. They may contribute to 
backflow and to a distorted distribution of the meridional velocity. 

The basic approach to improving turbines in the range of low-velocity factors and 
low specific speed is indicated. It appears that an attempt to reach impulse conditions 
in radial turbines is difficult, and only a rather small efficiency improvement can be ex- 
pected. The approach to be taken in adapting a turbine design to low-specific-speed 
operation is pointed out, and the deterioration of the blade loading pattern due to such a 
reduction of the specific speed 1s shown. 


Raorax TURBINES have established their place in in- 
dustry, especially in the field of small turbomachinery, because 
of their simplicity, ruggedness, and reliability. Although in most 
cases the field of application is tailored to the usual 50 per cent 
reaction, many applications are indicated for turbines which 
operate at much smaller reaction in order to approach the per- 
formance range of impulse-type axial turbines. More and more 
applications are also found in the field of low specific speeds where 
the radial turbine’s competitor, the axial turbine, may operate 
with partial admission. 

Some light will be shed on the problems encountered in obtain- 
ing efficient radial turbines, especially for very low specific speeds 
and those running close to zero reaction (impulse-type). Part of 
the basic equations and general design criteria for radial turbines 
will be presented. Problems of low-reaction design and of a low- 
specific-speed design will be discussed in some detail. 


Theoretical Background 


The Basic Equations. The general equation for the Euler work of 
a turbine H, can be written 
= — Uru) (1) 


1 Now, Corporate Research, The Garrett Corporation. 

Contributed by the Gas Turbine Power Division and presented at 
the Annual Meeting, Atlantic City, N. J., November 29-December 4, 
1959, of Tae American Society or MECHANICAL ENGINEERS. 

Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, July 6, 
1959. Paper No. 59—A-294. 


The adiabatic head Hq available in the turbine is determined by 
the pressure ratio (total inlet to static-exit pressure) and the total 
inlet-gas temperature and is related to the Euler work by 


Hua = Hg + losses (2) 


Introducing the reaction as a ratio between the head drop in the 
wheel and the head drop across the turbine (total-to-static) yields 


AH wheet 
R= Hea (3) 


From the velocity triangles w;, the relative velocity entering the 
blading is obtained. The relative leaving velocity w2 follows from 
the equation 


Ws? w,? ui? = Ue? 
29 29 + 29 osses (4) 


Eq. (4) expresses the fact that the relative leaving energy is equal 
to the energy entering the wheel plus the reaction head, minus 
the head required to counterbalance the centrifugal forces in the 
wheel and minus the losses in the wheel. 

Losses. Since ample information on losses can be found in cur- 
rent literature, the presentation is confined to some of the less- 
discussed problems. 

Nozzle Losses. The losses which have to be considered from the 
inlet plenum to the impeller inlet are (a) a nozzle-friction loss, 
(b) a momentum loss due to nozzle blockage, (c) a friction loss in 
the vaneless space between nozzle and wheel. 

The last two losses can be combined in so far as the peripheral 
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Nomenclature 
H = head, ft-lb/lb T = temperature, deg F u = peripheral component 
c = absolute velocity, fps s = entropy m = meridional component 
u = peripheral velocity, fps Q = volume flow, 1 = turbine-inlet total condition 
w = relative velocity, fps 8B = blade angle, deg 2 = turbine-exit static condition 
N = rotating speed, rpm w = angular velocity W = wheel 
R = reaction Subscripts N = nozzle 
r = radius, in. E = Euler h = hub 
S = specific speed, rpm ad = adiabatic s = shroud 
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component of the flow leaving the nozzle is considered to follow 


the law 
Cuy Trip 


where n = 0.9 takes care of the vaneless-space friction loss. The 
influence of blockage shows up in a reduction of the meridional 
component of the flow between the station at the nozzle outlet 
and the station at the wheel. Because the flow area available at 
the wheel is usually larger than the nozzle-exit area, the meridional 
velocity decreases at the wheel tip and the flow angle changes 
correspondingly, Fig. 1. 

The Wheel Losses. The accurate prediction of the flow losses 
through a radial wheel requires consideration of a three-dimen- 
sional flow, just as in the radial compressor. Owing to the gen- 
erally accelerated flow pattern in a turbine wheel, however, a 
two-dimensional analysis often may be sufficient up to the ex- 
ducer. In the axial part of the turbine—the exducer—radial 
equilibrium plays an important role in the flow picture, and the 
correct evaluation of the flow pattern and the velocity triangles 
at the exit require due consideration of the three-dimensional 
flow. 

The losses which have to be considered in the wheel are (a) 
incidence loss, (b) passage-friction loss, (c) blade-loading loss, 
(ad) leakage loss. 

An incidence loss is encountered whenever the stagnation point 
of the relative flow does not coincide with the point where the 
camber line intersects the leading edge of the rotor blade. 

In radial turbines, an effect similar to the slip effect in centrif- 
ugal compressors takes place. In other words, because of the 
rotational field of the flow in a radial turbomachine, the direction 
of the flow approaching the blades for zero incidence is not equal 
to the direction of the tangent to the camber line at the leading 
edge. A certain deviation, given by the Busemann correction, is 
necessary for the stagnation point of this entering stream line to 
lie exactly at the blade leading edge. 

The incidence loss is assumed proportional to a fraction of the 
incidence component of the velocity triangle with due considera- 
tion of the slip effect. Test data indicate that this fraction is 
close to 1.0. 

The passage friction loss may be treated as a friction loss in a 
channel of variable geometry. 

The blade-loading loss arises from the fact that work is being 
done on the blades by the fluid which shows up in a pressure dif- 
ference between the suction side and the pressure side of the 
blades produced by the difference in velocities on the two sides. 
The blade-loading loss is known to be a function of the so-called 
diffusion parameter, which relates the velocity difference through 
which the flow is decelerated on the suction side or the pressure 
side to some relevant mean relative velocity.2, Hence, the pres- 
sure-side diffusion parameter 

inlet relative velocity — minimum relative velocity 
4, = (5) 


inlet relative velocity 


for the suction-side parameter 


A maximum relative velocity — outlet relative velocity (6) 


maximum relative velocity 


Fig. 2 shows the relative mean velocity and the superimposed 
velocities of the suction and pressure sides for a simple blade con- 
figuration. The deceleration on the suction side is shown by the 
distance A; on the pressure side by the distance B. 


?W. L. Steward, ‘‘Analysis of Two-Dimensional Compressible 
Flow Loss Characteristics Downstream of Turbomachine Blade Rows 
in Terms of Basic Boundary Layer Characteristics,” NACA TN 3515, 
1955. 
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The diffusion parameters are then expressed by 


A 
and A, = 


B 
Ap = 
In Fig. 2 it is assumed that the flow is in the mean accelerated. 
In case the mean flow is decelerated, the blade loading causes 
large areas of deceleration and, as shown in Fig. 3, the values A 
and B become much larger. In turbine passages the flow is 
generally accelerated. Hence, the diffusion parameters are small 
and the blade-loading loss may be negligible. However, certain 
configurations particularly designed for low-velocity factors pro- 
duce decelerated flow in the wheel (A and B become large), be- 
cause of the necessity to reduce reaction, and blade-loading losses 
may then become considerable. Similar conditions occur at low- 
specific-speed designs where the throughflow velocities are made 
as small as possible. In this case the denominator in the dif- 
fusion-parameter equation (C and D) becomes small, which 
makes the parameter excessively large. 


Flow condition at inlet to the wheel 


e/oc 


> 


meriaden, Zergh 


Fig. 2 Diffusion parameter for Fig.3 Diffusion parameter for 
accelerated flow decelerated flow 


Influence of Turbine Geometry on Performance. The performance 
of a radial turbine is determined to a large extent by the ratio 
of two throat areas—the nozzle throat area and the exducer 
throat area. When the pressure ratio across the turbine is steadily 
increased, for instance, by reducing the back pressure while the 
inlet pressure is maintained constant, all velocities in a turbine 
increase. The highest velocities are established in the two throats, 
with the highest absolute velocity in the nozzle throat, and the 
highest relative velocity in the exducer throat, Fig. 4. As shown, 
Py the pressure at nozzle throat, and P, the pressure at the ex- 
ducer throat, drop with decreased back pressure. 

At the critical pressure ratio, the nozzle may choke and further 
drop of the back pressure will only reduce the pressure after the 
nozzle. In the triangular section of the nozzle, supersonic flow 
develops which influences the velocity triangle at the wheel tip. 
There, the flow pattern is similar to the axial-turbine supersonic- 
flow pattern. Flow expansion produces an increase of the velocity 
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Fig. 4 Flow conditions and choking in radial turbines (nozzle unchoked) 


vector and, at the same time, a change of direction in order to ful- 
fill continuity. By dropping the back pressure further, a maxi- 
mum peripheral component from the nozzle is obtained. This 
flow pattern is strongly dependent on the blade-exit angle,* as 
indicated in Fig. 4. A further pressure drop leads to choking 
conditions at the exducer, which results in a fixed flow pattern 
upstream. Further back-pressure drop produces a supersonic- 
flow pattern at the exducer exit. Since the exducer blade angles 
are generally about 45 deg, the supersonic expansion may not 
materially contribute to an increase of the peripheral component, 
as indicated in Fig. 4. 

If the exducer is choked before the nozzle is choked, the pattern 
shown in Fig. 5 develops. Further drop of the back pressure no 
longer influences the flow conditions in the turbine. The ef- 
ficiency changes, however, since it is expressed as the ratio of the 
Euler work which is almost constant, divided by a steadily in- 
creasing adiabatic head. 

Reaction. Whether the turbine nozzle or the exducer throat 
chokes first depends, to a large extent, on the reaction of the tur- 
bine—the amount of head drop in the wheel compared to the 
total head drop in the entire turbine—that is 


1- ( ) (7) 
H ad 

If a larger fraction of the available head is utilized in the wheel 
less is available across the nozzle, or in other words, the inlet- 
peripheral-velocity component declines. If now the wheel-tip 
speed is adjusted for obtaining optimum Euler work, it can be 
shown that the velocity triangles lead to less turning in the wheel. 
Since losses in the wheel diminish considerably with reduced 
turning, higher efficiencies are to be expected with an increase of 
reaction. Fig. 6 shows three sets of velocity triangles for differ- 
ent reaction. Constant work uAc,, was assumed for all three cases. 
Note that the turning of an axial impulse turbine, R = 0, is ap- 
proximately 120 deg. For 50 per cent reaction, the turning de- 
creases to approximately 70 deg. For a reaction of 70 per cent, 
the turning is only 20 deg. These turning values can be further 
decreased if a radial-inflow turbine is used as shown by the dotted 
exit triangles in Fig. 6. For a radial turbine with a reaction of 0.7, 
the turning can be made zero. This reduction in turning is an 


3 T. P. Moffit, ‘Maximum Theoretical Tangential Velocity Com- 
ponent Possible From Straight Back Converging-Diverging Stators at 
Supersonic Pressure Ratio,’? NACA TN 4271, 1958. 
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inherent advantage of the radial-inflow turbine as compared to 
the axial turbine. 

The condition of constant work, uAc, = const, naturally re- 
quires that the tip speed increase with a decrease in turning. 
MWith increased tip speed, the disk friction and ventilation 
losses rise and their influence may offset a potential gain from 
reduced turning losses. If a turbine has low disk-friction 
losses, as is the case with a high-specific-speed machine, high tip 
speed and high reaction may lead to optimum performance. In- 
versely, low-specific-speed machinery has comparatively high 
disk-friction losses, and the potential gain from high reaction 
may become unavailable. 

Speed restrictions resulting from stress in many cases may not 
allow the optimum layout. If a maximum tip speed wu is given 
and the head drop (pressure ratio) is specified, the desired value 
of uAc, may require the highest turning Ac, possible. This is 
equivalent to going to an impulse-type machine where almost all 
of the head drop occurs in the nozzle. 

These considerations are more generally shown in Fig. 7. The 
two main losses, turning loss and disk friction, are plotted as a 
function of the tip speed, for optimum layout of the turbine. As 
the turning losses drop with increasing u, the disk friction rises. 
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Fig. 5 Flow conditions and choking in radial turbines (nozzle choked) 
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Fig. 6 Influence of reaction on velocity triangles 
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Fig. 7 Loss distribution for high and low specific speed turbines 
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The minimum of the losses strongly depends on the magnitude of 
disk friction. Since disk friction (in ft-lb per Ib of working 
medium) is inversely proportional to the throughflow of a turbine, 
the magnitude of disk friction is a function of the throughflow 
possibilities of a turbine which is also expressed as the specific 
speed. High-specific-speed turbomachinery has relatively low disk 
friction, hence, it should utilize high reaction, as shown in Fig. 7. 
Inversely, high-reaction machinery is sensitive to size. 

Flow conditions are not much different from those of the axial 
turbine, where the part of the available head not used in the 
nozzle is used to speed up the relative velocity in the wheel. 
The only difference between an axial and a radial turbine is the 
need to balance the centrifugal forces by means of reaction. In 
other words, only the remainder of the reaction, after balancing 
the centrifugal force, can be used to speed up the relative velocity 
in the wheel. 

If the speed of a radial turbine of given geometry running at a 
constant pressure ratio is varied, the reaction varies too. If u 
decreases, less centrifugal force has to be balanced by the reaction 
and more head is available to influence the relative velocities. 
A new equilibrium between the nozzle head and the head in the 
wheel is established which, in general, leads to less reaction. This 
trend may be changed only if the velocity triangles become so 
unfavorable that incidence and other flow losses increase ia mag- 
nitude. 

It should be mentioned that under some flow conditions the 
reaction may even become negative. This means the pressure 
at the nozzle may be lower than ambient. These conditions can 
arise if the exducer throat is large compared to the throat area at 
the impeller tip, so that the relative velocity decreases through 
the wheel instead of increasing (as is usual! for the layout condition 
of turbines). A diffuser action can thus be built up in the wheel. 
Even after subtracting the flow losses from such a diffusion action 
and the energy to balance the centrifugal forces, the pressure may 
still rise from wheel tip to exducer; this is equivalent to a negative 
reaction. 

Three-Dimensional Effects at Turbine Exducer. Backflow. By a cor- 
rect choice of the exit blade angle as a function of the radius, it is 
possible to permit approximately the same work to be drawn from 
the fluid at hub and shroud line in spite of different peripheral 
speeds at hub and shroud. However, at some reduced reaction 
the head available to maintain discharge flow at the shroud may 
not suffice to do so at the hub, and part of the hub section may 
not have any flow at all or even backflow. That is, some fluid 
may enter the turbine at the hub and flow toward the wheel tip, 
as in a compressor. 

The equations for the determination of the flow condition at 
the exit are based on the radial equilibrium and, for example, can 
be derived from a vorticity concept.‘ Generally, the flow at the 
exit of a turbine can be considered to consist of a constant 
meridional component on which the influence of vorticity is 
superimposed. Vorticity may, for instance, produce an additional 
meridional component which decreases the original meridional 
component at the hub and increases that at the shroud. If the 
decrease of this component at the hub is large enough, backflow 
will appear. 

Radial equilibrium, the Euler equation, the blade-exit geome- 
try, and the tip speed can be utilized to derive an equation for the 
¢, distribution: 


_ 0K (7,2 — 12) + (1 + 


1+ K¥? 8) 


Cms 


Obviously, c,, is influenced by the rotational speed and the exit 
blade-angle constant K = tan 8/r. The radius where backflow 

4 “Study of Supersonic Radial Compressors for Refrigeration and 
Pressurization System,’” WADC Tech Report 55-257, 1956. 
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Fig. 8 Meridional flow distribution (backflow) at turbine exit 


Fig. 9 Measured total pressure profiles on two radial turbines 


starts, namely, c,, = 0, can be found by equating the right side 
of Eq. (8) to zero. The meridional velocities for some selected 
cases are plotted in Fig. 8, indicating the regimes of backflow. 

Distortion of Exit-Velocity Profile. The three-dimensional charac- 
ter of the flow in the exducer comes to light, especially if the ex- 
ducer is overloaded. As, for instance, if the blade solidity for the 
amount of turning desired is too low or if the flow is already 
separated somewhere inside the wheel, for example, because of a 
strong incidence in the inlet section of the wheel. 

Under these conditions the meridional velocity distribution as 
measured repeatedly, has the general shape shown in Fig. 9. 

This flow picture can be explained by assuming that complete 
radial equilibrium is established and a certain distribution of the 
flow angic and the whirl at the exit is present. 

As an example for such a possible flow distribution, a c,-dis- 
tiibution according to 


Cy = —Curoax SiN 27 (= 1) (9) 


T, 


was assumed. Introducing this distribution into the simple 
radial-equilibrium equation 


dr dr dr ) 


and solving this differential equation resulted in 
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Fig. 10 Influence of small §-variation on C,, distribution 


This equation is plotted in Fig. 10 for an arbitrarily assumed 
throughflow. Also plotted is the c,-distribution and the cor- 
responding §-distribution. Apparently, only a slight variation 
from the design 6-distribution at the exducer is required to pro- 
duce quite some distortion of the ¢,,-profile. For convenience, the 
velocity triangles for this case are also shown. It should be 
noted that the entropy gradient, which is represented by the last 
term of Eq.(10), also has a significant effect on the c,,-distribution, 
and it is therefore possible to obtain distorted c,, distributions 
even with less 8-deviation than indicated. 

Generally, whenever such a c,-distribution is measured the 
flow does not follow the exducer blade direction, and a better 
guidance for the flow should be incorporated in the design. The 
distorted 8-distribution, which results in the pronounced velocity 
peaks near hub and shroud, Fig. 10, is often the reason that the 
backflow according to Eq. (8) cannot be established. The flow 
distortion also shows in the temperature distribution. Fig. 11 
shows a temperature survey at the exit of a radial gas turbine. 
Note the considerable difference in temperature between center 
and shroud. 


Performance Presentation 
The performance of a radial turbine is usually presented in a 

graph where the efficiency is plotted versus either the velocity 
ratio 

= u(2gHsa)'/* 
or the velocity factor 

F, = u/(gHsa)'” 
also the reciprocal of F,?, that is, 

Qaa = GH 

is used. A very convenient over-all picture of the performance 
at design and off-design is obtained if the parameter used is the 
actual turbine speed. Thus, points of variable pressure ratio 
can be plotted as shown in Fig. 12. For a given rotational speed 
u or rpm, the efficiency rises if the pressure ratio is increased, 
while the operating point moves to smaller values of F, until 
the exducer chokes. The pressure ratio at which this occurs 


depends on the geometry (see preceding section). As soon as the 
exducer chokes, the efficiency starts dropping and a pronounced 
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Fig. 11 Gas temperature at turbine exit 


corner appears in the efficiency curve. By plotting these curves 
for a range of rpm, one can interpolate lines of constant pressure 
ratio. The efficiency for constant pressure ratio increases with 
increasing pressure ratio until an optimum is reached, and for 
high pressure ratios the efficiency drops again, Fig. 12. Addi- 
tional insight into the behavior of a radial turbine is obtained by 
plotting the reaction for the different speeds. The reaction is 
generally lower for lower speeds. For a given speed the reaction 
drops with increasing pressure ratio until a distinct minimum 
occurs. When the exducer chokes the reaction increases again. 
Fig. 12 to 14 show these trends. 

A close relationship between the tests and the analysis which 
was done on the IBM 650 computer was obtained. A wheel with 
backward curvature, in other words, higher reaction, peaks at a 
higher velocity factor than the radial wheel, Fig. 14. Its maxi- 
mum efficiency is also higher. ; 


Adaptation of Radial Turbines to Low-Velocity Factors and 
to Low Specific Speed 

Adaptation to Low-Velocity Factors. Radial turbines have been 
built successfully for 50 per cent and higher reaction. But very 
often the problem arises of designing a radial turbine for such a 
low tip speed relative to the spouting velocity, in other words, 
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Fig. 12 General performance presentation of a radial turbine 
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for such a low velocity factor, that the regime of the impulse-type 
turbine is approached. 

Since impulse-type turbines have practically no reaction, the 
obvious first step in designing a radial turbine for these conditions 
is to reduce reaction. Since the inlet triangles look like those for 
impulse-type turbines, the inlet blade angle should be accom- 
modated to these conditions. Hence, the second step is to adapt 
blade angles to the flow angle, Fig. 15. 

If the reaction is made equal to zero, the maximum efficiency 
(neglecting losses in the wheel) for axial and radial turbines is the 
same, Fig. 16. 
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Fig. 15 Comparison of 50 per cent reaction and impulse blading 
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Fig. 16 Velocity triangles for zero reaction radial turbine 
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The actual loss picture changes this statement. The energy 


balance requires that 


2 
29 2 


29 g 

Hence, for no reaction (Hz = 0), the centrifugal field has to be 
balanced by a deceleration of the relative velocity. If the losses 
are neglected, then 


This means a deceleration of the relative velocity of the order of 
U/W, since approximately wu, = w;. In addition, the flow has to 
turn through a considerable angle, as shown in Fig. 17, and the 
resultant general configuration is about the worst which could be 
selected from an aerodynamic viewpoint, namely, a strong de- 
celeration while turning the flow. High losses are, therefore, 
unavoidable. 

Reaction can be reduced by increasing the exducer throat area 
relative to the nozzle throat area which drops the pressure after 
the nozzle and allows the head drop to take place mostly in the 
nozzles. Unfortunately, this procedure is limited due to the rise 
of the losses in the wheel previously mentioned and because of the 
occurrence of backflow near the hub which makes part of the 
exducer discharge area unavailable to the flow and thus counter- 
acts the increase of the exducer area. The combined effect is that 
the centrifugal field decreases and the losses increase with de- 
creasing velocity factor. This results in a reaction which de- 
creases with decreasing velocity factor to reach a minimum point 
and then increases again. Certain practical limits are thus im- 
posed on the reaction, and a true impulse design is difficult to 
establish. Hence, the over-all efficiencies for a turbine designed 
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for low velocity factor is only a few efficiency percentage points 
better than one running at this condition off-design. This analy- 
sis was confirmed to a certain degree by test data, Fig. 18. 

Adaptation of Radial Turbine to Low Specific Speed. The concept of 
the specific speed relates the weight flow and head of a turbo- 
machine to a rotational speed by means of the equation 


S = NVQ/H™ 


A low specific speed means that for a given rpm the weight flow is 
small or the head is high. 

Adaptation to low specific speed in the field of axial turbines is 
mostly accomplished by the use of partial admission and may 
also be considered with radial turbines. However, because of the 
centrifugal field in the impeller the passages not subjected to 
throughflow will have a large eddy motion, which may induce 
higher losses than are encountered in axial turbines. 

Hence, this study will be limited to a full-admission radial 
turbine and the steps to be taken to design an optimized 
radial turbine for very small weight flows will be investigated, 
assuming that the rotational speed is fixed. 

Consider a turbine of a given diameter and rpm which has to be 
redesigned to accommodate a smaller weight flow. First, the 
wheel-passage width is decreased as far as possible. All velocity 
triangles would remain unchanged; only the weight flow drops 
proportional to the width. There are limits which establish a 
minimum practical blade width. With decreasing passage area, 
the clearance area which may be considered a constant for a 
given design, becomes relatively more important, and a greater 
proportion of the total mass flow is lost through the clearance. 

Next to be considered is a decrease of the throughflow velocity, 
since the weight flow is also proportional to this velocity. This 
can be accomplished by positioning the nozzle vanes at a very flat 
angle to the peripheral direction (6 to 10 deg). However, this 
leads to problems of impeller blade loading. The best design 
from the blade-loading point of view has no appreciable decelera- 
tion on the suction or pressure side, as expressed by the suction 
and pressure-side diffusion parameters discussed earlier. This 
can be accomplished by having the mean relative velocity rising 
uniformly from inlet to exit, Fig. 19. The pressure-side velocity 
would stay constant in the region where the flow enters the wheel 
and from the mid-section on would rise sharply, its maximum 
value approaching the mean relative velocity. Similarly, on the 
suction side the velocity will rise strongly until about mid-section 
of the profile. From that point on, the velocity should stay con- 
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Fig. 17 Blade passage configuration 
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Fig. 18 Performance of impulse type radial turbine 
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Fig. 19 Blade loading for zero diffusion 


stant and equal to the mean velocity at the turbine exit. This 
velocity distribution could be produced by correspondingly 
shaping the meridional passage of the turbine. 

In low-specific-speed machinery the strong acceleration of the 
mean relative velocity is limited by geometry restrictions. 
Squeezing the meridional shape is not desirable from the stress 
viewpoint or from leakage considerations. However, the meridi- 
onal velocity can at least be kept constant and, by means of the 
blade-thickness distribution, a reasonable decrease of the area in 
direction of the throughflow can be accomplished. The difference 
between this velocity, Fig. 20, and one for a reasonably high speed- 
design is only that the velocity level is much higher in the latter 
case. 

In each case the velocity increment due to blade loading is 
superimposed on the mean line which results in the suction and 
pressure-side velocities also shown in Fig. 20. Evidently, the 
mean relative velocity may be so low at low throughflows that a 
large negative-flow region develops at the pressure side. This 
negative-flow region indicates backflow along the pressure surface 
which leads to flow losses. This backflow region has already 
been reduced to a minimum by raising the mean relative velocity 
within the wheel proper, as far as the wheel shape allows it. 

In many cases, this may not be sufficient. Then the number of 
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Fig. 20 Adaptation of a turbine to low specific speed 
blades has to be increased, thus reducing the velocity span be- 
tween mean-relative and suction or pressure surface velocities. 


Fig. 20 summarizes the steps which can be taken in order to re- 
duce the backflow region. 
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Design and Development of a Convective 


W. F. WEATHERWAX 


Engineer, Turbine Aerodynamics Unit, 
Small Aircraft Engine Department, 
Flight Propulsion Division, 

General Electric Company, 

Lynn, Mass. 


Air-Cooled Turbine and Test Facility 


Demands for higher jet engine thrust-to-weight ratios to satisfy the needs for high Mach 
number and vertical take-off aircraft are continually increasing. Since World War 
II, the three-fold increase in thrust-to-weight ratio can be attributed almost entirely 
to the development of lightweight construction and the axial-flow compressor, and little 
credit can be given to the meager 200-F increase in turbine-inlet temperature. 


Increas- 


ing turbine-inlet temperature, beyond present-day material limits of 1600-1700 F, 
by convective air cooling, will increase the jet-engine thrust-to-weight ratio and will 


markedly improve the performance of the turboprop and bypass engines. 


The partial 


results of a program undertaken by the author’s company to develop a fully cooled, 
Jlight-type, turbine and test facility are reported. The design heat-transfer considera- 
tions are discussed, the test facility described, and performance results to date are 


given. 


Tux advantages of increasing turbine-inlet tem- 
peratures beyond material-imposed limitations by cooling the 
blading have been recognized for some time. In the early 1930’s, 
unsuccessful attempts were made in Germany and in this country 
to develop turbosuperchargers with hollow air-cooled turbine 
blading. During World War II, the shortage of high-temperature 
materials in Germany forced the use of cooled turbine blading 
in operational jet engines. However, the performance of these 
turbines was low, primarily because of the crudeness of blading 
design resulting in poor utilization of the cooling air. Since the 
war’s end, NACA (NASA) has been working extensively in the 
field of turbine cooling to determine the fundamentals underlying 
efficient cooling. Although the gains are recognized and the 
fundamentals understood, little success has been achieved. 
With only two exceptions, to the author’s knowledge, there are 
no operational jet engines in the free world utilizing turbine 
cooling advantageously. 

The objectives of the development program reported in this 
paper are: 

1 Development of a fully convective air-cooled, flight-type, 
single-stage turbine to demonstrate the feasibility of operation 


Contributed by the Gas Turbine Power Division and presented at 
the Annual Meeting, Atlantic City, N. J., November 29—December 4, 
1959, of THe American Society of MECHANICAL ENGINEERS. 

Norte: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
September 29, 1959. Paper No. 59—A-282. _ 


at an average inlet temperature of 2000 F, with 4.3 per cent of 
compressor-discharge cooling air. 

2 Development of a test facility capable of testing the turbine 
under controlled conditions for cooling effectiveness, aerothermo- 
dynamic performance, and mechanical reliability. 


Advantages and Disadvantages of Turbine Cooling 


The several arguments for and against achievement of higher 
turbine-inlet temperatures by air cooling have been well docu- 
mented in the literature and will only be discussed briefly in this 
paper. 

Fig. 1 shows the effect of turbine-inlet temperature on thrust 
and specific fuel consumption for both the dry and reheat versions 
of a 7.0:1 cycle-pressure-ratio jet engine at a flight Mach number 
of 2.5 in the stratosphere. Also shown are the predicted cooling 
flow and efficiency depreciation. In the temperature range of 
1500 to 2500 F, there is no appreciable change in the thrust of 
the reheat engine, but the dry engine exhibits an increase of 168 
per cent. Specific fuel consumption decreases about 10 per cent 
for both the reheat and dry engines. 

Fig. 2 shows the same data for the sea-level static operation 
of a high-pressure-ratio turboshaft engine. Increase of turbine- 
inlet temperature by 42 per cent from present-day material- 
limit temperature will increase the equivalent shaft horsepower 
by 78 per cent and reduce the specific fuel consumption by 4 
per cent. This can be accomplished with about 12.6 per cent 
of cooling air. 


Nomenclature— 
A,, Ao, = arbitrary constants, deg R k = thermal conductivity, Btu-in./ —_y, z, s = distance along strut, fin, and 
Ay, B,, sq ft-deg R-hr shell, respectively (Fig. 7), in. 
2, Bs, - m = length of fin, in. N. = turbine impact efficiency, di- 
C, = specific heat at constant pres- Nu = Nusselt number, dimensionless mensionless 
sure, Btu/lb-deg R Pr = Prandtl number, dimensionless w = angular speed, radians per sec 
ESHP = equivalent shaft horsepower q = energy per unit time, Btu/sec pew 
F, = net thrust, Ib 
= oa ge = Reynolds number, dimensionless ¢ = cooling-air value 
SFC = specific fuel consumption, lb/hr- 9 = hot-gas-side value 
lb t = coolant-side value 
h = heat-transfer coefficient, Btu /hr- T = temperature, deg R ie == effective coolant-side value (in- 
deg R-sq ft t = fin thickness, in. cludes effect of secondary fin) 


j = Joule’s constant, ft-lb/Btu 
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W, = cooling air flow, lb per sec 


1, 2, 3, 4, 5 refers to fins as shown in Fig. 7 
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Fig. 1 Jet engine performance as a function of turbine inlet tempera- 

ture 


Summarizing, the advantages of turbine cooling are: 


1 For the long-range, high-speed aircraft, specific fuel con-. 


sumption can be reduced by about 10 per cent, and specific thrust 
increased. This will reduce the engine weight, frontal area, 
and nacelle drag. 

2 For the dry engine, as turbine-inlet temperature is increased 
the thrust approaches that of the reheat engine, but specific 
fuei consumption remains at the low level characteristic of the 
dry engine. For example: At 2500 F, the dry-engine thrust is 
60 per cent of the reheat-engine thrust, and specific fuel consump- 
tion is 25 per cent less than that of the afterburning engine. 

3 The turboshaft engine gains spectacularly in shaft horse- 
power as inlet temperature is increased with noticeable improve- 
ments in specific fuel consumption. 


The improvement in engine performance, through convective 
air cooling, cannot be had for nothing. Some of the disadvan- 


tages are: 


1 Increased mechanical complexity of the turbine, including 
blading design, sealing design, means of getting the cooling air 
to the turbine, and so on. 

2 Inceeased manufacturing cost of the turbine. 

3. eduction in turbine efficiency due to aerodynamic-design 
compromises to effect good cooling, such as solidity reduction 
ind thicker blading, and re-entry of the cooling air into the gas 


stream. 


Design Heat- Transfer Considerations 


In the design of any air-cooled turbine, economic use of the 
cooling air requires that the external surface area of blading 
swept by the hot gas be reduced as far as possible and that 
the number of blades be held to a minimum. Additionally, the 
number of stages should be reduced to a minimum and the 
relative bucket temperature be held down, which means reducing 
blade reaction. To obtain good cooling-passage configuration 


-2.0 Ane, (Gas Generator) 
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Fig. 2 Turboshaft engine performance as a function of turbine inlet 
temperature 


Percentage Change 


From Normal In Nozzle Bucket 
Root Axial Width + 25.5 + 37.0 
Number of Blades — 18.6 — 39.6 
Leading Edge Radius + 50.0 + 33.3 
Trailing Edge Radius + 50.0 + 66.7 


Solidity 0 - 18,7 
Fig. 3 Comparison between normal and air-cooled turbine blading 


within the blade, rounder leading edges and thicker trailing edges 
than have been used in the past must be employed. All of 
these requirements, to achieve good cooling with a minimum of 
cooling air, tend to reduce the expansion efficiency of the turbine. 
In addition, the expelling of the cooling air from the blade rows 
back into the main gas stream and the extraction of heat from 
the gas stream might well affect performance adversely. 

Although the importance of turbine efficiency diminishes with 
increasing turbine temperatures, efficiency cannot be discounted 
for those many applications where the existence of a cruise 
condition requiring minimum specific fuel consumption neces- 
sitates good turbine performance. So, the designer is faced 
with the problem of compromising the aerothermodynamic 
design to affect good cooling without materially reducing effi- 
ciency. 

Fig. 3 shows the percentage difference, for several important 
blade parameters, between the normal and air-cooled versions 
of this turbine. In the interest of good cooling, the number of 
blades in each row was reduced, and to maintain efficiency the 
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TYPICAL COOLED BLADE SECTIONS 


NOZZLE 


BUCKET 


Fig. 4 Air-cooled blade cross sections 


chord was increased. Note the increased edge thickness, com- 
pared to conventional design practice. Reducing the number 
of blades reduces the external cooling surface and increases the 
cooling flow to each blade. The increased cooling flow per 
blade results in higher Reynolds numbers in the internal cooling 
passages, insuring that the flow is turbulent over as wide a range 
as possible with higher internal film coefficients. In addition, 
larger cooling passages are required; a fact which eases the 
manufacturing problem. 

One of the first considerations in designing an air-cooled tur- 
bine, is the choice of blading and passage configuration. Fig. 4 
shows air-cooled blading cross sections of the type tested. The 
nozzle blade is of the shell-insert type. Compressor discharge 
air enters the blade at the tip and fills the interior of the insert. 
The air flows upstream through holes in the insert leading edge, 
impinging on the skin leading edge. Then the air turns 180 deg, 
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flows axially along the suction and pressure sides through passages 
on each side formed by the skin and insert. Finally, the cooling 
air is expelled to the main gas stream through slots in the trailing 
edge. This type of design was selected because it provides good 
cooling for the critical leading and trailing edges and offers the 
opportunity of improving performance by filling the trailing- 
edge wake. 

The bucket consists of a cast strut with a brazed sheet-metal 
skin. Compressor discharge air enters the forward wheel space 
and flows radially outward between the wheel and an air-guide 
disk. The air then enters the bucket cooling-air passages at the 
root and flows radially outward to the tip, where it is expelled 
to the main gas stream. This type of design was chosen because 
of manufacturing ease and low cost, good insulation of the load- 
carrying strut, ability to control cooling-air-passage configuration, 
potential growth, and past company and NACA experience. A 
schematic of the cooling-air flow path is shown in Fig. 5. 


Fig. 5 Schematic showing cooling-air flow path 


To achieve sufficient cooling for high-temperature and high- 
specific-mass-flow machines, with reasonable cooling-air flows, 
the inside heat-transfer coefficients and/or the cooled-blade 
surface area must be increased. The use of secondary cooling 
fins has been demonstrated by NACA [1]! as a means of improv- 
ing cooling performance. However, it was judged that such gains 
were not sufficient to nullify the increased manufacturing cost 
and complication involved in the use of secondary cooling fins. 
Fig. 6 shows the effect of passage shape on the blade temperature 
distribution for fully turbulent flow in the passages. The low 
aspect-ratio passage was chosen for the bucket, because it gives 
the lower skin and strut temperatures. 

Bucket-passage width and fin thickness were set mainly from 
stress considerations. For any given depth, as the passage width 
is increased, the maximum skin temperature is increased and the 
strut temperature is decreased. However, maximum passage 
width was dictated by the skin bending stress, due to pressure 
differences between the cooling air and hot gas. Decreasing the 
fin thickness has the advantage of increasing the resistance to 
heat flow between the skin and strut. Providing sufficient shear 
area to hold the skin and manufacturing consideration limited the 
minimum fin thickness. 

Cooling effectiveness and pressure-drop considerations set the 


1 Numbers in brackets designate References at end of paper. 
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passage depth, for the main effect of increasing the passage depth 
is to decrease the pressure drop and increase the coolant flow at 
the expense of cooling effectiveness. 

Bucket passages were tapered only when necessary, for the 
gain is small since the allowable temperature increases from root 
to tip in a manner similar to the rise in a constant-area duct. 
For one case studied, a passage tapered linearly from 0.025 in. 
at the root to 0.020 in. at the tip resulted in only a 6 per cent 
decrease in cooling air. 


Heat-Transter-Analysis Procedure 

Several airfoils were designed and various internal-cooling con- 
figurations considered. The stator and rotor designs were 
finalized with due regard to aerothermodynamic performance, 
cooling effectiveness, manufacturability, and mechanical in- 
tegrity. 

Rapid evaluation of various cooled designs was made possible 
through use of a 704 electronic computer program for determining 


the temperature and pressure-drop characteristics of cooled 


A 
Skin 


T-Skin 


Yeo. 


Spe. 


Fig. 6 Results of analysis showing effect of passage shape on radial 
temperature distribution 


Cooling Air 


turbine blades. The program is flexible enough to allow the 
study of many configurations with a minimum of effort and to 
allow for variable hot-gas temperatures, heat-transfer coefficients, 
blade geometry, and air properties. 

The analysis considers a small section of a typical strut- 
supported blade, although the results can be applied to most 
shell-supported blades as well. Neglecting radial conductivity 
and considering chordwise conductivity only within the section 
being analyzed, the distributions along a passage of blade tem- 
perature, coolant total temperature, static pressure, Mach num- 
ber, Reynolds number, heat-transfer coefficient, and friction 
factor are obtained. Cooling flow can be iterated to obtain a 
given pressure drop or blade-root metal temperature. Neces- 
sary inputs for the program are main-gas radial temperature 
distribution, root-cooling-air temperature, outside heat-transfer- 
coefficient distribution, cooling-passage geometry, root radius, 
wheel speed, fin conductivity, and cooling-air properties. 

The boundaries of zero heat flow are assumed to be as shown 
in Fig. 7, with the unshaded portion assumed to have infinite 
thermal conductivity. In addition, radial conductivity, radia- 
tion from the shell to the strut, and the difference between the 
adiabatic and total temperature of the cooling air are neglected. 
It is further assumed that the effect of radiation to the blade 
outside surface can be included in the hot-gas-side heat-transfer 
coefficient. The hot-gas-side heat-transfer coefficient is assumed 
constant in the direction perpendicular to the cooling passage, 
but not necessarily constant along the span of the cooling pass- 


age. 

The general equation for the temperature distribution in any 
one of the fins shown in Fig. 7, assuming no conduction in the 
radial direction (z-direction), no variation in thickness along the 
z-axis, and no variation in temperature along the y-axis is 


T = A cosh (mZ) + B sinh (mZ) + T, (1) 


where 


hy + 
( kt ) (2) 
+ nT? 


(3) 


qT, 


and Z designates distance along either the strut, fin, or shell, 
h, and he, are the heat-transfer coefficients along the surfaces 
exposed to either the hot gas or cooling air and assumed to be 
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Fig. 7 Element of bucket showing heat flows 
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constant within the element. 7 and 7; are the temperatures 
of either the hot gas or the cooling air, also assumed constant 
within the element. 

For the strut, which is cooled on one side and insulated on the 


other, equation (1) becomes 
= = Ay coh ( 1) + 
kt 1 hit 1 
(4) 


For the fin, which is cooled on both sides, 


2h, 2h, 
= Ag cosh 2 :) + By sinh (y wi 


And for the skin, cooled on one side and heated on the other, 


T, = Ts = ( + h, 
+h, 


+ Bs sinh 


kts 


:) + T, (5) 


+ h,T, 


(6) 


s) + 


The boundary conditions are assumed to be: 


1 At y = m, the heat flow out the end of the fin is zero. 

2 Aty = 0 and z = m:, the temperature of the strut equals 
that of the fin. 

3 Aty = Oandz = mz, the heat flow out of the fin equals the 
sum of heat flows into the bases of the strut. 

4 Atz = Oands = 0, the fin mpmeees equals the skin 
temperature. 

5 Atz = 0Oands = 0, the heat flow into the primary fin is 
the sum of the heat flows through the sections of the skin, 
@ and @, plus the heat transferred from the hot gas to the fin 


qs = heat energy added from the shell 
= hde (1. - 
Substitution of the foregoing quantities into equation (7) along 
with the metal temperatures given by equations (4), (5), and (6) 


yields the following for the cooling-air radial temperature 
gradient: 


aT’. wr 

£ 8 
124 JC, (8) 
where 


C= (144)(1800)W,C, — 1) + 22) 


( 
2 (6, + r+ ms — 


V hie/ kits 


kate V 2hi/kels Br 


~ 


Zs 
2hyt 
| kits Bohs th, 


T = 


through that portion of the skin which is assumed to have in- 
finite conductivity. 
6 Ats = ms, the heat flow is zero. 


With the six boundary conditions, the arbitrary constants, 
Aj, As, As, Bi, Be, Bs, can be obtained and the metal temperature 
is now known as a function of the cooling-air temperature 7’,. 
To determine 7, as a function of the blade height z, an energy 
balance for an element of height dz as shown in Fig. 7 is written 
as follows: 


Geo = + 2G2 + 2G3 — (7) 


where: 4q,; = entering cooling-air energy = W,C,T, 
Yeo = leaving cooling-air energy 
aT, 
= WC, (x. + = iz) 
W 


144g] 
q@ = heat energy added from strut 


q2 = heat energy added from the primary fin 
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qd» = pumping energy added = dx 


hi th, +h 
(2 kits 


4 (Bo + 622) + kote (582 + 


To determine the heat-transfer coefficient, it is necessary to 
define the film temperature. The film temperature is defined as 
Ts T, 


(9) 


T, = 


where the weighted average wall temperature 7’, is 


av + f | 


(10) 
Substituting equations (4), (5), and (6) along with the arbitrary 
constants A:, As, As, B,, Bs, Bs into equation (10) yields 
& 


11 
m, + ms + m (11) 


= + (T, T.) 


= + 1) + — 


JANUARY 1961 / 19 


-) 
2, = sinh (fm) 


14 / SANUARY 1961 


The cooling-air temperature can now be found by numerical 
integration of equation (8) with the aid of equation (11) and the 
various heat-transfer-coefficient relations. Once the cooling-air 
temperature distribution is known, then the blade temperatures 
can be determined using equations (4), (5), and (6) along with 
the arbitrary constants As, As, Bo, Bs. 

For the inside heat-transfer coefficient, the Prandtl number and 
the thermal conductivity are evaluated at the film temperature. 
The following equation, along with the Nusselt numbers for 
infinite rectangular ducts, is used to predict the heat-transfer 
coefficient in the coolant passages when the fiow is laminar: 


Nu, = [(Nu,)* + 1.56 Gz]'/* (12) 


xz = co-ordinate axis along passage length 
Nu, = Nusselt number for an infinite rectangular duct 


Gz = Graetz number “s RePr — 
12W, Dy T. 
A py, T,; 
cooling-air flow per passage 
local cross-sectional area of cooling passage 
local hydraulic diameter 
cooling-air viscosity evaluated at film temperature 
cooling-passage length 


met & 


My 
L 


Equation (12) is a generalization of the approximation to the 
Graetz solutions for circular tubes with constant wall tem- 
perature proposed by Martinelli [2]. 

For turbulent flow in the cooling passages, an approximation 
by Iverson [3] to Latzko’s solution for the local heat-transfer 


coefficient in a tube with uniform initial temperature and velocity 
profiles is used. The equations are: 


For < 


D,,\1144 
Nu = 0.0384 Re®.7 Pr (32) 


For X/Dy > Re'/* 
Nu = 0.0384 Re®-* Pr 


The transition region is assumed to exist for 2000 < Re < 8000. 
In this region an exponential curve of the type: 


Nu A 
In Re + BRe + (13) 


was fitted between the laminar and turbulent relations. The 
constants A, B, and C are determined from the boundary con- 
ditions. 

The pressure-drop calculations are based on the analysis pre- 
sented in [4]. This is a one-dimensional analysis considering 
friction, rotation, heat transfer, and area change. 

The radial-conduction effect has been shown by hand calcu- 
lations to be small and is restricted to a small portion of the 
blade in the root and tip regions. This, along with the fact 
that the inclusion of conductivity (radial) leads to lower tem- 
peratures, indicates this restriction is not serious. 

However, chordwise conduction could not be neglected as 
leading and trailing-edge temperatures some 100 to 150 deg F 
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Fig. 8 Turbine test stand schematic 
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higher would result. An analysis of the chordwise temperature 
distribution was made, including conduction, using an electrical- 
network analog. The 704 program supplied the cooling-air 
temperature and coolant-side heat-transfer coefficient at the 
particular section being considered. 

The blade-surface velocity and pressure distributions were 
obtained using the NACA compressible-stream filament theory 
(5). 

The outside heat-transfer coefficient was obtained using the 
following equation for turbulent flow over a flat plate [6]. 


Nu, = 0.0296 Re®* Pr'/s (14) 


Although cascade data indicate laminar fiow over a large 
portion of the suction surface, it was felt that the high free- 
stream turbulence, unsteady effects, and upstream wakes as- 
sociated with rotating machinery were such as to justify con- 
servatism. 

Air-Cooled Turbine Test Facility. At the inception of the 
program, it was decided to design and build a test facility in which 
to demonstrate the cooling effectiveness and mechanical relia- 
bility of the turbine. This action was taken rather than relying 
on engine testing for two reasons: (a) Ability to better control 
main-flow and cooling-flow parameters to determine the opti- 
mum cooling conditions and to ascertain cooling worthiness, 
and (b) the ability to instrument the turbine more completely to 
determine performance and cooling effectiveness. 

Fig. 8 is a schematic of the test facility. The power developed 
by the turbine is absorbed by a commercial eddy-current dyna- 
mometer. A reduction gear reduces the turbine speed by a ratio 
of 2.255:1. The main air supply passes through a filter, then 
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through a modified engine combustor, where the temperature is 
increased from 70 to 1000 F. The hot gas then enters the inlet 
scroll through two lines 180 deg apart, is turned 90 deg, flowing 
into the main combustion chamber; where the second tempera- 
ture rise from 1000 up to 2300 F is obtained. A standard 
ASME, long-radius flow nozzle is used to measure the main flow 
prior to entering the first combustor. 

The stator and rotor cooling air is supplied by two separate 
lines with independent flow and temperature controls. The 
cooling-air temperature rise is obtained in a direct-fired com- 
bustor. 

The lubrication system consists of scavenge pump, reservoir, 
cooler, temperature control, filters, and control devices, and 
can provide up to 2 gpm of high-temperature oil to each of the 
turbine bearings. 

The exhaust system consists of a water-spray cooling system, 
back-pressure control valve, and exhaust silencer. 

Fig. 9 shows the turbine prior to installation and Fig. 10 
shows the test vehicle installed in the cell. 

The turbine was instrumented to obtain inlet and exit total- 
temperature and pressure measurements, and, thus, obtain over- 
all performance. In addition, static pressure taps were located 
at the inner and outer diameters behind each blade row. 

The buckets were instrumented with rotating thermocouples 
to obtain strut temperatures. The instrumentation had to be 
designed so as not to interfere with the cooling-air flow. To 
accomplish this, slots were eloxed in the cooling-air passages 
0.010 in. deep and 0.090 in. wide starting below the platform and 
extending to the point where the temperature was required. 
Next, swaged magnesia, insulated, chromel-alumel thermocouple 
wire (0.040 in. OD) was rolled flat for the length of the slot, so 
that it was 0.087 in. wide and 0.010 in. thick. The edges of the 
flattened section were filed 1/s in. from the end and one lip 
turned up. The area around the thermocouple wires was 
cleaned of all magnesia powder and the wires welded together 
and to the inner surface of the outer sheath. A thin piece of 
nichrome strip was inserted between the flaps of the sheath and 
tack welded over the thermocouple junction. The thermo- 
couples were then placed in the slots and tack welded along the 
edges, and then the outside sheath was brazed to the strut. 

The instrumented buckets were placed in the wheel and 
thermocouples were spot welded at various locations on the face 
of the wheel, guide disk, and bucket platforms. All the wires 
were brought down the aft face of the wheel and securely covered 
with nichrome tape. A 26-ring slip-ring assembly was used for 
the rotating instrumentation. 


Fig. 10 Turbine installed in test facility 
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Stator-blade thermocouples were constructed in a manner 
similar to those of the buckets. 

Test Results. Testing to date has demonstrated the cooling 
effectiveness of the turbine. More testing is needed to establish 
the mechanical reliability of the design. 

The effect of rotor cooling air on performance has not yet been 
established. No measurable change in performance was noted 
with increase in stator cooling air from 0 to 2.6 per cent. It is, 
therefore, concluded that the mixing losses nullified what gain 
would be realized from the boundary-layer energization by the 
cooling air. 


T= Strut Temperature (°F ) 
(Toloyg “Average Turbine Inlet Temperature (°F ) 
© Designates Test Points 


10 
% Cooling Air 


Fig. 11 Blade strut temperature versus per cent cooling air 


Fig. 11 is a plot of bucket-strut temperature as a function of 
cooling-air flow. These data were obtained during low-tem- 
perature operation. As the cooling-air flow was increased from 
0 to 2.0 per cent, bucket root-temperature index (ratio of strut- 
metal temperature in deg F to corresponding turbine-inlet tem- 
perature in deg F) dropped from 0.80 to 0.57. The average 
cooling effectiveness for this particular test was 0.36, with 2.6 
per cent of cooling air. Cooling effectiveness is defined as 


T T save 


(15) 


where 


Toe = effective gas temperature 
Teavg = average blade temperature 
T.. = inlet coolant temperature 


The test root-strut temperature index is seen to be 16 per cent 
higher than predicted. 

Fig. 12 shows the bucket-strut radial-temperature distribution 
as obtained from high-temperature operation. The tip tem- 
perature is approximately 15 per cent hotter than the root 
temperature. Here again all temperatures are referenced to the 
average inlet total temperature. 

Fig. 13 shows a sketch of the bucket with the location of the 
rotating thermocouples. The temperature indexes are also 
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given. With 2 per cent cooling air, about 100 deg F less root 
cooling was obtained than predicted. 

The higher than predicted strut temperatures, obtained during 
the foregoing tests, are partially attributed to a seal failure; 
which allowed leakage of some cooling air. 


Conclusions 


From the testing to date, the following conclusions are made: 


1 The test facility has been debugged and developed suffi- 
ciently to allow high-temperature testing for mechanical relia- 
bility and cooling effectiveness. In addition, low-temperature 
aerothermodynamic testing can be done. 

2 To date, test results have shown no evidence of inadequate 
cooling with design cooling flows. 


T = Temperature (°F) 


(To)ayg * Average inlet Tota! 
Temperature 


5 @ Designates Test Points 


Bucket Relative Temperature 


Pitch 
Blade Height 
Fig. 12 Blade strut radial temperature distribution 
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Fig. 13 Bucket schematic showing thermocouple location 
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3 More endurance testing is needed to establish mechanical 
reliability. 

4 Rotating instrumentation yielded useful information on 
bucket-strut temperatures. 

5 There is no evidence of cooling-passage clogging. 

6 The design procedure is adequate and will be used again 
for future designs. 

7 Manufacturing and inspection techniques, developed during 
this program, make possible low-cost production of this type 
blading. 
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DISCUSSION 
Jack B. Esgar? 


Mr. Weatherwax has presented a very realistic approach to the 
problem of adapting turbine cooling concepts to practical hard- 
ware. He has shown the proper awareness of the problems in- 
volved relative to construction and aerodynamic effects, and from 
this has arrived at what appears to be a reasonable design. It 
is encouraging to see that the research conducted at NACA (now 
NASA) on turbine cooling is finding use by the turbine engine 
manufacturers. The background developed by NASA is clearly 
evident in the design presented in this paper. 

A few words might be said in defense of the fact that turbine 
cooling has not been utilized to a greater extent in operational 
jet engines. The jet engine performance shown in Fig. 1 of the 
paper is for flight conditions that present about the strongest case 
possible for higher turbine inlet temperatures. At lower flight 
speeds, particularly at subsonic speeds, increased turbine inlet 
temperatures result in increased specific fuel consumption. Since 
ehese were the flight speeds of interest to engine manufacturers 
for quite a number of years after World War II, there was no 
strong desire to build engines to withstand higher temperatures. 
The primary purpose of turbine cooling research at that time was 
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not to increase temperatures, but to provide a means of using less 
strategic materials in the hot parts of the turbine should the need 
arise to produce a greater number of jet engines than would be 
possible with the supply of critical materials then available. 
Since the material supply was found to be adequate, the need 
for turbine cooling did not arise. Now that aircraft are flying at 
high supersonic speeds, however, an advantage is being shown to 
increasing turbine inlet temperature. Turbine cooling provides 
a means of permitting these higher temperatures. The author 
very adequately shows the gains in performance that are possible 
through using turbine cooling to permit high temperatures 
for today’s engine requirements. 


C. B. Haughton, 


The author has presented a very interesting paper describing 
the theoretical and mechanical design considerations behind the 
development of a turbine test facility. For those of us associated 
with him in the testing phases of the work, it is good to know a 
little more about the reasons for the design of specific features of a 
test facility, and of the test vehicle itself. As with all types of 
designs which are to be proved by certain tests, some considera- 
tion must be given to the ability of the test facility and its instru- 
mentation to record the test data within the degree of accuracy 
and precision required by over-all examination of the turbine de- 
sign, by the changes expected to be made in it during the develop- 
ment phases, and by the relationship of the final turbine test data 
to the over-all design and test parameters of the whole aircraft 
gas turbine engine. 

Consequently, it would be very useful if the author would list 
the accuracies and precisions of data required by the test vehicle 
design for incorporation into the selection and handling of the 
test instrumentation. It would be appropriate, too, if a dis- 
tinction could be made among the design cases where absolute 
accuracies and relative accuracies are needed during the course of 
testing, especially where small changes in design need to be rec- 
ognized with certainty, or where the performance of the test 
vehicle needs to be known, for example, for the first, last, and only 
time, in comparison with a guarantee or with another vehicle 
designed by another philosophy. 

Finally, it would be appreciated if the author would list what 
he considers to be a fair comparison of the expected accuracies 
and precisions in the important test quantities, together with 
those which he feels were actually obtained during the testing. 
Such data would be extremely useful in measuring the effective- 
ness of turbine testing itself, as well as for providing criteria for 
showing how to improve future testing. 


Robert 0. Hickel: 


In general, I believe the paper discusses the subject fairly well 
within the bounds of required brevity. One area in which I 
would like to raise a few questions is that pertaining to the 
author’s statements about the loss in turbine performance associ- 
ated with increased cooling air flows. I would like to know the 
basis for the losses in turbine efficiency shown in Figs. 1 and 2; 
are these losses the theoretical losses due to heat pickup from the 
working fluid by cooling air and the aerodynamic losses due to 
the larger blade configuration and the mixing of the cooling air 
with the main gas stream? If these losses are in part aerody- 
namic, are Figs. 1 and 2 based upon actual experimental data 
or theory? 

Relative to the discussion of Fig. 3 there seem to be some in- 
consistencies in the author’s remarks. The author indicates that 
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if the number of turbine blades are reduced in a cooled turbine 
the cooling flow to each blade is increased, and that the increased 
cooling flow per blade results in higher Reynolds number which 
in turn results in higher internal film coefficients. The inference 
is, of course, that the fewer blades results in better cooling per- 
formance. In the following sentence the author states that in 
cooled blades “‘larger cooling passages are required; a fact which 
eases the manufacturing problem.’’ My point is that, if larger 
cooling air passages are used when fewer blades are employed, 
the cooling-air Reynolds number may not necessarily increase and 
thus higher internal film coefficients may not be realized. Also, 
it is not clear to me as to why larger cooling air passages are 
required in larger blades; if the same solidity is maintained with 
the larger blades it may be desirable to maintain a small coolant 
passage size and increase the total number of passages. 


Francis Stepka® 

For a single stage turbine, the effect of rotor cooling air effusing 
from the turbine blade tips and its entry into the gas stream may 
not reduce the turbine efficiency as the author expects. Results 
of experimental investigations at the NASA on the effect of rotor 
blade cooling air on turbine efficiency of turbojet engines indi- 
cated that the efficiency of single stage turbines is generally not 
reduced with coolant flow. There is some evidence that effi- 
ciency may increase with increases in coolant flow. 

Another investigation that may be of interest is one that deter- 
mined whether the turbine efficiency is affected when turbine 
blades of the same aerodynamic profiles are hollow rather than 
being closed at the tips (Gordon T. Smith and Robert O. Hickel, 
“Preliminary Investigation of Hollow-Bladed Turbines Having 
Closed and Open Blade Tips,’? NACA RM E55F27a). The 
results of this investigation, which was conducted with a pro- 
duction turbojet engine, indicated that the open tip blades did 
not reduce the turbine efficiency and may have been responsible 
for a small increase in efficiency over the turbine having closed 
tip blades. 

The results of these investigations, although not general 
enough to apply to any engine or turbine, nevertheless suggest 
that decrements in efficiencies of air cooled turbine as com- 
pared to uncooled turbines (except those associated with aero- 
dynamic losses resulting from rounder leading edges and 
thicker trailing edges) will probably be small. 

It would be of interest to know the method the author used in 
predicting the decrement in turbine efficiency presented in Figs. 
1 and 2. 


Author's Closure 


Mr. Esgar points out that some of the research work conducted 
by NASA on turbine cooling was utilized in the development 
program reported. This is an example of how industry can 
benefit by the work of NASA. In addition to the advantage of 
high supersonic aircraft, as discussed by Mr. Esgar, higher inlet 
temperatures, by turbine cooling, provide a means of improving 
performance of the turbo-prop and turbo-shaft engines. 

As indicated by Mr. Haughton in his discussion, the ability of 
the test facility and instrumentation to measure the important 
flow and cooling parameters within the desired degree of accuracy 
and precision is of prime importance. Cooling flows and main 
gas flow should be measured within an accuracy of +1/: per cent 
and with a precision of +'/, per cent, at high temperatures. 


NASA, Lewis Research Center, Cleveland, Ohio. 
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At low temperature, the accuracy and precision should be +'/, per 
cent and +!/s per cent to obtain efficiency to within +0.3 per 
cent. It is difficult to establish realistic values for gas tempera- 
ture, for this is the most difficult parameter to measure. Factors 
contributing to this difficulty are temperature distribution, time- 
wise drifting of temperature, difference in the measuring elements, 
recovery, radiation, ete. For high-temperature operation, an 
accuracy of +1 per cent deg F with a precision of +1/2 per cent 
deg F would be required. To obtain efficiency at low inlet tem- 
peratures, to within +0.3 per cent, then accuracy must be +!/2 
per cent deg F and a precision about +'/, percent deg F. If cool- 
ing effectiveness is to be established as a function of coolant and 
main gas properties, then blade metal temperatures to an ac- 
curacy of+*/, per cent deg F and a precision of +'/2 per cent 
deg F are needed. 

Absolute accuracies are more important to the testing of the 
finalized design which cumulates the development effort. During 
the development period consistency of measurements is needed 
to judge the effects of various design modifications, and thus 
relative accuracies are important. For example, if various 
cooling configurations are to be tested for cooling effectiveness, 
then obviously relative accuracies are more significant. However, 
the absolute level of blading temperatue is needed to such a de- 
gree to safeguard the test vehicle. 

During the testing reported the accuracies and precisions listed 
above were desired. It is felt that these were achieved for the 
flow measurements. However, the measurement of high-turbine- 
inlet temperature was accurate to only about +2.0 per cent deg F 
due primarily to an inlet temperature gradient of +10 per cent 
from average. It is felt that the accuracies and precisions listed 
above for the rotating bucket thermocouples were achieved. 
These measurements are particularly accurate if used to obtain 
temperature gradients, for most of the inaccuracies will be sub- 
tracted out. 

In reply to Mr. Hickel’s discussion, the data presented in Figs. 
1 and 2 are based partially on experimental data and partially 
on theory. The heat pickup losses are theoretical and the aero- 
dynamic losses were obtained from cascade data. 

Reducing the number of blades to be cooled with a given total 
amount of cooling air will allow an increase in the cooling pas- 
sage size to achieve the same cooling. This then eases the manu- 
facturing problem. However, as Mr. Hickel points out, if a 
small coolant passage is maintained with the larger blades, 
then increased cooling may be achieved with the same total 
coolant flow. I agree that, if larger air passages are used with 
fewer blades, the cooling-air Reynolds number may not neces- 
sarily increase. 

Mr. Stepka asks about the method used in predicting the dec- 
rement in turbine efficiency presented in Figs. 1 and 2. The 
aerodynamic losses associated with rounder leading edges and 
thicker trailing edges were based upon cascade data, As Mr. 
Stepka points out, there is some evidence that the efficiency of 
a single stage turbine is generally not reduced with coolant flow. 
However, the turbines in both engines represented by Figs. 1 
and 2 are multistage machines, and it was felt that some decre- 
ment in efficiency should be allowed for the heat pickup from the 
working fluid and the mixing of the coolant and main gas flows. 
As was determined later from testing of this single stage machine, 
no measurable change in performance was noted with increase 
in stator cooling air from 0 to 2.6 per cent, indicating that the 
stator mixing losses were nil. 

In conclusion, I wish to express my appreciation to Messrs. 
Esgar, Haughton, Hickel, and Stepka for discussing my paper. 
Their comments are both interesting and constructive. 
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A New Runaway Speed Limiter 


G. H. VOADEN 
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for Kaplan Turbines 


The object of the paper is to show that the maximum runaway speed of a Kaplan turbine 
can be reduced, from 2.5 to 3.0 times normal, inherently common for this type, to a 


maximum value of less than 1.85 thus substantially reducing the cost of the generator. 
This is accomplished by means of a dependable “Runaway Speed Limiter’’ recently 
developed. The paper sets forth the basic principles involved and the confirmation of 


these principles by laboratory and field tests. 


It discusses several ways of utilizing 


these principles and leads to the selection of the preferred type on the basis of relia- 
bility. It then gives examples of applications of the selected type of Runaway Speed 
Limiter to new Kaplan units and results of the field tests available to date. 


I. ADJUSTABLE BLADE Kaplan turbines the blades 
and gates are normally controlled through a cam to obtain maxi- 
mum efficiency and, in general, blade angle is more or less pro- 
portional to gate opening. Under these conditions the maximum 
runaway speed may be on the order of 1.85 to 2.25 times normal. 
The generator design to withstand this overspeed is not too 
difficult or expensive. However, it is a characteristic of these 
turbines that the runaway speed is thuch higher at low blade 
angles than at high angles and also it increases with gate opening. 
If, due to malfunctioning of the governor system or another 
accident of some kind, the combination of low blade angle at 
high gate opening occurs, i.e., an off-cam condition, and the unit 
is disconnected from the system, the maximum runaway speed 
can be on the order of 2.5 to 3.0 times normal. Provision for this 
condition, in most cases, adds greatly to the generator design 
problems and cost and in some extreme instances it has been 
found impractical to build the generator for the maximum off-cam 
runaway speed. 

Since it is the low blade angles that produce excessive overspeed 
an obvious way to reduce it is to design the blade mechanism 
so that these low blade angles are not used at all. This has been 
done in several instances, for example at McNary, where the 
minimum blade angle is 16 deg rather than the usual 6 deg. 
However, even at 16 deg the runaway speed is still high and this 
method has the further disadvantage of sacrificing one of the 
important advantages of Kaplan turbines—high low-load 
efficiency. Another obvious way to reduce the runaway speed 
is to get the blades to their maximum pitch quickly as soon as 
there is any indication that the unit is out of control. This 
method not only permits retaining the performance advantages 
accompanying the low blade angles but also results in a much 
lower maximum runaway speed; namely, the value pertaining 
to the maximum angle. The problem is to accomplish this by a 
completely reliable method. Solenoids, switches, or any ‘“‘gad- 
gets’’ which can be easily disconnected or accidentally taken 
out of service will not do; nor will a system requiring fluid 
pressure, since the loss of the fluid pressure may have been the 
very cause of the runaway speed having occurred originally. 
A practical solution to this problem has been developed. 


1 Patented in the United States and foreign countries. 

Contributed by the Prime Movers Subcommittee of the Hydraulic 
Division and presented at the Annual Meeting, Atlantic City, 
N.J., November 29-December 4, 1959, of Toe AMERICAN SOCIETY OF 
MECHANICAL ENGINEERS. 

Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, July 
23, 1959. Paper No. 59—A-103. 
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First, the blade pivots or axes are so located with respect 
to the blade area that when a moderate overspeed of say 40 per 
cent occurs the blades will go open by themselves if freed from the 
normal control mechanism. Also, dependable means are pro- 
vided for freeing the blades from the normal control mechanism 
when a predetermined overspeed is reached. The means con- 
sist of multiple centrifugally operated valves mounted in the 
blade servomotors, where they are directly responsive to the rpm 
of the unit. 

These valves open automatically at a preset factory tested 
overspeed of the unit. Thus whenever the speed is above the 
predetermined value, several bypasses for the oil around the 
blade servomotor piston are provided. With these valves open, 
the blades, due to their designed unbalance, can and do pull 
the piston through the oil, which just passes from one side 
of the piston to the other. As a result of this combination of 
blade unbalance and bypass valves, whenever the preset 
overspeed occurs the blades move to their maximum pitch. 
In this position, regardless of gate opening, the runaway speed 
is relatively low—well within overspeeds for which “water wheel 
generators’’ are normally designed. 

The basic principles involved were first checked by laboratory 
model tests, then by several field tests using manually operated 
bypass valves. Then automatic valves were developed and 
applied to units where the generators were designed for the full 
maximum runaway speed. Tests of these units in the field 
proved the reliability and effectiveness of the Runaway Speed 
Limiters in positively preventing excessive overspeeds. Now the 
Runaway Speed Limiter is being installed on units where full 
advantage of the lower generator costs has been realized. 


Example of Complete Runaway Speed Data 


It is known that the runaway speed of a Kaplan turbine 
decreases with increase in blade angle.2. However, since this 
principle is basic to the purpose of this paper, the following 
example is given. 

Fig. 1 shows typical runaway speed values at 1 ft head for a 
12-in-diameter model Kaplan runner as determined by laboratory 
tests. It will be seen that, for a given runner design at a given 
head, runaway speed varies with the cavitation characteristic, 
sigma, with blade angle, and with gate opening. (To avoid 
confusion the variation with gate opening is shown for minimum 
and maximum blade angles only.) Fig. 1 has been used as a 
basis for determining the runaway speeds shown in Figs. 2(a) 


2G. H. Voaden, ‘‘Runaway Speed of Kaplan Turbines,”’ Trans. 
ASME, vol. 74, 1952, pp. 989-1004. 
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CAVITATION CHARACTERISTIC - SIGMA (0) 
Fig. 1 Typical runaway speed-sigma data for 12-in-diam model runner 
at 1 ft head 


and 2(b) which would apply to a homologous turbine with a 
runner 280-in. diameter operating at a normal speed of 90 rpm 
over a head range of 75 to 98 ft. 

In Fig. 2(a) the runaway speed is plotted against blade angle 
for both the maximum off-cam and the normal or on-cam con- 
ditions for 75, 92, and 98 ft heads with the corresponding plant 
sigma values. Points of note are: 

i The maximum off-cam runaway of 235 rpm (2.61 X normal) 
occurs at 98 ft head and 9 deg blade angle. 

2 The maximum on-cam runaway speed is 166 rpm (1.85 
normal). 

3 If the blade angle was limited to a minimum of 16 deg, the 
maximum off-cam runaway would still be high—223 rpm (2.48 X 
normal). 

4 The maximum runaway speed at 32 deg BA is 150 rpm (1.67 
X normal). 

5 The varied shapes of the off-cam runaway-speed curves at 
different heads are due to turbine characteristics and the effects 
of different sigma values. Note that the maximum runaway 
speed at 32 deg is higher at 92 ft than at 98 ft head. 

In Fig. 2(b) the runaway speed at 98 ft head only is plotted 


against gate opening for blade angles from 6 to 32 deg, for 
both on and off-cam conditions. A special point of note here is 
that the runaway speed at 32 deg under this condition is less 
at 100 per cent gate than it is at 80 per cent. As will be noted 
from Fig. 1 this would not be true at all sigma values. 

From a careful study of Figs. 1 and 2 it will be realized how 
important it is that the manufacturer be given the tailwater 
elevations in relation to head for any proposed installation. 
These data are essential not only for the obvious purpose of 
determining the elevation at which the turbine should be set for 
considerations of cavitation but because of their effect on runaway 


speed. 


It is now evident that if the blades would go automatically 
to maximum pitch, on a signal that the normal speed control 
system is malfunctioning, the maximum steady-state runaway 
speed which could occur in the foregoing example would be 150 
rpm—only 67 per cent above normal. Furthermore, if the blades 
would move fast enough the transient overspeed would not be 
appreciably higher. 

It is known that, in general, the net hydraulic unbalance of 
Kaplan runner blades is such that as the speed increases above 
normal they have an increasing tendency to go open.? However, 
for the purpose of this paper it is necessary to be more specific. 

To determine the net unbalance of the blades for a given pivot 
position, laboratory tests are performed on a homologous model 
runner. Blade operating mechanism and hydraulic operating 
cylinder similar to those on the prototype are provided. 

Fig. 3(a) shows the results of model blade balance data stepped 
up for the previous prototype example for the full range of 
blade angles at a constant head of 98 ft and constant gate opening 
of 87.5 percent. Note that at this gate the blades are unbalanced 
to go open at all blade angles and speeds above normal. For 
the purpose of the Runaway Speed Limiter it is only necessary that 
the blades have this tendency when the speed has reached a 
higher value. This higher value may be above the maximum 
speed rise due to full-load rejection with the normal controls 
properly functioning. Therefore let us examine the blade- 
balance condition at a speed of 40 per cent above normal. 
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Fig. 2. Example of runaway speed data for 280-in-diam runner having normal speed of 90 rpm, based 


on Fig. 1 
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Blade Balance 


Fig. 3(b) shows the blade unbalance for all gate openings 
and blade angles for a speed of 126 rpm (40 per cent above normal) 
at 98 ft head. From a study of this figure supplemented by 
Fig. 2(b), it will be seen that the blades tend to open for all 
combinations of gate opening and blade angle which would 
produce a turbine speed above 137 rpm (1.52 X normal). .This 
opening tendency must be sufficient to overcome the friction of 
the mechanism, which is calculated for the loads involved 
using conservatively safe friction coefficients based on previous 
field data. From similar sets of curves it has been determined 
that this is also the case under all other possible combinations of 
head and sigma values applicable to this installation. 

For the conditions of some other installation it might be 
necessary to relocate the position of the blade pivot with respect 
to the blade area in order to produce optimum unbalance. Model 
blades identical except for pivot location have already been 
tested so that the optimum blade pivot position can be selected 
readily to suit the conditions of any particular installation. 
By optimum position is meant a pivot location providing suffi- 
cient unbalance in the opening direction but not much more since 
that would add unnecessarily to the servomotor size required 
to reduce blade angle under normal conditions. Shifting the 
blade pivot location within the limits necessary to obtain opti- 
mum blade balance does not affect the turbine output or 
efficiency. 


Checking Basic Principles in the Field 


One of the uncertainties, for some time after the Runaway 
Speed Limiter was conceived, was whether or not the blades would 
open fast enough to prevent an excessive transient value of over- 
speed at some intermediate blade angle. Affecting the answer to 
this question were such points as the WR? in the unit, the fric- 
tion of the blade mechanism, the balance of the blades at speeds 
higher than those previously tested in the laboratory, and the 
size of the bypass around the servomotor piston. It was de- 
cided that the answer to the question could be determined to 
better advantage on existing field installations than by laboratory 
simulation of an entire hydroelectric unit. 

Accordingly the co-operation of the owners of certain units 
was secured, the necessary additions to the equipment were 
made, and the instrumentation purchased. 

Alterations to the units consisted only of installing a temporary 
bypass pipe containing a manual quick-opening valve between 
the two oil pipes leading from the blade control valve to the oil 
head, as illustrated in Fig. 4. 

The instrumentation consisted of five Esterline Angus strip- 
chart recorders, two for pressures on the blade servomotor, two 
to indicate gate and blade positions, and one for turbine speed. 
The chart motors of the five instruments were wired to a common 
start-stop switch. 

Several preliminary runs were made in each case, carefully 
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Fig. 4 Manually 
Speed Limiter 


checking model blade balance data at normal and moderate 
overspeeds and calculations of unbalance at still higher speeds up 
to approximately twice normal. It was confirmed that the blades 
actually did have the desired unbalance at overspeeds and that 
they actually did move in the opening direction when released 
by opening the bypass valve. 

At the conclusion of these “data gathering” tests several 
runs were made in each case simulating the most severe actual 
conditions under which the Runaway Speed Limiter would be 
called upon to function, the only difference being that the by- 
pass valve was manually operated. The procedure for these 
test runs was essentially as follows: 


1 With unit on the line operating normally the gates were 
placed on auxiliary manual control so that the governor had no 
control. 

2 The gates and blades were placed by manual control at 
their initially desired off-cam positions and the instrument charts 
were started. 

3 The main breaker was opened allowing runaway speed to 
occur. (The gate opening remained fixed.) 

4 The bypass valve was manually opened on signal at a 
prearranged overspeed, which was varied on occasion from 
0 to approximately 30 per cent, thus freeing the blades from all 
control. 

5 The resulting changes in blade angle and speed were ob- 
served on the charts and as soon as the maximum transient and 
final steady-state speeds were recorded the run was complete. 

6 The charts were then stopped and the unit returned to nor- 
mal operation in preparation for the next run. 

In this paper the units in five different stations will be discussed 
in respect to runaway speed. Table 1 gives pertinent data on 
each. e 

Fig. 5 shows, for two different units, the maximum overspeed 
attained after the bypass had been opened, plotted against 
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Fig. 5 Maximum overspeed permitted (per cent above normal), starting 
with blades in “worst” off-cam position. Manually operated bypass 
valve used on these tests. 


gate servomotor stroke. The maximum overspeed attained was 
1.59 X normal in Station 1 and 1.66 X normal in Station 2, 
this difference being due mainly to differences in runner design 
and plant sigma. 

Fig. 6 is a reproduction of corresponding sections of the five 
charts for one of the test runs for Station 2. It was found, as 
shown by this example, that the blades did go open fast enough, 
that the size of the bypass selected was adequate and that there 
was no excessive transient overspeed. 

It was also found from the tests that delaying the opening of 
the bypass until the speed had risen approximately 30 per cent 
above normal resulted in no increase in maximum overspeed as 
compared with opening it immediately after opening the circuit 
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breaker; i.e., before the speed had started to rise. In fact, with 
some combinations of blades and gates after the bypass was 
opened the blades did not start to open until the speed had risen 
to as much as 35 per cent above normal because the unbalance in 
the opening direction was not present at such low overspeeds. 


Ways of Utilizing the Principles 


It was evident that to make an effective Runaway Speed Limiter 
all that was required was a dependable means of automatically 
freeing the blades as soon as it became obvious that the normal 
control mechanism was not functioning properly, as evidenced by 
the speed going above the normal maximum speed rise calculated 
for full load rejection. In this event there is not only the speed 
to use as an indicator but high pressure on the under side of the 
blade servomotor produced by the unbalance of the blades. 
Therefore a device responsive either to speed or pressure which 
would open a bypass around the blade servomotor piston at any 
point between the blade control valve and the piston would be 
suitable, Fig. 7. Use of a speed or pressure switch to actuate a 
solenoid operated bypass valve is an obvious first thought; how- 
ever, this would not be fully reliable in operation and it could 
even be disconnected. Similar objections could be made to a 
great many schemes which might come to mind. 

The most direct effect of an increase in rotational speed is an 
increase in centrifugal force and the most direct place to pick 
up this effect is in one of the essential rotating parts of the 
shaft itself. Furthermore, since the oil is to be bypassed from 
one side of the piston to the other, the most direct place to do it 
is at the blade servomotor itself. Thus centrifugally operated 
valves in the piston, as shown in Fig. 7, would seem to be the an- 
swer. However, an objection to this arrangement could be made 
on the basis of inaccessibility. This objection is overcome 
without sacrificing any degree of directness by locating the by- 
passes in the servomotor wall as shown in Fig. 8. 

The design shown in Fig. 8 has been adopted as a dependable 
Runaway Speed Limiter and has been furnished on the units in 
two different plants. The same type of limiter with special added 
features to be described later is presently being manufactured for 
the units in a third plant. 


Applications of Runaway Speed Limiter 


For easy reference the three stations in which the units are 
equipped with automatic Runaway Speed Limiters are designated 
as Stations 3, 4, and 5. The pertinent data are shown in Table 

Units of Station 3 are not yet in service. Two units of Station 
4 have been in service since July, 1958, and the Runaway Speed 
Limiters of both units were field tested at that time under a gross 
head of 76 ft and plant sigma of 0.51. The procedure for the 
test runs was essentially the same as previously described for 
Stations 1 and 2 except, of course, that the bypasses opened 
automatically when the preset speed occurred instead of being 
opened manually. 

Fig. 9 shows the blade-angle and speed charts resulting from 
opening the main circuit breaker when the unit was carrying about 
50 per cent of rated load, with governor flyballs disconnected. 
The gates were fixed at 50 per cent stroke and the blades were in 
the on-cam position of 12.5 deg at the time the breaker was 
tripped. It will be noted that the blades opened at a speed of 
184 rpm, that they opened from 13 to 23 deg in approximately 
2 sec and then more slowly to about 25 deg, that the maximum 


Fig. 6 Example of complete recorder charts for one run of field test at 
Station 2 having manually operated bypass 
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Fig. 7 Schematic arrangement of typical blade operating mechanism 
with Runaway Speed Limiter shown in blade servomotor piston 


Fig. 8 Runaway Speed Limiter on blade servomotor 
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Table 1 Data periaining to the units in five stations referred to in the 
paper by number 

Station no 1 2 
Runner diam 127 280 152 


3 4 5 
180 280 
6 


14-32 


_ No. of runner blades... . 5 6 5 6 


Blade angle range, deg.. 6-32 16-32 6-32 6-32 
Head range, ft 20-51 62-92 49-89 
Normal speed, rpm 85.7 150 
Limiters furnished Yes 

Max cale rpm off-cam (2) 447 

Max cale rpm on-cam (2) 310 

Max rpm generator des. . 380 

No. Limiter bypass 


Total area bypass, sq in. 8 
Blade servo vol, cuin... . 35, "300 11,000 17, 300 57, 000 
85 
0.51 


Sigma during test. . 
217 157 


Max speed with Limiters 238 i es 
(1) Manual and temporary. 
(2) Without Runaway Speed Limiters. 


: 


= ==: 


F 


Fig.9 Example of speed and blade adie charts for one run of field tests 
at Station 4 having automatic Runaway Speed Limiter 


transient turbine speed reached was 193 rpm (1.50 X normal), 
and the final steady-state speed 185 rpm. The blades stopped 
opening when they reached a position where the forces tending 
to increase their pitch were balanced by friction and the turbine 
speed at which this occurred was 185 rpm. This condition 
checks with the corresponding model test data. The maximum 
runaway speed at 76 ft head for similar conditions is 205 rpm 
(1.60 normal). 

Each Runaway Speed Limiter bypass valve for these units 
had been shop tested on a spin table with inlet oil pressures 
varied over a considerable range. Fig. 10 shows the shop test 
arrangement. Each valve was preset to open at a speed of 
180 rpm (1.40 < normal) and it was found that this could be 
accomplished within + 2 per cent regardless of the inlet pressure 
After each valve was finally adjusted, the rpm at which it 
opened was checked 30 times during the shop tests. Fig. 11 
shows the range of tripping speeds determined in the shop and 
also six individual trip speeds in the field. It will be noted that 
the trips in the field occurred at turbine speeds of 183 to 186 rpm. 
This small variation has no significance in so far as the purpose 
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of the Limiter is concerned as it would serve its purpose if set to 
trip ai 1.5 to 1.6 times normal. 

A runaway speed could be caused by a loss of governor oil 
pressure. The Runaway Speed Limiter would function regardless 
of this circumstance and hold the speed at or below that per- 
taining to maximum blade angle until the water flowing through 
the turbine was shut off by the head gates or penstock valve. 
However, there are many other possible causes of runaway speed. 
If the cause is one of these ‘“‘others,’”’ then it would be very con- 
venient to have enough oil pressure left in the tank to shut off 
the water flowing through the turbine by closing the wicket 
gates under manual control, if they are still operable. Although 
not essential to the dependable operation of the Runaway Speed 
Limiter, provision has been made in connection therewith which, 
if there were any oil pressure left to be conserved, would do so. 

This provision consists of a “blade tilt solenoid’? mechanism 


mounted in the governor cabinet and a speed switch in the PMG. 


The solenoid is energized at normal speeds and up to about 35 
per cent above normal through the normally closed overspeed 
switch. When the speed, on runaway, reaches 1.35 times normal 
the switch opens, de-energizes the solenoid, thus positioning 
the blade control valve to fully open the blades by oil pressure 
from the tank, assuming sufficient quantity and pressure are 
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Fig. 10 Shop test arrangement for automatic Runaway Speed Limiter bypass valves 


available. By this mechanism the blade control valve is also 
recentered through its restoring mechanism as soon as the blades 
reach maximum opening, thus preventing further escape of oil 
through this valve to the sump tank. 

It will be obvious that this device would by itself function to 
prevent excessive overspeed (if there were oil pressure and if 
it were connected and functioning properly). However, it is 
not considered sufficiently safe to depend upon having oil pressure 
or upon the device always being operative. At Station 4 the 
device was intentionally taken out of service to run the tests on 
the Runaway Speed Limiter. When it works, it is a convenient 
provision; however, it or any similar device cannot be considered 
100 per cent reliable. 

Another “precaution’’ in connection with the Runaway Speed 
Limiters at Station 4 was to set the blade control valve for a 
closing time of about 90 sec. Thus, when the Limiter bypasses 
open and the opening blade movement through the restoring 
mechanism moves the control valve in position to admit pressure 
oil from the tank to the closing end of the blade servomotor, 
the flow of oil is restricted by the small opening of the control 
valve. This minimizes the quantity which must be bypassed 
around the piston while the blades are moving open freely after 
their release. The fairly long blade closing time does not ad- 
versely affect normal turbine regulation. 


Limiters for Station 5 


Fig. 12 is a sectional drawing of the bypass valves for Station 
5; Fig. 13 shows the parts disassembled, and Fig. 14 is a shop 
view simulating insertion of a bypass valve in the blade servo- 
motor. The operation of the valves, of which there are six per 
unit, is as follows: 

Fig. 12 shows the valve in closed position as it would be with 
the turbine stopped. Plunger A is held in the position shown 
by compression spring B. As the turbine is started and picks 
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up speed, plunger A moves outward until the centrifugal force is 
balanced by the compression force of the spring which is shop- 
adjusted for the speed desired by rotating spring guide C and 
then locked by screw D. 

The setting is such that at all speeds up to the trip speed the 
plunger covers the outlet ports K, but as soon as the preset 
speed is reached the end of the plunger slightly uncovers the 
outlet ports and then the plunger moves full open rapidly with a 
“snap action” due to unbalanced hydraulic forces being added to 
the centrifugal force. 

The snap action, which completely uncovers the ports, is 
accomplished by release of the pressure back of the plunger. 
At the stroke where the outlet ports K are slightly uncovered 


the inside of the plunger is connected through holes F, cireum- . 


ferential groove E and relief ports J to the low pressure side of 
the servomotor piston. At the same time hole G is effectively 
blocked by the enlarged portion of the dashpot rod H. This 
means that as soon as the main ports are slightly open the net 
hydraulic foree outward is added instantly to the centrifugal 
force in the same direction and the quick opening, or snap action, 
results. 
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Fig. 13 Disassembled parts of automatic bypass valves for Station 5 


When the bypass has opened, in response to the predeter- 
mined. turbine speed, the blades are free of normal control 
mechanism and move in the opening direction until they reach 
either a position of equilibrium at a turbine runaway speed less 
than the maximum or their full open position. When the blades 
have opened sufficiently the turbine speed reduces and the cen- 
trifugal force on the plunger is reduced. It will remain open un- 
til the sum of the net hydraulic force and the centrifugal force 
is less than the spring force tending to close it. 

In the case of the Runaway Speed Limiters in Station 4, although 
their over-all effectiveness was evident from the results, there 
was no way of checking positively that all three bypasses 
opened during the field test runs. According to design caleu- 
lations possibly one and certainly two bypass valves would 
have been adequate so the results do not necessarily prove that 
all three opened. 

On the bypass valves for Station 5 indicators have been pro- 
vided so that this may be checked readily. Referring again to 
Fig. 12, when plunger A opens, indicator T will be moved outward 
to a position indicating “open” and will be held there by ball 
indent U until manually reset. Thereby, when desired for 
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Fig. 14 Shop view simulating insertion of bypass valve in blade servo- 
motor ° 
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Fig. 15 Relation between total bypass area and servomotor volume at 
the five stations 


test purposes, it will be possible, after stopping the unit and 
removing cover plate L and indicator cover V, to check whether 
each bypass opened when the predetermined turbine speed 
had been reached. 

Another improvement on the Station 5 valves is the provision 
made for removal and replacement of each bypass valve, if this 
ever becomes necessary, without draining the oil from the system. 
Again using Fig. 12 for reference, the procedure is as follows: 
After removing cover plate L, screws M are loosened and valve 
sleeve N is jacked out until end cap P contacts housing at Q, 
thus sealing off the entrance port. Then, after removing screws 
R, it is possible to withdraw the inner valve assembly consisting 
of plunger sleeve S, spring guide C, spring B, and plunger A. 
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There is no “history” to indicate that it will ever be necessary 
to remove or replace one of these valves. However, a spare 
assembly can be kept on hand and if the need for inspection or 
replacement ever arises the execution will be simple. 


Hydraulic Design Considerations 


The time required for the turbine speed to change from one 
value to another under any given conditions can be calculated.* 
Having determined the “‘times’’ for a large number of possible 
conditions of head, initial, and final blade-gate relationships 
for a unit having a given WR? the minimum time is selected 
corresponding to the desired maximum speed. In this time the 
blades must move from minimum to maximum angle or to at 
least an angle producing a turbine speed less than the maximum 
to be permitted. To accomplish this the volume of oil in the 
blade servomotor must pass through the bypass valves within a 
certain time thus determining the total port area required if the 
pressures on the valve and the coefficient of discharge are known. 
The pressure can be computed from the known hydraulic un- 
balance of the blades and data were available from which a 
preliminary estimate of the losses could be made. Final data 
were obtained from shop tests. 

It is obvious that there are a great many variables involved 
for a given installation and that some reasonable simplifying 
assumptions must be made. Therefore the total area of bypass 
valves provided in Stations 3, 4, and 5 have been approximately 
double the required calculated values. This safety has been 
provided by increasing the number of valves rather than by 
making them larger. 

Fig. 15 shows the relation between total bypass area and 
blade-servomotor volume as provided on the three automatic 
applications to date. Also shown, for comparison, is a base 
line through the corresponding points for the two manually 
operated applications. There is nothing “scientific” about this 
illustration; it is just a record of the areas provided in five 
different instances of which three have been tested and found 
adequate for the conditions applying. It is still necessary to 
obtain the basic data from tests on models and work through 
rather extensive calculations to determine the area required 
for the particular conditions of a given installation. 


Conclusions 
It is submitted that this “new Runaway Speed Limiter’”’— 
. 


1 Is based on sound and proven basic principles, that its 
development and application to field installations have been 
carried out with caution appropriate to its important function, 
that its automatic functioning is now assured both by shop and 
field tests. 

2 Is dependable, yet low in cost relative to the savings it 
makes possible in the generator. 

3 Will prevent undue “wear and tear’ on the unit by pre- 
venting excessive overspeeds regardless of the degree of overspeed 
for which the generator is designed. 


Therefore its application is recommended for all new Kaplan 
units. 


3 G. R. Rich, “Hydraulic Transients,’’ Engineering Societies 
Monograph, United Engineering Trustees Inc., McGraw-Hill Book 
Company, Inc., New York, N.Y. 
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DISCUSSION 
C. L. Avery* 


This paper appears to us to be a sound and explicit discussion of 
means for limiting overspeeds of adjustable-blade turbines of 
great practicable and commerical value. 

However, we feel that the author is too casual in dismissing the 
substitution of a properly installed blade-tilt solenoid instead of 
the limiter valves to bring the runner blades to high-blade angle 
in order to reduce overspeeds. Considerable initial cost can be 
saved by the elimination of the limiter valves if this can be done 
without sacrificing safety. 

He appears to consider the blade-tilt solenoid as unreliable 
because 


1 Oil pressure may fail. 
2 It may be disconnected. 
3 It may not function properly. 


With regard to these objections, we submit this discussion with 
the accompanying simplified schematic diagram of the modifica- 
tions to a standard blade control mechanism adapting the blade- 
tilt solenoid for this purpose. 


1 Any pilot-operated blade-distributing valve can be ar- 
ranged so that, on loss of control pressure, the valve will auto- 
matically move to the blade opening position so that the runner 
blades may move to the full pitch position. For the configura- 


4 Engineer, Woodward Governor Company, Rockford, Il. Mem. 
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tion of valve shown in Fig. 16, under this condition the weight of 
the valve will cause it to so move. To permit blade movement, 
in the case of premature closure of the pressure tank float valve, 
the “‘pressure-to-open’’ blade-servomotor pipe is connected to the 
sump through a normally closed check valve. Thus the device 
‘fails safe’’ on loss of pressure. 

2 Since the device functions on de-energization of the sole- 
noid, disconnecting it will automatically place the blades at high 
pitch and the unit will operate as a fixed-blade unit with safety. 
To prevent unauthorized personnel from tampering, the entire 
solenoid device can be in a locked enclosure. 

3 As can be seen, the device operates on the blade dis- 
tributing valve through manipulation of its pilot valve which is 
supplied with filtered oil. These valves are active during normal 
operation. Any tendency of these valves to stick will require 
maintenance long before the sticking is sufficient to cause im- 
proper functioning of the blade-tilt device. Periodically, its 
operation can be checked readily by de-energizing the solenoid or 
by increasing the speed of the turbine to the ten per cent speed 
value. 

4 On the other hand, the limiter valves are located at the 
bottom of the blade governing system where sediment and sludge 
are likely to collect. The clearances of a sleeve valve operating 
for long periods in one position will filter out sediment and heavy, 
waxy fractions of the governing oil. This may cause sticking and 
improper functioning of the limiter valves. Under some condi- 
tions and with some oils, the deposits are in the form of a hard 
varnish which can be removed from the valve parts only by dis- 
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Schematic diagram of runner blade control devices 
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assembling the valve and cleaning them. Therefore the opera- 
tion of the limiter valves should be checked periodically and this 
will require operation of the unit at speeds above the normal 
valve-opening speed (1.40 X normal or higher, for instance). 

5 The blade-tilt device has the additional advantage that it 
can be arranged to operate due to any one of several combinations 
of conditions, other than overspeed, which may cause or indicate 
incipient overspeeding, thus providing several ‘‘back-up’”’ signals. 
The probability of these failing at one time becomes very un- 
likely. 

6 The schematic diagram shows an arrangement progres- 
sively responsive to the following conditions, any one of which will 
de-energize the solenoid and cause the blades to move to high 
pitch: 


(A) Gates open above speed-no-load gate opening plus ten 
per cent gate and 


(i) Unit power breaker open (this is the normal primary 
actuating signal). 

(ii) Increase above normal of differential pressure between the 
servomotor pipes (lock-out) automatically compensated for head 
if necessary. 

(iii) PMG speed 50 per cent below normal (indicating failure 
of the PMG drive). 


(B) 
(C) 
(D) 
(E) 
(F) 


Ten per cent overspeed. 
Emergency-shutdown overspeed. 
Low oil pressure. 

Control on auxiliary valve (optional). 
Loss of oil pressure. 

(G) Failure of blade restoring cable. 

(H) Failure of current supply to solenoid. 
(I) Solenoid failure. 


(The percentages shown are intended to be illustrative rather 
than specific recommendations. ) 

Considering only the four signals (A-i), (A-ii), (B), (C), and 
that the probability of any one signal failing were once in 25 
times, the probability of all four failing simultaneously would be 
once in 39,000 times. 

In view of the relative reliability, ease of checking the relia- 
bility, and of accessibility of the components for maintenance we 
suggest that the limiter valves become expensive back-up 
devices of comparatively doubtful reliability. 


J. P. Duport® 


This discusser would like to point out that, in his discussion of 
the blade opening tendencies, Mr. Voaden does not mention the 
tendency produced by centrifugal forces on the blade. 

For all blade positions between the fully closed and maximum 
normal opening on a Kaplan turbine, centrifugal forces produce a 
closing torque which increases with blade opening. For a given 
angular position of the blades, this torque is obviously propor- 
tional to the square of the rotational speed. 

In actual fact, the blades are acted upon by three different 
types of force, or, more exactly, three types of torque about the 
blade pivot axis. These are: 


(a) The hydraulic tendency. As Mr. Voaden assumes, thanks 
to a suitable blade pivot position, this is an opening tendency 
which increases with rotational speed. 

(b) The torque due to centrifugal forces, referred to above. 
This is a closing tendency which increases with the square of the 
rotational speed. 

(c) The frictional torque, a major proportion of which is due 
to the centrifugal forces acting on the blade, and which therefore 


5 Head of the Hydraulic Machine Department at Sogreah, Grenoble, 
France. 
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Torques acting 


about blade pivot 


Rotational speed 
Fig. 17 


increases rapidly with rotational speed. This torque can be 
assumed as roughly proportional to the square of the rotational 
speed. 

The residual opening tendency is thus equal to the hydraulic 
torque M,, less the centrifugal torque M, and the frictional 
torque M,. 

Fig. 17 shows the trend of the variation of each of these torques 
in terms of rotational speed. 

Although the opening tendency increases with speed, the hy- 
draulic tendency at all speed values should increase at least as 
the square of the rotational speed, which, however, is certainly 
not the case. The opening tendency may therefore be expected 
to reach a maximum at a certain overspeed, and then to fall off. 

Consequently, if for some reason—e.g., abnormally high fric- 
tion—the speed resulting in the maximum hydraulic tendency is 
reached, the machine will continue toward the full runaway con- 
dition and, contrarily to Mr. Voaden’s assumption, the increase 
in speed cannot then be expected to assist the blade opening. 


Henri Giraud’ 

This discusser considers that the application of Mr. Voaden’s 
method only partly solves the problems associated with the pro- 
tection of Kaplan units against runaway conditions. 

Although this method does probably offer a means of reducing 
the maximum runaway speed, and hence the stresses acting on 
the alternator rotor due to centrifugal forces, its disadvantage is 
that it systematically results in the machine reaching a runaway 
condition with the blades at their maximum opening. 

Both scale model and industrial tests show that, although a 
runaway condition with a wide open blade setting results in a 
lower runaway speed than at medium blade openings, it also 
causes cavitation in a very advanced stage of development ac- 
companied by violent hydraulic instability and considerable 


6 Research Engineer, Hydraulic Machine Department at Sogreah 
Grenoble, France. 
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vibrations on the prototype machines. Even for particularly 
rugged machines, it seems advisable to only hold such a runaway 
condition with open bladings for as short a time as possible; it 
should also be noted in this connection that not only the turbine 
itself is affected by vibrations, but also its shaft, and hence the 
alternator. 

The author indicated on page 25 that the runaway condition at 
high flows can be stopped by closing the head gates. In the case 
of large Kaplan turbines with semispiral casings, where the head 
gates are usually positioned only a short way upstream of the 
machine, this procedure does not appear to be practicable under 
satisfactory safety conditions. Closing the gate at runaway con- 
ditions produces a state of turbulent flow with considerable 
eddies, subjecting the machine to very considerable instability 
and vibrations. This particular problem is discussed in a paper 
presented by Messrs. Cl. Le Menestrel and J. P. Duport to the 
“Véemes Journées Hydrauliques de la Société Hydrotechnique de 
France’ (Communication no. 3, question IIc). According to these 
authors, the duration of the runaway condition should not be 
limited by the means of upstream gates, but by downstream gates, 
for which method they give a certain number of examples. * 


Clyde W. Hubbard’ and Bernard Eyden* 


This interesting paper on a new runaway speed limiting device 
for Kaplan turbines describes the operating principles and design 
features in a comprehensive manner. It seems appropriate at 
this time to add some comments from the engineering consul- 
tants’ and purchasers’ points of view. 

Three basic factors must be considered in evaluating new engi- 
neering devices—cost, efficacy, and reliability. Consulting engi- 
neers regard these factors with particular importance in per- 
forming analyses for their own purposes and for the special prob- 
lems of their clients. It is proposed, therefore, to discuss the 
Runaway Speed Limiter in the same general categories. 

The Runaway Speed Limiters on the turbines for the Rocky 
Reach Hydroelectric Power Project of the Public Utility District 
No. 1 of Chelan County, Washington, referred to in the paper as 
Station No. 5. were used as a basis for reducing the design over- 
speed from 235 rpm to 167 rpm. The limiters are considered 
as providing a distinct economic advantage in that their cost is 
only a small fraction of the saving in cost of the generators. 

Efficacy has been demonstrated with a well planned series of 
tests. Shop tests on apparatus described in the paper show that 
the limiters will consistently operate to open the oil bypass ports 
at the set speed and are unaffected by oil pressure. Tests on 
laboratory models and units in the field satisfactorily demonstrate 
the characteristics required for this speed limiting method, 
namely: 


1 Minimum runaway speed for each gate position occurs at 
maximum blade angle. 

2 Hydraulic unbalance at overspeed tending to open the 
blades to maximum angle. 


The first characteristic is inherent in all Kaplan turbines. The 
second is a function of design, as explained in the paper. Use of 
the Runaway Speed Limiter is essentially confined to new tur- 
bines in which the required amount of blade unbalance has been 
incorporated and space provided for the device in the blade servo- 
motor wall. 

Three factors strongly contribute to the expectation that the 
Runaway Speed Limiters will be reliable in service. The first is 
the basic simplicity of the design. Only two moving parts are 
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required to open the bypass ports—the plunger and the spring 
against which it acts. To help prevent possible sticking of the 
plunger, due to remaining in one position for a long period, a 
limited travel is permitted when the unit is being brought up to 
normal speed. There is a remote possibility of the spring break- 
ing; but, should this happen, the limiter will tend to “fail safe’ 
by opening the oil bypass ports. The second factor contributing 
to reliability is the shop testing of each limiter before shipment. 
The test apparatus simulates service conditions as closely as pos- 
sible and is used to insure that each limiter will operate effective'y 
at the required speed. After testing and adjusting, operation of 
the limiter should remain stable indefinitely if care and cleanliness 
are exercised in handling and installation. Operation may be 
subsequently checked in the unit as described in the paper. 
Finally, six limiters are installed in each turbine at Rocky Reach, 
although only three are required, as a further precaution against 
the effects of mechanical malfunction. 

Maintenance is expected to consist only of checking operation 
of the Runaway Speed Limiters at regular intervals. The writers 
are of the opinion, however, that the design of the indicator for 
verifying movement of the plunger should be improved. The 
principal criticism is that the cover plate and indicator cover 
must be removed before the position of the indicator stem can be 
observed. This entails removal of parts of the blade servomotor 
guard and precautions against residual oil pressure that may exist 
inside the speed limiter. Ideally, the indicator should be easily 
observable at some exterior position without removing any parts 
and should not require manual resetting. 

The design and reliability of modern governor equipment make 
the circumstances for off-cam runaway speed remote. Units 
have sometimes been specified for only the on-cam overspeed 
without additional safety devices. The added safety factor pro- 
vided by the Runaway Speed Limiter furnishes further assurance 
that off-cam runaway speed could never occur, In this respect, 
the Runaway Speed Limiter described by the author provides a 
valuable contribution to Kaplan turbine development. 


It has long been recognized that a number of highly improbable 
events must occur in order that a Kaplan turbine can approach 
the theoretical ‘‘off-cam’’ runaway speed, and that the cost of a 
generator designed for such a speed may be high. 

On the other hand, the potential catastrophy that might ensue 
from generator failure due to excessive overspeed is usually 
staggering, 

While the hydraulic device described in this paper will unload 
the blade servomotor, it obviously cannot be expected to safe- 
guard against the blades being held at a low blade angle by an un- 
forseen eventuality such as mechanical binding. There are many 
possible examples that could be cited which would cause bind- 
ing. The writer is familiar with one instance where a piece of 
wood became wedged between a blade and the hub of a runner 
producing a situation where the blades were jammed at a small 
blade angle with full servomotor pressure. Had a runaway oc- 
curred the speed would have been high. The speed limiter would 
have had no effect and, with the “blade tilt solenoid’’ described on 
page 25, the governor pressure would have been lost due to the 
blade relay valve being opened wide and the oil bypassing 
the blade servomotor piston to the sump. All governor pressure 
for gate control would have been lost. 

Turning the blades to a steep angle during runaway will limit 
the speed but will also greatly increase vibration. The flow 
through the turbine during runaway at full gate and blade angle is 
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much greater than normal full load discharge. Moreover, the 
energy of this water is not absorbed by the runner but appears as 
powerful and erratic vortexes in the draft tube. Not only the ro- 
tating elements, but the entire powerhouse is subjected to severe 
and perhaps dangerous vibration. If the bypass valve operation 
results in emptying of the accumulator oil into the sump, the 
possibility of quick regain of gate control will be lost, and this 
period of dangerous vibration will be prolonged. 

To date, we only have hints as to the tremendous forces induced 
by these vibrations and with the present trend to larger units it is 
a problem that cannot be overlooked in our attempts to limit 


generator speeds. 
Gilbert Martin®° 


In the paragraph dealing with blade balance (page 21), Mr. 
Voaden explains that it may be necessary to relocate the position 
of the blade pivot to produce sufficient unbalance in the opening 
direction. He indicates that altering the position of the blade 
pivot within the necessary limits does not affect the power and 
efficiency characteristics of the machine. This statement does 
not agree with the results that this discusser has obtained from 
the tests he has been carrying out with Kaplan turbines for some 
time now, which seem to show that moving the blade profiles 
further downstream with respect to the blade pivot—and hence 
lowering the blade leading and trailing edges—results in an ap- 
preciable increase in the optimum specific runner speed, i.e., 
higher optimum speed and runaway coefficients. This effect can 
be compensated by modifying the blade outline (increasing the 
camber, and hence the lift coefficient of the profile) which, among 
others, changes the pressure distribution on the blade and gen- 
erally results in worse cavitation boundary conditions. 


B. R. Nichols!2 


The author’s paper, together with other papers which he has 
presented pertaining to “off-cam’’ runaway speeds characteristic 
of Kaplan type turbines, are of great value to the industry. 

The considerable amount of model turbine test data, together 
with supporting field test data included in this paper, illustrate 
the possibility of destructive runaway speeds. This possibility, 
although very remote, must not be ignored, and rotating equip- 
ment to be driven by Kaplan type turbines should be designed for 
off-cam runaway speed or a reliable means such as the device de- 
scribed by the author to limit the off-cam runaway speed should 
be provided, preferably by the turbine manufacturer who is 
familiar with the characteristics of the turbine. The responsi- 
bility of providing a reliable speed limitor should not be divided. 

Stationary parts of the turbine and generator could, no doubt, 
be designed to contain the rotating elements if failure occurred, 
thus preventing serious damage to adjacent units, powerhouse 
structure, or personnel, Failure of rotating elements, if contained, 
may be considered an expensive nuisance in normal times. 

Considering the expected long life of a hydraulic turbine, the 
long range uncertainty of the future, the importance of power 
generation by dependable hydraulic power in times of national 
emergency, and the growing amount of imported generating 

’ equipment which may be difficult to repair in the event of failure 
during a national emergency, it seems prudent to provide every 
reasonable means to protect hydroelectric generating equipment 
from even a remote possibility of serious damage. 

The author has described a mechanical hydraulic speed limiter 
which may be checked periodically and is quite inaccessible to 
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unauthorized personnel. This device does not depend on elec- 
trical and mechanical control devices that may be easily put out 
of service accidently or intentionally. 

The author has put forth a considerable amount of effort in 
presenting this very important subject of off-cam runaway speed 
and he has also provided a reliable solution to this problem. 


H. H. Roth’? 


It has long been recognized that the high runaway speed in- 
herent in Kaplan turbines requires special considerations in the 
design of the generators which they drive. Generators with 
ratings above 50,000 KVA have a normal design runaway speed of 
185 per cent of normal speed. For ratings of 50,000 KVA and 
smaller, generators for speeds below 360 rpm have a normal run- 
away speed of 200 per cent while units for speeds of 360 rpm and 
above have a normal design runaway speed of 185 per cent. 
Since the runaway speeds of Kaplan turbines exceed these values, 
it has been necessary to design the associated generators for 
higher than normal values of overspeeds, with corresponding in- 
creases in generator costs. 

A reliable speed limiting device for Kaplan turbines will permit 
economies in generator design. For units with extremely high 
overspeeds it is often necessary to design the generator on a 
smaller diameter frame than the optimum, in order to limit the 
centrifugal stresses in the rotor to reasonable values. The use of 
a smaller diameter machine may make it difficult to obtain the 
desired WK? in the generator rotor. 

These and other problems introduced into the generator design 
by high overspeed considerations cause increases in generator 
costs, which vary in proportion to the increase in overspeed above 
normal. For each 5 per cent in overspeed above normal, the 
total price of the generator will increase by approximately 0.8 per 
cent. 

As an example of the possible saving in generator cost by the use 
of a speed limiting device, a generator rated 100,000 KVA at 90 
rpm, and with a runaway speed of 250 per cent will cost about 
10.5 per cent more than the same rating with a normal overspeed. 
Expressed in terms of dollars, the reduction in cost resulting from 
the use of the speed limiting device would result in a saving of 
about $200,000 per generator. Where a number of units are in- 
volved, the total saving becomes quite large. 

The use of a reliable speed limiting device for Kaplan turbines 
will therefore result in appreciable savings in the cost of the gener- 
ators with which they are used. 


Hubert Sills?* 


This paper will be of considerable interest to generator de- 
signers as a runaway speed limiter will remove the major limita- 
tion on the size of generators attached to Kaplan turbines. In 
commenting on a paper by G. Dugan Johnson before the 
Engineering Institute of Canada in June,-1956, the writer drew 
attention to the importance of runaway speed limitation in order 
to expand the field of application of Kaplan turbines. In this 
discussion it was intimated that a failure of a runaway speed 
limiter need not necessarily be catastrophic even though the run- 
away speed exceed the strength of the generator rotor. 

Inasmuch as speed limiters now appear to be an accomplished 
fact, and to judge by this paper an eminently reliable device, it 
would now seem that there are sound reasons for generator de- 
signers to so construct their generators that in the event of the 
very remote contingency of an overspeed beyond that controlled 
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by the Runaway Speed Limiter, the resulting damage shall be con- 
fined to the unit involved and not result in astronomical damage 
to the station and a hazard to life and limb of station personnel. 

It is the writer’s opinion that the majority of generators of 
present day design, if overspeeded beyond the strength of rotor, 
would not explode but that the rim would stretch so that the pole 
faces would rub against the stator. Provided the pole dovetails 
did not fail there would be enough braking effort from this rubbing 
to maintain the speed to this value, and thereby limit the strain on 
the rim to that already attained, until the head gates could be 
lowered or other means taken to shut off the water. 

Inasmuch as the individual engineer’s experience with burst 
rotors is limited and this problem is not one that is readily sus- 
ceptible to test, it would seem that a pooling of experience by 
generator designers on this subject as well as theoretical study of 
the possibilities would be an appropriate approach. As an initial 
contribution to this the writer offers his experience, having known 
three burst rotors. They happened long ago and it is necessary 
to draw on memory for facts. One was of a vertical generator 
that burst on test at slightly above rated speed. The cause was 
traced to a crack through the rim of the cast steel that had been 
cireumferentially welded without the knowledge or consent of the 
generator manufacturer. It was a brittle failure that jammed a 
section of the rotor between the rotor and the stator. The impact 
of this jamming burst the stator and scattered laminations and 
castings all around the shop. Another occurred in a horizontal 
generator in a powerhouse and as the rotor locked onto the stator 
and rolled both of them out into the tail race there was little 
evidence left as to what actually occurred. The conditions per- 
mitted of several theories. The fact that the whole rotor dis- 
appeared makes it seem probable that the rotor did not break 
but that an electrical fault resulted in partial short circuit of the 
rotor and the unbalanced magnetic force sheared the locating 
dowels permitting the rotor and stator to shift so that the two 
locked together magnetically, broke off a foot of the stator frame 
and the bearing pedestals and the whole rolled out through the 
wall. Another wreck was somewhat similar to this. A motor 
generator set overspeeded due to a feedback from the cells during 
2 power interruption. The rotor did not burst but the pole dove- 
tails stretched until the poles struck the stator where they twisted 
and locked the rotor to the stator. The stator foot bolts and the 
pedestals broke and the locked stator and rotor rolled through the 
wall out into the woods where it was recovered. 

The common factor in all of these seems to be that the failure 
was such as to cause some component to lock the rotor to the 
stator thus necessitating a deceleration rate so great that the 
forces on the stator became great enough to burst the weakest 
members that confined it and the energy was subsequently dis- 
sipated in a destructive fashion. Had it been possible for the 
energy to have been dissipated gradually like track brakes on a 
trolley, the likely result would appear to be that the stator teeth 
and pole face would have been badly burred and heated but wide 
spread destruction would have been prevented. The following 
occurrence shows that this is possible. The insulation on the 
field system of a relatively small alternator broke down, short cir- 
cuiting part of the field, causing an unbalanced force that sheared 
the dowels in the stator and bearing feet so that the rotor rubbed 
against the stator. In this case the rotor simply braked itself to 
a stop, burring the face of the stator teeth and scorching the 
wedges. Surprisingly enough, it was possible to put the generator 
back into service after the field had been repaired and the gener- 
ator realigned and it is still operating. 

The modern practice in rotor construction is to use a rim of 
punched sheet steel laminations keyed to a fabricated steel rotor 
spider with an interference to it. The poles are usually fastened 
to the rim by means of dovetails keyed to dovetail slots in the ro- 
tor rim. Inasmuch as most Kaplan driven alternators have low 


32 / SANUARY 1961 


angular velocity, usually less than 200 rpm, dovetails required by 
structural considerations are usually lower stressed by a considera- 
ble margin than is the hoop stress in the rim that supports them. 
If this is not always so it is potentially possible to make it so. 
Thus it should be possible to make rotors so that poles will not 
break off and lock to the stator. If so the potential forces against 
the stator will be determined by how the rim fails due to hoop 
stresses. 

There are a number of indicators of what is likely. A number 
of years ago the writer’s company made up a series of models of 
various rim constructions of machines under design to get con- 
firmation of the calculated design rim mechanical efficiency, and 
broke them in a tensile testing machine recording the stress strain 
characteristics. There was gradual deviation from the propor- 
tional limit line above the proportional limit until there was 
about a three per cent offset before the yield point was reached 
(see Figs. 17 and 18). Inasmuch as the air gap in a generator 
is seldom more than two tenths per cent of the rotor diameter 
it is likely that the rotor rim will stretch like a chain and rub 
against the stator long before the yield point is reached. The 
probability of a brittle failure in a laminated structure such as the 
rotor rim seems as remote as for a link belt chain drive. It is 
probable that when stretched the rim will become eccentric with 
the rotor throwing out to one side. 

Normally, the keying to the spider is not of a type to prevent 
this, thus there will be substantial unbalanced force on the guide 
bearings. There are sound grounds to conclude that these un- 
balanced forces are within the capability of the guide bearing as 
rims have become loose before without any catastrophic results. 
The turbine driving torque at this overspeed is probably not very 
great. and the braking effort of the rotor rubbing on the stator 
should be adequate to limit it to the speed attained. However, 
the potential energy in the rim is likely to have an h factor of 12 
to 15 seconds at this speed and, this energy must be dissipated 
slowly else the forces will be disastrous. The foundation anchor- 
age will usually withstand at least twice the maximum single 
phase short circuit torque. As this varies from six to ten times 
rated torque, the maximum friction the stator will stand will be 
twelve to twenty times provided that the radial force exerting this 
friction does not break the joints in the frame. For this reason, a 
core piled without joints is much safer than one with joints; 
the hoop strength of a complete core may be as great as 20 per 
cent of that of the rim. 

Obviously, the generator will not stand continuous running with 
a rotor bashing against the stator, but it may endure long enough 
to prevent a wreck if the water can be shut off shortly. Of course, 
if it could be arranged that the rubbing torque were greater than 
the stalling torque of the turbine and less than the bursting 
strength of the stator the unit would grind to a stop, but this is 
too much to hope for. 

However, it would seem that the generator will stand bashing 
about for an appreciable time. The practice, presently quite 
generally used, of mounting the generators individually in rein- 
forced concrete air enclosures, part of the structure of the station, 
is an additional safety measure. It would, however, seem ad- 
visable to retain head gates until experience provides operating 
data. 

In conclusion, it must be borne in mind that the ultimate con- 
ditions speculated upon in the foregoing do not occur until the 
proportional limit of the rim is reached. Inasmuch as it is usual 
to limit the maximum stress in a rim at runaway to 66 per cent 
of the yield strength of steel used, and the average yield strength 
of all the plates in the rim is higher than the minimum specified 
for the material by ten to twenty per cent, these conditions will 


not occur until the speed reaches V/1.1/0.66 = 1.29 to 1.2/0.66 
= 1.34 times the runaway speed set by the speed limiter. This is 
the difference between the maximum runaway speed at thirty 
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two degrees blade angle and that at twenty degree blade angle, 
and is well above the normal ‘“‘on-cam”’ overspeed. 

Figs. 18 and 19 show the shape of the stress-strain curves of 
rim models and Fig. 20 shows pictures of the models tested. 


Reference 
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R. S. Sproule 


ab The author has presented a most interesting paper on this 
pod Ah er chat ptm curve of laminated test piece having no ingenious device to limit runaway speed to that obtained on cam. 
For many years there has been a strong school of thought to the 


effect that off-cam runaway speed was so improbable that large 
sums of money should not be spent on generator designs to take 
care of this remote contingency. The device described in this 
paper could reduce the amount of money in question by a large 
factor. However, in the form described in the paper it does not 
completely eliminate the possibi"‘ty of off-cam runaway speed, 
e though it makes a highly improbable event still more improbable. 
Any runaway speed limiter which depends upon the blades flying 

open can be foiled by a jammed blade mechanism. Shear pins to 
make this eventuality less likely are not easy to provide and may 
be an undesirable solution because of the problems they introduce. 
However, with modern powerhouse and generator construction it 
at appears that runaway beyond the maximum designed speed of the 
(a) (4) generator is unlikely to be the cataclysmic disaster which it used 
tobe. Itis doubtful whether large sums should be spent to make 


Fig. 19 Load-elongation curves of laminated rim section test pieces , 
having overlapped rivet sections and notching as shown in Fig. 20 Separators only 


Author’s Closure 


Although all the discussions presented are greatly appreciated, 
the author will attempt to answer only those raising points which 
appear to require further clarification. 

As is well known, the probabilities of any runaway speed oc- 
curring are remote and those of an off-cam runaway speed are 
extremely remote. A purchaser of a Kaplan turbine could, with 
some justification, take the small calculated risk involved and 
purchase the generator to withstand only the on-cam runaway 
speed. However, no “purchaser” has done this although in a 
few instances the generator has been purchased for some value 
of overspeed between the on and off-cam values. Evidently 
purchasers, in general, have not wanted to take the small cal- 
culated risk of specifying a runaway speed value for the generator 
any less than that which the turbine manufacturer gives as the 
maximum that can otcur. 

The development of the Limiter described in the paper was the 
~ result of one turbine manufacturer’s effort to be in a position to 
offer the purchaser (with full confidence) a maximum runaway 
speed value even lower than that on-cam. Whenthe manufacturer 
offers the Runaway Speed Limiter described he guarantees the 
low runaway speed value—85 per cent above normal. The 
purchaser’s decision then, provided he also has full confidence 
in the Limiter, can be based on economics and easily made.' 

That the runaway speed of a Kaplan turbine is lowest at 
maximum blade pitch and that suitable adaptation of switches 
and other components such as shown in Mr. Avery’s Fig. 16 
could be applied so as to force the blades to maximum pitch by 
oil pressure are facts that have been known since the advent of 
Kaplan turbines. There is no objection to use of such devices 
as a means of limiting overspeed except that, as stated in the 
second paragraph of the paper, they do not meet the objective of 
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being the most reliable and foolproof means possible. For this 
reason mainly, plus the fact that such devices are not manu- 
factured by the turbine manufacturer nor are incorporated in the 
turbine itself, he, the turbine manufacturer, cannot have full 
confidence in them and guarantee that some low value of runaway 
speed will not be exceeded. 

The purchaser has many choices, as to details, but it appears 
that at this time he may follow one of the following basic courses. 


(a) Do not buy any Runaway Speed Limiter. In this case, 
if he buys the generator for anything less than the maximum off- 
cam runaway speed, he will be taking some calculated risk. 

(b) Buy a Runaway Speed Limiter of some intermediate degree 
of dependability and take some lesser degree of calculated risk 
than in (a). 

(c) Buy a Runaway Speed Limiter which he considers to 
be the most reliable and foolproof obtainable which the turbine 
manufacturer guarantees will positively limit overspeeds to some 
relatively low figure, say 85 per cent over normal. Such a Limiter 
is described in the paper. 


J. P. Duport’s items of forces (a), (b), and (c) which affect the 
blade torque are certainly correct as to the nature of the forces. 
However, the author did not assume that a net tendency of the 
blades to open on overspeed could be obtained but actually 
ran blade balance tests in the laboratory and field covering the 
whole range of blade angles and speeds which proved that this is 
the case, as outlined in the paper; see Fig. 3 forexample. ‘Net 
torque” in that figure includes everything except friction. To 
give a clearer “picture’’ Fig. 21 is herewith submitted which is 
numerically on the same basis as the example in Fig. 3. In Fig. 
21 line marked ‘‘Hydraulic—12°” is “‘net’’ as defined above as 
determined by model tests and is Mr. Duport’s items (a) minus 
(b). Mr. Duport’s item (c) is also shown as dotted line marked 
“Friction—12°” and is calculated on the basis of friction coeffi- 
cient determined by field testing. The line (1) marked ‘Net 
(Hyd—Fr)—12°” represents the net force from the blades, in- 
cluding all three items, in the opening direction at 12 deg blade 
angle. Curves (2) and (3) correspond with (1) at 20 and 32 deg 
BA, respectively. It will be seen from Fig. 21 that at all blade 
angles and for speeds beyond 40 per cent above normal, the re- 
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TURBINE SPEED-RPM 
Fig. 21 Example of calculated resultant forces on piston rod from 
blades at speeds above normai. Valves shown are on same numeri- 
cal basis as in Fig. 3. 
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sultant of the three items listed by Mr. Duport is a force from 
the blades in an opening direction and that that force increases 
rapidly with increase in turbine speed. 

Mr. Giraud calls attention to the undesirable conditions of 
cavitation, vibration, etc., at runaway speed. These conditions 
will pertain at overspeeds to some degree regardless of blade 
angle, as has been described extensively in Reference [2], and 
the higher the overspeed the more objectionable and dangerous 
they become. The author agrees completely with Mr. Giraud that 
any runaway speed should be of as short a duration as possible. 
However, the Runaway Speed Limiter is concerned primarily, 
if not wholly, with positively limiting the degree of overspeed to 
a relatively low value. Stopping the unit, finding the cause, and 
correcting the fault are problems which are present regardless of 
the Limiter. The degree of cavitation, vibration, etc., which will 
occur at the low runaway speed—85 per cent above normal—will 
be much less than that which would occur were the speed not so 
limited. The reference to the difficulties of head gate closure 
under runaway speed conditions are appreciated, but again, these 
difficulties will be greatly reduced by the use of the Runaway 
Speed Limiter described. 
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Fig. 22 Example of effect on performance of changing blade pivot 
position 


Mr. Martin states that tests he has obtained seem to be at 
variance with the author’s statement that altering the blade 
pivot position does not affect power and efficiency. The author 
therefore submits Fig. 22 showing a comparison of two model 
tests on a 16-in. diameter runner with all conditions identical 
except in one case the pivot center line is 47 per cent of the blade 
length from the leading edge at the periphery and in the other 
only 35 per cent. This comparison is shown for three different 
values of rpm;, which represent a change in head of approximately 
15 per cent. Any small differences between the two tests are 
certainly within test accuracy, which is believed to be + one 
quarter per cent. Mr. Martin also refers to “an appreciable in- 
crease in the optimum specific runner speed.” In the two tests 
referred to by the author, best efficiency was obtained in both 
cases at approximately 156 rpm, and since the unit power also 
remained the same the specific speed was not affected. 

Messrs. MacNamee and Sproule call attention to the possi- 
bility of the blades “jamming” so that they would not be free 
to open. This may also be what Mr. Duport refers to as ‘“‘ab- 
normally high friction.’”’ Such possibilities were carefully consid- 
ered in the development of the Runaway Speed Limiter described. 
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Foreign matter, such as a block of wood, cannot cause a “jam” 
between parts having a constant or increasing clearance. At 
the periphery of the blades, the clearance increases as blades 
open. At the hub, which in modern designs is essentially spheri- 
cal, the clearance is constant over a range of blade angle suffi- 
cient to insure that the runaway speed will not exceed 85 per cent 
above normal—see Fig. 9. 

There are, of course, other remote possibilities for jamming. 
To state the fact that in over 200 Kaplan turbines built by the 
author’s Company it has never occurred and that if it did it 
would be evident during normal operation and the fault corrected 
will not refute Mr. Sproule’s statement that this Runaway Speed 
Limiter “does not completely eliminate the possibility of off-cam 
runaway speed.” There is no piece of equipment that is 100 per 
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cent unbreakable or 100 per cent foojou. Nevertheless, the 
author believes this to be the most reli: se «nd foolproof Runaway 
Speed Limiter presently available. ‘Lax author recommends that 
purchasers of Kaplan turbine units investigate the savings in 
generator cost possible with a limiter of some type and then name 
the runaway speed for which the generator shall be designed, ac- 
cording to the degree of confidence he has in the limiter selected. 

The author greatly appreciates the interest shown in this paper, 
as evidenced by the large number of discussions, each of which 
brings out important points which will increase its value to those 
interested. Certain points have been questioned, and the author 
trusts the closure has adequately clarified them; but it is gratify- 
ing to note an over-all expression of confidence in the dependa- 
bility of the limiter described. 


JANUARY 1961 / 39 


MITSUKIYO MURAKAMI 


Osaka, Japan 
in the draft tube. 


Vibration of Water-Turbine Draft Tubes 


The vibration in the draft tube of a water turbine is most severe when the turbine is 
running on part load. This is caused principally by the vortex core of whirling water 
The theoretical and experimental investigations of the frequency 


and force of periodic vibration caused by the vortex core are described, and there is 


Pussnsies OF VIBRATION due to vortex core were 
theoretically calculated by Lord Kelvin [1]! and others [2, 3]. 
The frequencies they obtained were all proportional to frequency 
of water circulation and did not coincide with actual frequencies, 
even for the cylindrical tube upon which their theories were 
based. It is difficult to estimate the frequency of vibration for 
complicated forms of draft tubes by their methods. 

Some years ago Rheingans [4] reported that a fairly regular 
draft-tube surge was observed at certain gate openings and that 
frequency of this surge was roughly proportional to the speed 
of the turbine. 

Experiments using models of draft tubes, as shown in Fig. 1, 
reveal the complicated nature of vibrations in draft tubes. 
Among these vibrations, however, there is one having a frequency 
proportional to that of the circulation of water when the rotating 
velocity of water is increased. ' 

Unsymmetric flow of water about the draft-tube axis is ob- 
served by introducing aluminum powder from an aluminum 
tube and releasing the powder at the discharge end of the tube 
where the regular vibration occurs. This vibration is so regular 
that it is dangerous when it resonates with a vibrating body. 
In Fig. 2, an example is given of the frequency of periodic vibra- 
tion of the draft tube. The solid line 1 denotes the frequency of 
cylindrical tube, the broken line 2 denotes the conically enlarged 
tube, and the chain line 3 denotes conically diverged tube with 
a short converged end, as shown in Fig. 1(C). The vibration 
disappears when a plate is inserted at the discharge end of tube, 
Fig. 3, since the rotation of the water is stopped there. 

The foregoing results reveal that periodic vibration is closely 
related to conditions at the tube end. It is maintained that 
this vibration is produced by the eccentric vortex core rotating 


1 Numbers in brackets designate References at end of paper. 

Contributed by the Prime Movers Subcommittee of the Hydraulic 
Division and presented at the Annual Meeting, Atlantic City, N. J., 
November 29-December 4, 1959, of Tae American Society or 
MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 13, 1959. Paper No. 59—A-96. 


clarification of the draft-tube surge caused by vibration due to the vortex core. 


GUIDE VANE 
RO 


GUIDE VANE 


DRAFT TUBE, j 
CONVERGED (C) 
TUBE 


Fig. 1 Experimental apparatus 


around the center of the draft tube, Fig. 4. The discussion will 
be limited to this type of vibration. 


Theory 

Frequency. Fig. 4 is a cross section of the draft tube per- 
pendicular to its axis. 
Now, let 


Nomenclature 


a = radius of vortex core 
A: = effective area of runner exit 
b; = parameter defined by Equation 
(13) k = v,/v, 


i= 


k, = factor defined by Equation 
(17) or (18) 


R = radius of draft tube 
re, Re = inner and outer radii of turbine- 
runner exit (see Fig. 6) 
u, v = velocity components of water 


b,; = parameter defined by Equation = v,,/ along z and y-co-ordinates 
(19) = verti ength t tu locit 

b, = parameter defined by Equation m = parameter defined by Equation 
(25) (6) ridian plane 

¢ = co-ordinate of vortex core n = frequency of vibration Vv we 

e= N = revolutions per second of water 

f = parameter defined by Equation turbine V, = Q/rR* 
(22) q = Q'/Q w = complex potential 


g = acceleration of gravity 
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r = radial distance 


(Continued on next page) 
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z = tcot ({/2) 


When 7 = constant, Equation (1) represents a circle whose 
center lies on the z-axis and complex potential w represents water 
flow due to circulation 27I around vortex core (7 = 7a) in the 
draft tube (7 = ng), since @ = andy = —In [5]. 

By eliminating £ from Equation (1), 


(1) 
(2) 


coth 7)? = c? csch? (3) 
Hence, referring to Fig. 4 and Equation (3) 
a = cesch 4, R = c esch ng, and € = c(coth nz — coth 7,) 
From this, 

c = V(R? + a? — &)? — RZa+e (4) 


As v, = I'/2c and AMp = + — from Fig. 4, the 
number of revolutions of the vortex core around the center of the 
draft tube per unit time can be given by [6] 


V4 T 1 
Using Equation (4) and making some reductions, 

n = mI'/2rR? 


r= 


(5) 
where 
m = 22/V(1 + a? — e*)? — 4a%{(1 — a? + e?) 
+ a? — e*)? — 4a*} (6) 


I'/2rR? represents the number of revolutions of water circulating 
next to the tube wall. 


Fig.3 Plate to stop rotation of water 


Fig. 4 Cross section of draft tube 


Force. When the rotating water with an eccentric vortex 
core flows out of the draft tube, a horizontal reaction sets 
in at the discharge end of the tube and the whole tube is vibrated. 
The magnitude and direction of the force may be estimated by 
calculating the momentum change caused by efflux of momen- 
tum due to vortex —T revealing the influence of the tube wall. 

Now, from Equations (1) and (2), 


dw _ iT 
dz 


z+e 


where iI’/(z — c) and —iI'/(z + c) represent complex velocity 


induced by the vortex I’ and — I’, respectively. Denoting the 
velocity induced only by —T as uj and »;, from this equation 


= + iv; 
Hence, the force acting on the tube end is 


(7) 


Nomenclature 


X, Y = components of force along x and 
y co-ordinates 
a=a/R 
8, = vane angle of runner exit 
Y = weight of unit volume of water 
T = circulation/2r 
6 = half of diverging angle of draft 
tube (see Fig. 6) 
€ = eccentricity of vortex core 
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runner 


Q = w’/w 


p = radius of bend curvature of draft 
tube (see Fig. 12) 
coaxial co-ordinates, 
= velocity potential | = —u, 
y = stream function } 


w = angular velocity of turbine 


6 = angle of guide vane 


Superscript 
’ = value at any condition other 
than normal 


Subscripts 
0 = value at normal running condi- 
tion of turbine 
2 = value at exit of runner 
3 = value at the top of draft tube 
4 = value at the bottom of the ver- 
tical portion of draft tube 


dy/dy = v 
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X = (y/o), dy (8) 


Y = (y/g, SS (—viddx dy 


Here, axial velocity vg is assumed to be zero within the vortex 
core and constant around it. Integration should be carried out 
in the region between the vortex core and the wall of tube. 
Putting u; and v; of Equation (7) into Equation (8), 


X =0,Y = (9) 


Water leaving the draft tube has unbalanced momentum corre- 
sponding to this force. 


U, 
Fig. 5 VelocitySdiagram at runner exit 


Circulation/2x; T. Under normal conditions, water leaving the 
turbine runner has no component of rotation, as illustrated in 
Fig. 5. When the meridian velocity of water at the exit of the 
runner is uniform and independent of radial distances, 


= Us tan = wr tan = Qo/Az 


where A: is the effective area at the exit of the runner when 
measured at right angles to v2. 

Assume that a turbine designed according to Equation (10) does 
not operate in a normal condition. The water then leaves the 
runner with a tangential component of velocity as follows 


vue’ = Us’ — ve’ cot B: = rw’(1 — gQ), (see Fig. 5) 


(10) 


Since rvy:’ varies with r, calculating the mean value of rv.’ = 
I, within the range of re S r S Rz (see Fig. 6), the following 
formula is obtained for 


=T,, = — (g/2)} (11) 


or 


=T,, = — (q/Q)}R.%,; (12) 


Fig. 6 Notation of runner and draft tube 


(13) 


by = {1 + (1r2/Re)*}/2 


Dimension of Vortex Core. Many investigators [7, 8, 9] have 
already calculated the diameter of the vortex core by various 
methods. However, almost all of them follow the principle of 
minimum kinetic energy. Shogenji and Shimoyama calculated 
the mean velocity head of the water in the draft tube as follows 


where 


K? = 1/(1 — — (2 tan? log a@)/(1 — (14) 
The minimizing condition of this is given by 
tan? ® = 2a?/(1 — a?)-(1 — a? + 2a? log a) (15) 


When the value of tan ® is known, the value of a can be estimated 
from Equation (15). Noting k? = (1 — a@*)*K?, Equation (14) 


gives 


k? = 1 — 21 — a?) tan? B log a (16) 


from which relation k and @ are also known. The relations 
between tan ® and a, and k and a, respectively, are given in 
Fig. 7. 

Calculating the mean velocity head of water at the exit of the 
turbine runner, an equation corresponding to Equation (16) 
is obtained 


ki? = 1+ {1 — (q/Q)}?- (+) (17) 
V2 2 


1020 
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Table 1 Dimensions of guide vanes, all lengths in inches [see Fig. 1(B)] 


No. 6° dy d: h number of vanes | form of vane curve 
1 10 4,21 10.23 2.03 4 logarithmic 
2 20 4,21 10.23 2.02 6 ba 
3 4,13 10.23 1.97 8 
4.17 10.23 2.02 8 
55 4.13 10.23 1.93 8 
b 20 3.42 10.23 1.58 6 bi 
c 30 3.42 10.23 1.58 8 " 
I 18 3.50 7.09 0.79 8 ” 
I 20 6.65 10.23 0.87 8 bi 
W 30 3°32 7.09 8 " 
37 6 7.09 9 8 
A (A) | 
| 
| PROPEL L 1095 
| 
02) 20" | 
~ 100 150 99 
SPECIFIC SPEED OF TURBINE "8230 
\ (B) | \ ane 
| 
010 
| \ 050 
\ 
4 Al 040 
1-4, ‘ 020 
| | 0 02 04 06 «08 
0 02 04 06 08 1:0 
Fig. 8(A) Relation between r2/R: and specific speed or types of turbine; where 
(B) Relation between r2/Rz and b;, and r2/R: and b;, respectively 
b; = 2{1 + + (r2/R2)} (19) 


The value of the right-hand side of Equation (17) can be esti- 
mated if dimensions and running conditions of the turbine are 
given. 

Taking k, = k and referring to Fig. 7, the size of the vortex core 
at the top of draft tube can be estimated, viz., at the exit of 
turbine runner, since the radius of a draft tube at its top is 
nearly equal to Re. Noting that vz is independent of radial dis- 
tance and referring to Fig. 5, from Equation (10), then 


= (v,2'/v20)v0 = quoo tan Bz = qur,, tan Bem (10°) 


where Bom equals the value of 8: at the mean radius of the runner, 
Tm = (r2 + R2)/2. Putting this relation into Equation (17) 


2 


qd tan? Bom 
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In general, the value of 72/2 changes with specific speeds or types 
of turbine as shown in Fig. 8(A). Value of 6; and 6; are re- 
corded in Fig. 8(B). If r2/R2 > 0.4, 6; is nearly equal to unity. 
The relations between @ and q, and kz and q, respectively, for the 
given values of Bom are illustrated in Fig. 9, when it is assumed 
that bj = 1, kz = k, and Q = 1 since the speed of the turbine is 
usually kept constant. 

The draft tube generally diverges downward conically and 
hence the value of a increases. The value of a@ at the discharge 


end of tube (R = R,) is found by 
tan = (R,/R;) tan = Rs) (20) 


with increasing value of the tube radius from R; to Rs, the value 
of V,/V,, viz., tan ® increases in the ratio of R4/Rs. 
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Theories and Experiments 


By using only theoretical methods, the value of m in Equation 
(6) cannot be estimated because there is no provision for eccen- 
tricity of vortex core. However, the value of m can be calcu- 
lated by using measured frequencies of the draft tube and I, 
and I can be estimated by measuring flow rate Q since the angle 
of the guide vane is given (see Table 1). Value of a@ can be se- 
iected by calculating the value of tan ®, and using the relation 
between tan ® and a in Equation (15) or Fig. 7. 

The relation between m, and a, for conical and cylindrical 
tubes having various size of discharge-end diameter is given in 
Fig. 10, where the whole length of the tubes is kept constant 
and numerals in the figure denote the angle of the guide vanes 
as recorded in Table 1. From this relation of a, — m, and 
Equation (6) it follows that e is nearly equal to 1 — a, i.e., & = 
Ry — 

For the actual turbine, T is given by Equation (12). By 
substituting I’ in Equation (9) and providing that & == Ry — a, 
the absolute value of the vibrating force of the draft tube can be 
found as follows 


y = P= - £)(*) (21) 


(22) 


where 
f=1/(1+m) 


Usually, the speed of the turbine is kept constant even when 
the load is changed. In this case 2 = 1. By referring to Fig. 9 
and Equation (22), the value of fg(1 — gq) in Equation (21) is 
plotted against q in Fig. 11(A). The values of fgo(1 — q) and 
hence, the values of F for all given values of Bem have cue maxi- 
mum at about g = '/; and become zero atg = landg=0. The 
facts given indicate that a severe vibration of the draft tube due 
to the vortex core can be expected at about half gate opening. 

Using Equation (5) and putting R = R,, the frequency formula 
for vibration of the vortex core for an actual turbine is obtained 


ny = — (g/2)} (Ra/Ra)? (23) 


The situation for the water turbine with straight draft tube has 
been covered. However, draft tubes of modern water turbines 
usually are designed with elbow-type tubes and discharge hori- 
zontally. In Fig. 12, the elbow effects of the cylindrical draft 
tube on the frequency of vibration are illustrated, where the total 
length of the tubes is kept constant and n,, denotes the fre- 
quency for the straight draft tube. When the draft tube is bent 
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Relation between q and fq (1 —q); (B) relation between q and 


sharply, i.e., p/2R, < 1.5, the frequency of vibration is increased 
by the bending and the vortex core exists only in the vertical 
portion of tube and disappears at the bend. In this case, the 
same frequency is observed when the horizontal portion of the 
tube is removed. On the other hand, when the draft tube is 
bent smoothly, i.e., p/2R, > 3.0, the frequency of vibration is 
independent of the bending and the vortex core does not dis- 
appear at the bend but continues horizontally to the end of the 
tube. Nearly the same thing is evident in a conical draft tube hav- 
ing a small divergency. For prevailing draft tubes this ratio will 
be less than 1.5 and, hence, it may be considered that the draft 
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Table 2 L = 9ft.,5 = 4 deg 


R (ft) 2.0 2.5 3.0 | 3.5 | 4.0 | 4.5 mean 
4, 24. 
6.92 6.27 5.85 5.57 530 | 5620 5.07 “4.79 5457 
0.6 5.78 5.23 4,88 464 447 | 4,33 4.25 | 4.14 4,07 4.64 
4.94 4.48 4.18 3.98 Sere 3.62 3.55 3.49 3.98 
0.8 as 3-92 3.66 3248 3-35 | 3-25 3.17 3.10 3.05 3.48 
0.9 3.83 3.48 3.25 3.09 2.98 | 2.89 2.82 2.76 2.71 3.09 
mean value 5216 4.68 4.36 4.00 | 3.88 3-79 3-71 3.64 
38 
G=10° 
SOLD LINE:6=4° 
1"3 t 
30 
12 t Tk / 
22 / 
| 
| 32 
2 3 4 
Fig. 12 Bending effect on frequency of vibration — = 
VA 66/49) 
tubes are bent sharply. In the former case, water in the horizontal 49 Pa 
portion of the tube vibrates in the axial direction with the same 7, 99° 
frequency as the vortex core at the lower end of the vertical por- ean 62) 
tion of the tube, and the frequency of vibration of the draft tube ea 131015) 
is chiefly controlled by the lower end condition of the tube. In oe 131) 
the latter case, the frequency is influenced by the horizontal por- g ———= (164) (131) 16-4 
tion of the tube. When the value of p/2, lies between 1.5 and 1 95 —" 12 78 Dh 
3.0, it may be considered that the draft tube vibrates with either L (fe) 


of these two modes. In any case, a considerable amount of 
pressure fluctuation corresponding to this frequency is also ob- 
served in the draft tube. 

Next, this frequency is calculated for a straight tube and a 
sharply bent tube. As Ry = R; + L tan 6 (Fig. 6), the frequency 
of the vortex core at the lower end of tube is given from Equation 
(23) as 

ng = mN"(b,/by) {1 — (q/Q)} (24) 


by = {1 + (L/Rs) tan 5}? (25) 


and R; = R;. In Fig. 13 the value of b, against L and Rs is 
plotted ford = 3 deg and 6 = 4deg. The relation between and 
m1 — q) in Equation (24) for the given values of 8:2, is illus- 
trated in Fig. 11(B), where it was assumed that 2 = 1 since the 
speed of the turbine is usually kept constant. Such a variation 
of frequency of draft-tube vibration with turbine load is expected. 

Now, as mentioned previously, if 2 = 1, F takes a maximum 
value at about q = '/2 and severe vibration of the frequency 
determined by Equations (25) can be expected. In this case, 
a large vortex core is developed in the draft tube as can be seen 
from Fig. 9., 

For approximate calculation of the frequency of vibration, 
m, = 1 can be taken from Fig. 10. Putting g = '/2 and m = 1, 
Equation (24) gives 


where 


= (b,/2b,)N (26) 


Coefficients b; and ,, as illustrated in Figs. 8 and 13, are func- 
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Fig. 13 and R; curves 


tions of the dimension of the turbine runners and the draft tubes. 
The values of 2b,/b; as recorded in Table 2 are given on the 
assumption that 6 = 4 deg and the length of the draft tube L is 
9 ft. The mean value of 2b,/b; is approximately 4. Hence, 
putting 2b,/b; = 4 into Equation (26), the following formula is 
obtained for a rough approximation of the frequency of vibration 
caused by the vortex core 

= N/4 


Rheingans has given a formula for the frequency of the draft- 
tube surge as: 


(27) 


n, = N/3.6 (28) 


The foregoing formulas of n, and n, have approximately the same 
values. The relation between the frequency of the vibration of 
the draft tube and the flow rate of water, Fig. 11(B), has approxi- 
mately the same relationship as that observed by Rheingans be- 
tween the frequency of draft-tube surges and gate opening. 
Thus, it can be considered that the draft-tube surges are created 
by the eccentric vortex core. 


Conclusion 


A periodic vibration of the draft tube is caused by the eccen- 
tric vortex core of circulating water flowing through the draft 
tube. The frequency and force of this vibration can be calcu- 
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lated by Equations (21) and (24) when the dimensions of draft 
tube and the turbine runner and the load conditions of the water 
turbine are given. The vibrating force becomes a maximum at 
about half gate opening and then violent vibration occurs. A 
vibration known as the “‘draft-tube surge’ is ascribed to this 
eccentric vortex. 


Acknowledgments 


My appreciation is extended to Prof. K. Shogenji, Nagoya 
University, who recommended this study and made helpful 
suggestions; to Prof. Y. Furuya, of Nagoya University, who 
carefully checked the original draft and made valuable sugges- 
tions; to Mr. R. Hial Pepper, chairman of the ASME Hydraulic 
Prime Movers Subcommittee, who assisted me in clearing up the 
English and made helpful sugggestions. 


References 
1 Lord Kelvin, “‘Vibration of a Columnar Vortex,” Philosophical 


42 / sANUARY 1961 


Magazine, vol. 5, 1880, p. 155, or Gray and Mathews, “‘A Treatise on 
Bessel Functions,’’ Macmillan Publications, London, England, 1922, 
pp. 120-130. 

2 J. Ackeret, “Uber Stationire Hohlwirbel,” Ingenieur Archiv, 
vol. 1, 1930, pp. 399-402. 

3 SS. Uchimaru and §. Kito, “‘On the Vibrations of the Draft Tube 
of a Water Turbine,” Journal of the Faculty of Engineering Tokyo 
Imperial University, vol. 18, February, 1930. 

4 W. J. Rheingans, ‘Power Swing in Hydroelectric Power 
Plant,”” Trans. ASME, vol. 62, 1940, pp. 171-177. 

5 Mile and Thomson, ‘“‘Theoretical Hydrodynamics,’’ Macmillan 
Publications, London, England, third edition, 1955, pp. 172-173, 
351-352. 

6 H. Lamb, ‘‘Hydrodynamics,’’ Dover Publications, London, 
England, sixth edition, 1932, pp. 222-223. 

7 K.Shogenjiand Y.Shimoyama, ‘On the Flow of Water Through 
the Draft Tube of a Water Turbine,” Journal of the Faculty of Engi- 
neering, Kyushu Imperial University, September, 1933. 

8 K. Bammert, “Die Kern-Abmessungen in Kreisenden Stré- 
mungen,”’ Zeitschrift, VDI, vol. 92, 1950, pp. 777-784. 

9 C.D. Rengelley, ‘‘Flow in Viscous Vortex,” Journal of Applied 
Physics, vol. 28, 1957. 


Transactions of the ASME 


| 
a - 
bie 
4 
Ne 
De: 
« 
y 
4 
x 


CARL W. LUNDGREN 


Engineer, Technical Engineering Analysis 
Branch, Division of Design, Bureau of 
Reclamation, U. S. Department of the 
Interior, Denver, Colo. 


Charts for Determining Size of 
Surge Suppressors for Pump-Discharge Lines 


Surge suppressors are often used for the control of water-hammer pressures which occur 
in pump-discharge lines subsequent to power interruptions. This paper includes charts 
for determining the size of the required suppressors when water-column separations do 


not occur. 


PUMP-DISCHARGE LINES must be protected 
against high pressures which occur subsequent to power interrup- 
tions at the pumping units. After a power interruption the re- 
duction in pump speed is rapid, and the momentum of the water 
column creates low pressures in the line and possibly water-column 
separations. After the water column reverses, high pressures 
may develop in the pump-discharge line. Various devices such 
as surge tanks and air chambers are used to raise the minimum 
transient pressures and to reduce the subsequent high pressure 
surges. Surge suppressors may also be used to reduce these pres- 
sure surges. 

A typical surge suppressor consists of a pilot-operated valve 
which opens quickly after a power interruption through loss of 
power to a solenoid, or by a sudden pressure reduction at the 
surge suppressor, thereby providing an open valve for releasing 
the reversed flow of water. The valve is subsequently closed at a 
slow rate by the action of a dash pot to control the pressure rise, 

The pressure rise which could occur with simple check valves 
and without water-column separation is approximately equal to 
the initial pressure drop at the pumps, with a maximum of about 
the static head. If no check valves were provided and if the 
reversed flow was allowed to pass through the pumps, the pressure 
could rise to a maximum of about 50 per cent of the pumping 
head depending upon the inertia of the water column, the rota- 
tional inertia of the pumping units, and the pump characteristics. 

A surge suppressor can reduce the pressure rise to any value 
below the maximums just given. Surge suppressors may also be 
used advantageously in some cases where water-column separa- 
tion occurs, but this subject will not be considered in this paper. 


Contributed by the Water-Hammer Subcommittee of the Hydrau- 
lic Division and presented at the Annual Meeting, Atlantic City, 
N. J., November 29-December 4, 1959, of THe AMERICAN Society 
or MEcHANICAL ENGINEERS. Manuscript received at ASME Head- 
quarters, July 23, 1959. Paper No. 59—A-73. 


Graphical Determination of Head Rise With a Surge 
Suppressor 


The method of determining the size of surge suppressors is 
based on a graphical method of water-hammer analysis which is 
explained in detail in Reference [1].! In the following analysis the 
surge suppressor is assumed to open rapidly to the full open posi- 
tion prior to the reversal of flow. Rotational inertia effects of the 
pumping units are considered to be small when compared to the 
kinetic energy of the water column and are therefore neglected. 

A representative problem will now be considered to demonstrate 
the water-hammer solution. A typical pump discharge line is 
shown in Fig. 1. The graphical water-hammer solution for the 
given conditions where the surge-suppressor valve is opened 
rapidly after a power interruption is shown in Fig. 2. A repre- 
sentative pressure wave is carried through the diagram as shown 
by the solid line. 

The discharge-line friction is assumed to be concentrated ad- 
jacent to the reservoir at Point B shown in Fig. 1. The friction is 
represented by a parabolic curve in Fig. 2. A parabolic curve in- 
dicating the discharge characteristic of a surge-suppressor valve 
fully open is also shown in Fig. 2. The vertex of this curve is 
located at a point corresponding to atmospheric pressure and 


1 Numbers in brackets designate References at end of paper. 
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zero flow. The discharge capacity of the surge suppressor is de- 
fined by the equation v = 


The pressure wave which will produce the maximum pressure 
rise for any chosen size of surge suppressor and pipeline constant 
(2p) is determined by the wave which is tangent to that particular 
surge-suppressor discharge curve. This is shown by a dashed 
line in Fig. 2. 


Construction of Surge-Suppressor Charts 

The results of a series of these graphical water-hammer solu- 
tions are shown in Figs. 3, 4, 5, and 6. These charts indicate the 
required surge-suppressor flow capacities to limit the maximum 
head rise at the pumping station to zero, 10, 20, or 30 per cent of 
the initial head. 

It should be noted that these charts were derived on the basis 
that water-column separation does not occur. This means that 


the pressure must not drop below the vapor pressure of water in 
any part of the line. These minimum pressures may be deter- 
mined by methods shown in Reference [1]. 


Typical Example 

The following example taken from Reference [2] will illustrate 
the use of the charts. The general profile of the line is shown in 
Fig. 1. The basic data for the pumping installation are as 


follows: 
a = 2820 fps 


= 33.7 cfs 

= 5.81 fps 

== 220 ft 

= 3940 ft 

= aVo/(gHe) = 2.31 


150 


Surge suppressor 
discharge curve 


NOTE 
Numbers on curves 
indicate friction as 
0 per cent of initial 
pumping head. 


Fig.3 Surge suppressor capacities for zero head rise at pumping station 
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NOTE 
Numbers on curves 
indicate friction as 
0 per cent of initia! 
pumping head 


20 
2p 


Fig. 4 Surge suppressor capacities for 10 per cent head rise at pumping 
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20 
Fig. 5 Surge suppressor capacities for 20 per cent head rise at pumping 
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NOTE 
Numbers on curves 
indicate friction as 
Q per cent of initial 
pumping head. 


2p 
Fig. 6 Surge suppressor capacities for 30 per cent head rise at pumping 


Assume H, = (0.10)(220) = 22 ft 


Reference [2] indicates that water-column separation will not 
occur. 

It is desired to determine the size of the surge suppressor which 
will limit the head rise at the pump to 0 per cent. From Fig. 3, 
Q,/Q. = 0.43. Therefore the surge suppressor must have a flow 
capacity of 43 per cent of the initial pumping-station discharge. 
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DISCUSSION 
G. Combes? and G. Pérard? 


The use of the proposed surge suppressor is restricted to cases 
in which no water column separations occur at any point in the 
pipe. 

It is felt, however, that the author should also have pointed 
out that this only holds good for cases in which cavitation is not 
yet likely to occur, even with the proposed surge suppressor in 
the circuit. 

It is important to note that a surge suppressor designed to 
open rapidly in the event of a breakdown in the electrical supply 
may, under certain conditions, cause cavitation pockets that 
would otherwise not have occurred. 

It is therefore felt that users should be warned against apply- 
ing this type of surge suppressor in such cases for, although 
it protects the pump against pressure surges in any case, it 
is generally ineffective as far as the actual pipeline is concerned, 
in which certain points are subjected to cavitation. 

A particular application mentioned by the author as an example 
is the first waterhammer case considered by J. Parmakian in 
his article entitled “(One-Way Surge Tanks for Pumping Plants.” 
In this example, no cavitation pockets occur, since the iner- 
tia of the motor-driven pump set is sufficiently high to allow 
the set to remain inoperative for the requisite length of time. 
Under these conditions, the maximum depression reached is 
0.92 Hy and the longitudinal section of the pipe is such that 
the minimum pressure remains below the vapor pressure at all 
points within it. 

However, if a surge suppressor is fitted at the pump, any 
sudden opening of this item causes a depression equal to Ho at 
the pump, and there is no evidence to suggest that cavitation 
may not occur at certain points in the pipeline. Although this 
is rather unlikely in the example quoted by the author, since 
the differences between the values of the maximum depressions at 
each point of the pipeline are always small, both with and with- 
out a surge suppressor, e.g., 0.08 H, at the pump in the case 
under consideration, this assumption is certainly not true for 
all cases. Whereas even the slightest high point between the 
pump and the tank can remain below the minimum pressure 
line in the first case, it may be above it in the second case. 

The curves therefore obviously then no longer apply, and in 
order to find out whether or not they may be used, one often 
has to produce a more complicated diagram than the one giving 
the dimensions of the surge suppressor itself. 

In order to emphasize the interest of the proposed system, 
it should be pointed out that the surge suppressor should either 
be installed at the pump or at the pipeline high point nearest to 
the depression line corresponding to the unprotected case. 

Unfortunately, however: 


(a) The system would then be operating outside the range of 
the author’s graphs, 

(b) cases would still occur in which this protection system 
would increase the stresses on the installation, 

(c) users generally prefer having all the automatic controls 
grouped together in the pumping station. 


In our opinion, therefore, in cases where no water column 
separations occur, the most effective means of protection against 
pressure surges is the low inertia pressure relief valve, which 
only opens gradually and at the required instant. This device 
keeps the pressure surges down to definite predetermined values 
and is unlikely to endanger the pipeline by causing depression 
waves. An additional advantage is its simple design to which 
it owes its reliable operation. 


2 Engineer at Sogréah, Grenoble, France. 
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C. P. Kittredge* 

This discussion applies only to the determination of the 
maximum pressure rise for a given surge suppressor and pipeline 
constant as shown by the dashed line in Fig. 2 of the paper. 
Let point 1 be the point designated by A, + 2L/a in Fig. 2, 
point 2-be that designated by A, + 3L/a, and point 3 be that 
designated by A, + 4L/a. The slope of the surge suppressor 
discharge curve at point 1 is —2p as noted by the author. The 
dimensionless pressure head at point 1 is hi = [p(Q,/Qe)]*. 
Remembering that all velocities to the left of v = 0 are negative, 
the dimensionless velocity at point 2 is given by 


vs = (p/h,) [1 — V1 + (hy/p*X1 +h — 


and the maximum value of the dimensionless pressure head is 
given by 


hs = hy — 4pm — 2 Vin 


Thus the maximum pressure head rise can be determined without 
the need for a graphical construction. The nomenclature used 
in the foregoing is identical with that of the paper. 


F. H. Rued* 


This paper certainly gives a useful set of curves for determining 
_ the surge suppressor capacity requirements. As the author 
points out, this paper deals with the type of installation in which 
there is no water column separation anywhere in the line during 
the period of subnormal pressure. Applications, which fall 


3 Associate Professor of Mechanical Engineering, School of Engi- 
neering, Princeton University, Princeton, N. J. Mem. ASME. 

* Consulting Engineer, Pelton Division, Baldwin-Lima-Hamilton 
Corporation, San Francisco, Calif. 
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Fig. 7 Surge suppressor 

1) The solenoid is shown in the energized position and starts the cycle 
when it is de-energized. 

(2) The pressure regulator is set to limit hydrostatic pressure in the pipe- 
line. 

(3) The control valve is normally closed, but opens when the solenoid is 
de-energized and then recloses when latch is tripped. 

(@ The trip latch trips when the surge suppressor has opened a pre- 
deter...ined amount. This starts the closing stroke. 

©) This limit switch indicates when the trip latch has reset. 

(©) This limit switch indicates when the surge suppressor is fully closed. 
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within this limitation, will, in most cases, be those where the 
value of 2p is less than one. 
Problems involved in an actual installation are: 


(a) Water column separation. 

(6) The user’s desire to discharge a minimum amount of water 
through a surge suppressor. 

(c) Consistant time of closure, especially on the longer lines. 

(d) Change of pumping capacity as water demand increases. 

(e) Economics of surge suppressor cost versus pipeline and 
valve strength. 


Because of the large number of variables, the pilot operated 
surge suppressor, which opens when an electrical solenoid is de- 
energized and then recloses under the control of an oil dashpot, 
gives the necessary wide flexibility of control. With such a 
device an adjustment is provided which will determine the 
amount the surge suppressor will open before it starts to reclose. 
The use of the electrical control makes possible the use of various 
interlocks, etc., as may be desirable for any particular installation. 

A large percentage of surge suppressor applications involve 
relatively long pipelines; therefore, to maintain consistant 
closing rates, they should be equipped with oil dashpots (see 
Fig. 7). 

In most installations, the conditions are such that, on interrup- 
tion of power to the pumps, there will be separation of the water 
column at one or more high points in the pipeline. The re- 
joining of these can be the cause of quite large positive pressure 
waves which may rupture the pipe unless some local surge protec- 
tion can be supplied at these points. 

A dashpot controlled air valve, in which the valve opens rapidly 
when a negative pressure develops and then closes slowly under 
control of an oil dashpot, will provide very good surge protection 
for those points on the line subject to water column separation. 


Author's Closure 


The author wishes to thank Mr. Rued, Professor Kittredge, and 
Messrs. Combes and Pérard for their interest in submitting addi- 
tional associated data. 

The comments on the general operation of a surge suppressor by 
Mr. F. H. Rued are valuable contributions to the general sub- 
ject. 

The formulas submitted by Professor Kittredge are based on 
the geometry of the graphical solution and are desirable for con- 
firming specific head rises. The maximum head rise may also be 
obtained directly with the following expression using positive 


valued radicals: 
N Q, 
— — | — —(N-1 
| 


vey (2) - 


The comments of Messrs. G. Combes and G. Pérard are based 
on water column separation which was specifically eliminated by 
the author in his paper since it involves many other hydraulic con- 
cepts. The paper was also purposely limited to specific stated 
conditions in order to develop the pattern forms of the charts. 
However, it may be desirable to make some further comments on 
the use of pressure control devices. 

First, a surge suppressor, or another type of relief valve, will not 
control minimum pressures and will in fact drop the pressure to 
the suction water level. However, the drop of the minimum 
gradient along the pipeline can be reduced considerably by simply 
delaying the opening time of the surge suppressor, so as to allow 
the pump unit inertia to retain control of the gradient. 
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Messrs. Combes and Pérard in their fifth paragraph use the 
word ‘‘below,’”’ which in our normal usage should be ‘‘above.’’ 
They also state that in cases ‘‘where no water column separation 
occurs, the most effective means of protection against pressure 
surges is the low inertia pressure relief valve, which only opens 
gradually and at the required instant.’’ This seems to be a broad 
statement for such a valve. One of the reasons for the develop- 
ment of the surge suppressor is to provide a mechanism which will 
fully open the valve before the sharp fronted pressure waves re- 
turn. A low inertia valve may be suitable in some cases, but in 
other cases the valve may require a somewhat delicate mechanism 
subject to chattering. Many other similar types of protection 
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may be feasible by controlling the operation of check valves, by- 
passes, and the speed of pumps. 

In the author’s experience, which encompasses a considerable 
number of hydraulic systems, appropriate uses for surge suppres- 
sors have occurred relatively few times. Other devices which 
have been used more frequently are the varied types of surge 
tanks, air chambers, additional WR?, and by the prudent location 
of reservoirs and pumping stations. The protective equipment 
for any particular project is generally designed to prevent water 
column separation unless the separation can be definitely con- 
trolled. The transient analysis may be relatively simple or ex- 
tremely involved. 
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Simplified Instrumentation and Field 
Checking of Hydraulic Turbine Governors 


Preventive maintenance in regard to governor equipment is one of the more important 
and, in most instances, one of the least understood phases of present-day power plant 


maintenance. 


This paper will outline the converting of a standard test instrument of 


minimum cost and complexity to a test unit that will permit periodic field checking of 


governor equipment. 


It will also discuss the ways and means of using this instrument 


to determine the condition of a governor unit and pin point areas of trouble. 


Introduction 


 F A GREAT NUMBER of hydro-plant operators and 
maintenance men a present-day governor is somewhat of a 
“mystery box’’ to be let alone unless trouble develops to a point 
where something must be done. In the meantime, they are not 
receiving the full operational benefits of which the governor is 
capable. Primarily this is due to not having adequate instru- 
mentation and without instruments to check a governor there is 
little incentive to establish a more comprehensive maintenance 
program. 

With the rapid development of more sophisticated Base Load 
and especially Load Frequency Control Systems, it is becoming 
increasingly more important to have all governor units in a sys- 
tem operating at or near their peak performance at all times—not 
just the few that may be called upon to regulate the system fre- 
quency. 


Scope 

To obtain satisfactory regulation many factors must be con- 
sidered other than just the mechanical perfection of the governor 
and associated linkage. However, without this perfection it is 
useless to consider the other factors independently in normal 
maintenance work. 

This paper will discuss only the mechanical phase of governor 
checking. It will not go into the more technical aspects of 
governing, as there are many fine books and papers that ade- 
quately cover this subject; nor will it go to any extent into the 
actual adjusting of the governor, as this is normally covered in the 
manufacturer’s operating manual. 

The first part of this paper will describe the conversion of a 
standard purchased instrument of minimum cost to an arrange- 
ment suitable for field testing of governors. The second part will 
discuss the use of this instrument in making routine maintenance 
checks with curves illustrating results obtainable. 


The Instrument—and Its Conversion 


During the past several years, there have been a number of 
special instruments designed to facilitate the testing of governor 
units. As a rule, these instruments are custom-designed and 


Contributed by the Prime Movers Subcommittee of the Hydraulic 
Division and presented at the Annual Meeting, Atlantic City, 
N. J., November 29-December 4, 1959, of Toe American Society 
or MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, July 
30,1959. Paper No. 59—A-124. 
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built and, although very ingenious in design and very satisfactory 
and versatile in operation, they do require considerable time and 
money to put into operation. By utilizing a stock, one-channel 
recording frequency meter with an extra pen, such as an “event 
marker” pen, and fabricating two rather simple actuating stands, 
it is possible to have a very useful instrument at a very reasona- 
ble cost and with high portability. 

The particular basic instrument that Pelton has used is a Gen- 
eral Electric, Type CD, Model 8CE9FK 40Y-1, Recording 
Frequency Meter with an auxiliary pen. However, there are 
other manufacturers that can supply similar instruments which 
can be arranged in like manner—no doubt, some utility com- 
panies already have frequency meters that would be adaptable 
for this purpose. 

The sensitivity of the instrument is of importance in that it 
should be possible to read direct, or estimate, a frequency varia- 
tion of from 0.012 to 0.025 cycles. The G.E. Recorder’s Chart 
range is from 59 to 61 cycles. The smallest division represents 
0.05 of a cycle change. With a chart width of 3°/, in. it is very 
easy to read much closer than the smallest division. Full scale 
pen traversing time should be 2 to 4 seconds. A chart speed of 
approximately 6 inches per minute is satisfactory for recording 
most transient conditions with clarity and, if a 2-speed unit is 
used, a chart speed of 6 to 12 inches per hour is preferred to record 
long term conditions. 

As all of the measurements to be made with the instrument are 
relative, it is not necessary to have the meter calibrated in terms 
of absolute frequency. In fact, it is preferable to operate the 
frequency pen off-center of the strip chart to allow more room for 
the auxiliary pen movement when this is used. 

After selecting and purchasing the frequency recorder preferred, 
two actuating stands must be built. Both of these stands can be 
identical in most instances, as both are used to translate a motion 
to a pen or chart movement. 

Fig. 1 shows the general design of an actuating stand. A piano 
wire of 0.013-in. diameter is used to bring motion from a distant 
point to the actuator with a ratio adjusting lever to permit vary- 
ing the magnitude of the pen or chart movement in relation to the 
input movement. 

The arrangement is self-explanatory and requires only that the 
top of the ratio adjusting lever be at or near the same height as 
the recorder pen arm, with the lower end having a friction clip. 
This friction clip permits over-travel of the driving wire without 
damage to the pen. All pivot pins and drive wire links connect- 
ing into the ratio adjusting lever and pens should have close fits to 
hold lost motion to a minimum. 

Three or four small sheave units that can be “C” clamped to 
suitable supports can be utilized to permit bringing the drive wire 
over long distances, such as from the gate servomotor to the 
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governor cabinet, and soon. <A weight of approximately 4 lb is 
ample to keep the piano wire taut and perform the necessary work. 

Asliding chart holder should be constructed, as shown in Fig. 2, 
and made adaptable to mounting on the recorder’s writing table. 
This will hold small sections of the strip chart and be used in mak- 
ing X-Y recordings. 

The recorder’s chart drive should be arranged so that it can be 
stopped or run independent of the frequency sensing and pen 
driving portion of the recorder. 


Setting Up the Test Unit 


The greater portion of the testing will be done using the X-Y 
Chart Assembly, Fig. 2, which requires mounting the X-Y Chart 
Assembly on the recorder’s writing table and driving the chart car- 
riage by means of one of the actuators mounted in front and in 
line with the chart carriage. (De-energize normal chart drive, 
and remove chart to mount X-Y assembly). With the arrange- 
ment shown in block form in Fig. 3, frequency versus a motion 
can be recorded. 

By de-energizing the frequency portion of the recorder also, 
and mounting the second actuator at the side of the recorder to 
drive the frequency recording pen (Fig. 4), two motions can be 
recorded on the X-Y Chart. 

Remove the X-Y Chart Assembly, reinstall the strip chart, and 
mount the actuators, as shown in Fig. 5, one driving the auxiliary 
pen and the other the frequency recording pen. ‘This arrange- 
ment permits simultaneous recording of two motions and time on 
the normal strip chart; or, by removing the actuator driving 
frequency pen and energizing the frequency sensing portion of the 
recorder, it permits a frequency versus a motion and time record- 
ing on the strip chart, Fig. 6. 


Lost Motion 

In setting up a normal testing procedure, it should be such that 
the area of trouble is located by process of elirnination. All 
mechanical factors that contribute to poor regulation must be in- 
cluded under this test procedure. (The first check should be lost 
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motion between the turbine gates and the gate servomotor.) Set 
up the recorder in the turbine pit, arrangement Fig. 4, taking the 
drives from the gate drive lever near the gate ring and from the 
gate servomotor piston movement. Operate the turbine 
“blocked” (gate limit control) and move the gates slowly in one 
direction approximately 0.1 per cent gate and return to original 
setting. Adjust ratio lever pivot pin to give as large a diagram 
as possible. Take several cards in the range corresponding to the 
loads normally carried. The type of card obtained should be as 
shown in Fig. 7. The lost motion, if any, will be a percentage of 
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the total servo movement, and should not be greater than the sum 
of the normal allowable clearances at all connecting pins between 
the two drive points. If excessive, bushings and possibly pins 
should be replaced. 

The next step would be to determine if there is lost motion be- 
tween the gate servomotor and the governor’s dashpot power pis- 
ton. This can be accomplished in the same manner as the pre- 
vious check, and with a similar diagram being recorded. If ex- 
cessive lost motion is recorded, the drive wire from the power pis- 
ton can be moved to the main governor restoring rockshaft to 
determine whether the trouble is in the restoring cable section or 
in the linkage from the rockshaft to the dashpot power piston. 
Inspection should determine if the lost motion is in the linkage or 
not. If it is in the restoring cable, no doubt a sheave bearing is 
at fault and should be replaced. 


Dashpot 


To determine the effectiveness of the governor dashpot requires 
mounting a dial indicator so that the movement of the compensa- 
ting (small) dashpot plunger stem can be observed. If the dash- 
pot is equipped with an auxiliary dashpot bypass needle, this 
should be made ineffective (closed), leaving only the manual! nee- 
dle effective. By means of the gate limit control, change load 
rapidly in increments of approximately 0.1 servo stroke. Note 
the compensating piston’s response. Its action should be smooth 
and, after stopping the gate movement, it should return to the 
same reference reading each time. Reversing the direction of the 
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Fig.7 Card diagram of gate operating piston versus gates 


GATE MOVEMENT 


gate servomotor travel should give the same results. A jerky 
motion or failure to return to the same reference point indicates 
stickiness or friction in this portion of the dashpot. Clean dash- 
pot thoroughly, including linkage, lubricating all pins, and so on, 
at reassembly. 
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Speed Droop 

Practically all recent governors have a straight line droop 
characteristic. That is, speed level is reduced in direct propor- 
tion to the amount the gate servomotor opens, dependent only on 
the speed droop setting for the ratio. Speed droop can be checked 
closely enough for all practical purposes by setiing the droop 
at 5 per cent and then changing the speed level setting enough to 
cause the gate servomotor to change position by an amount equal 
to one half of its normal stroke, noting the speed level setting 
before changing load and after. If the indicated speed droop is 
correct, it should require approximately 21/2 per cent speed change 
to move the gate servomotor what amounts to one half of its 
stroke. Different settings of droop can be checked in like man- 
ner. 

With the foregoing checks completed, it is in order to say that 
the only remaining sources of trouble would be in the speed sens- 
ing and relay valve sections of the governor. 

Set up the recorder in or near the governor cabinet. Arrange 
to record frequency and, with one actuator, control the X-Y 
Chart Carriage, Fig. 3. Connect the drive wire to a suitable place 
on the gate restoring mechanism. With this arrangement, and 
the governor regulating, an X-Y card is obtained showing how 
much the frequency must change before the governor will cause a 
corrective gate servo movement. See Fig. 8 for the type of re- 
cording that can be expected. The width of the dead band 
clearly indicates how sensitive the governor unit is to a speed 
change and should, of course, be as narrow as possible. The dead 
band will widen with increase in rate of frequency change, so that 
this should be taken into consideration and several cards taken to 
arrive at what might be considered an average rate of change re- 
cording. Most present-day governors are capable of responding 


to a frequency change of from 0.02 to 0.04 per cent speed change, 
which can be used as a guide in determining the condition of the 
unit under test. 

If the dead band is considered to be excessive, then a thorough 
inspection and cleaning of the pilot valve and linkages, relay 
valve plunger, if sticky, and flyball assembly should be made. 
The chief enemy of good speed sensing and regulation in so far as 
the governor is concerned is friction in any form, so that it is im- 
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Fig. 10 Strip chart diagram of gate-operating-piston movement versus frequency 


perative that it be eliminated. Additional tests of frequency 
versus servo movement will indicate progress made in eliminating 
the afore-mentioned trouble. 

Changing the recorder arrangement to that shown in Fig. 6 and 
using the strip chart at the high speed setting, a continuous re- 
cording can be made of frequency versus servo movement, Figs. 
9 and 10. While making this recording, it becomes a very 
simple matter to adjust such items as relay valve feedback to the 
governor head and dashpot compensation in order to obtain the 
maximum rate of servo response without over-shooting. Fig. 9 
shows a recording of frequency versus gate movement that could 
be expected from a governor with a slight dead band. Fig. 10 
shows a recording that might be expected from the same governor 
after corrective maintenance. 


Conclusion 


After checking a number of governor units, a set of curves can 
be assembled that can be used as standards of performance and 
make it possible to quickly determine the condition of a governor 
by comparison. Perhaps in time an industry-wide standard of 
governor performance will be established along with a set pro- 
cedure in making field checks, but, until this becomes a reality, 
each utility company will have to set up its own standards. 

It is hoped that this paper will be of some help in doing this, 


DISCUSSION 
C. L. Avery? 


The instrumentation described by Mr. Wheeler is quite ade- 
quate for analyzing over-all governor performance and our com- 
pany has successfully used essentially the same equipment for 
some time past. Of recent years, X-Y recorders which give 
greater deflection have been developed by several instrument 
manufacturers but these, with the necessary accessory devices, 
are not as portable or convenient as the equipment described in 
this paper. 

We have found that even the type of instrument Mr. Wheeler 
describes may have a measurable dead band. We believe this 
is traceable to static friction of the jeweled pivot bearings of the 
galvanometer element. Although small, it can be eliminated 
by mounting on the galvanometer frame a small vibrator such as 
a telephone-type relay connected to interrupt its own coil cir- 
cuit. 


William B. Hess? 


Publications concerning commercially available X-Y recorders 


} Woodward Governor Company, Rockford, Ill. Mem. ASME. 
? Mechanical and Hydraulic Engineer, Safe Harbor Water Power 
Corporation, Conestoga, Pa. Mem. ASME. 
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or modifications of available instruments to produce X-Y 
records, and the importance of such records for measuring gover- 
nor performance, are very gratifying. Approximately 25 years 
ago I had the privilege of being associated with the late Mr. J. E. 
Allen and his work on developing instruments for testing the 
governors at the Safe Harbor Hydroelectric Station. The 
final instrument capable of providing X-Y records simultaneously 
with a strip chart of time against as many as three variables, as 
well as the many applications of this instrument, are described 
in a paper® published in 1947. 

The availability of X-Y recorders has been a great aid to com- 
mittees responsible for the writing of specifications and test codes 
for governors. The accuracy required is practically impossible 
without the X-Y recorder for the measurement of certain gover- 
nor characteristics that have considerable influence on frequency 
regulation and automatic load control. One of these is the 
measurement of dead band. 

The recorder developed by Mr. Allen is used as a routine main- 
tenance instrument at the Safe Harbor Station. Prior to unit 
outages governor tests are made to determine whether or not a 
particular component of the mechanism will require more atten- 
tion than the routine maintenance and inspection. In addition 
to the data available from the records, experienced personnel can 
obtain considerable information on the performance of the gover- 
nor by observing the instrument during the time the records are 
being made. 


B. R. Nichols: 


The author has described essential, inexpensive attachments 
used in making governor tests and checking governor per- 
formance. 

Much of the ‘‘mystery’’ would disappear if those interested 
in governor performance, but not familiar with governor testing, 
would make at least one of the attachments, so clearly described 
in the author’s paper. 

Anyone interested in governor performance will experience 
a considerable personal satisfaction in making at least one of 
these attachments and connecting the instrument to a governor, 
although the first few attempts may be just to see the results of 
his effort. 

The author has arranged the contents of his paper in a manner 
to provide step by step instructions in making testing equipment, 
setting up the equipment, and performing a number of essential 
tests used in analyzing governor performance. 


3 J. E. Allen and W. B. Hess, ‘Testing Governor Performance on 
Electric Power Systems with Improved Instruments,” AIEE Paper 
No. 47-56. 

4 Engineer-in-Charge, Mechanical Equipment, Hydraulic Depart- 
ment, West Allis Works, Allis-Chalmers Mfg. Company, Milwaukee, 
Wis. Mem. ASME. 
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Improve System Regulation 


This paper presents some of the results and methods of extensive hydro prime-mover 
governor tests conducted at the Big Creek Hydro System of the author's company. Each 


governor response was improved by making co-ordinated governor adjustments. Fre- 
quency-response curves and dead band X-Y charts are included to show the improve- 
ment obtained. Frequency dead band and the governor transient response time were 
improved as much as 50 per cent. A good share of the credit for the results and im- 
provements obtained is due to the use of adequate test equipment. As described else- 
where,' the Mobile Dynamics Laboratory for Studying Generating Plant Controls and 


Governors was designed and used for extensive preliminary tests. 


Later, a small 


compact test rig, described in this paper, was assembled and used for the routine testing 
and adjusting of governors. 


Southern California Edison Company’s generat- 
ing capacity increased from 1,394,180 kw on January 1, 1948 
to 3,256,270 kw on January 5, 1959. As early as 1952, it was 
recognized that proper system regulation and automatic economic 
loading of generating units of an expanding power system could 
only be obtained by “floating” governor control at each generat- 
ing unit. During the planning stage of the automatic area-genera- 
tion-frequency control equipment, questions arose as to the ade- 
quacy, characteristics, and proper adjustment of generating-unit 
governors when operating under the proposed plan. Operations 
of changing generation at several plants automatically and simul- 
taneously as well as regulating system frequency can result in 
hunting between generating plants. 

The Southern California Edison Company’s Hydro Generation 
Division proposed a governor test program. Subsequently, a 
Generation Control Committee was formed, which conceived and 
built the Mobile Dynamics Laboratory Test Trailer! as a tool to 
accomplish extensive dynamic testing in the field. 


Objectives 


Three primary objectives of the governor test program on the 
hydro prime-mover turbines were as follows: 


1 Tostudy the normal operation of the governors and genera- 
tors under automatic-frequency and area-generation control. 

2 To adjust the governors for best response compatible with 
system operation. 

3 To recommend a practical portable test device which will 
enable the maintenance personnel to keep the governors in 
optimum adjustment. 


Each of these objectives will be discussed in order. 


1 A. Klopfenstein, ‘‘Mobile Dynamics Laboratory Invaluable Aid in 
Control Studies,” Electric Light and Power, vol. 36, December 1, 
1958, pp. 38-41. 

Contributed by the Prime Movers Subcommittee of the Hydrau- 
lic Division and presented at the Annual Meeting, Atlantic City, 
N. J., November 29-December 4, 1959, of Tae American Society 
or MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
26, 1959. Paper No. 59—A-149. 
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Normal Operation of Governors and Generators Under 
Automatic Frequency and Area-Generation Control 


Frequency Response. The Mobile Dynamics Laboratory Test 
Trailer contains an impulse generator which generates control im- 
pulses that are identical to those that are received from the area- 
generation control equipment. The impulse generator is cycled by 
a reference signal generator which has a low-frequency limit of 
about 1 cycle in 15 min. By this method the governor speed 
changer and consequently the governor hydraulic and mechanical 
loops are oscillated approximately in a sinusoidal manner. A 
block diagram and pictorial schematic of the governor loops are 
shown in Figs. 1 and 2, respectively. The frequency of oscilla- 
tion is increased until an upper cutoff frequency is determined, 
which causes no change in prime-mover output power. Com- 
parison of frequency-response curves in Fig. 3 shows the improve- 
ment after adjustment. These curves are presented as described 
in ASME Standard 107, published in 1955.* 

Dead Time. A study was made of the dead time between gener- 
ation frequency-control initiation and actual generation changes. 
Dead time of 4 to 6 sec was recorded for hydrogeneration 
changes. This dead time of initiating a generation change is pri- 
marily due to inertia of the penstock water column. This delay 
cannot be reduced by any modifications of ccntrols. 

Impulse Length Versus Generator-Output Tests. Automatic area-gen- 
eration and frequency-control equipment controls the system 
generation by transmitting raise or lower pulses to the proper 
governor speed-changer motors. The constant-magnitude pulses 
can be varied in length from 0.1 to 1.0 sec and adjusted for three 
possible different rates of transmission of 2.4, 4.8, or 9.6 sec. 
Different combinations of pulse lengths and pulse-transmission 
rates provide flexibility for adjusting rate of change of system 
generation. 

Energizing of the governor speed-changer motor causes the 
governor pilot valve to operate which, indirectly, opens or closes 
the prime-mover gates. If the prime mover is operating ‘‘off 
line’’ the speed changer controls the speed of the prime mover; 
when the prime mover is operating ‘‘on line’”’ the speed changer 
controls the prime-mover generation level. The speed droop of 
each governor can be adjusted manually between zero and 5 per 


2 “Frequency-Response Data Presentation Standards and Design 
Criteria,"" ASME Standard No. 107, 1955. 
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Fig. 1 Block diagram of hydro prime-mover governor 


cent. Ata particular droop setting the speed changer shifts the 
governor 60-cycle set point. This permits control of the prime- 
mover output throughout the load range at a nominal system fre- 
quency of 60 cycles per sec (cps). 

A series of tests determined the impulse length, speed motor- 
armature resistance, and speed droop for a particular megawatt- 
per-minute generator output. 

Typical curves of the results are shown in Figs. 4, 5, and 6, 
respectively. The required combination of speed-changer motor- 
armature resistance, speed droop, and control impulse length for 
a particular unit megawatt-per-minute rate can be predicted by 
interpolation between the curves. 


Governor Adjustments for Best Response 


Dead Band. Governor dead band is the magnitude of prime- 
mover frequency deviation before movement of the wicket gates 
or needle valves. Governor dead band is caused by valve over- 
lap, slack, elasticity, and friction in the linkages of speed-govern- 
ing systems which allow small changes of frequency to occur 
without causing a change in gate movement or a change in the 
energy supplied to the prime mover. The measure of insensi- 
tivity or dead band is expressed in per cent of rated speed. 

Dead band of the Big Creek governors when first measured was 
between 0.030 and 0.042 cycles or 0.05 to 0.07 per cent. The 
AIEE Standard® specifies a maximum governor dead band of 
0.036 cycle or 0.06 per cent. 

The dead-band effect was reduced to between 0.020 and 0.015 
cycle by adjusting the flyball sensitivity and increasing the gain 
or ratio of movement between the pilot valve, distributing valve, 
and gates. The pilot valve moves in direct relation to the prime- 
mover frequency or speed; therefore, an increase in the mechani- 
cal ratio and flyball sensitivity will cause a greater movement 
of the distributing valve and gates for a smaller change in fre- 
quency. 

Flyball sensitivity was adjusted to the recommended value of 
0.013 in. per cycle deviation. A mechanical restoring ratio be- 
tween 40 and 50 to 1 was found to be compatible with the recom- 
mended flyball sensitivity. 

Comparison of actual records shown in Fig. 7 indicates the 
reduction of the dead-band effect; Fig. 7(a) is an X-Y chart after 
adjusting, and Fig. 7(b) is an X-Y chart before adjustment. 

Transient-Load Response. The effect of the governor-compensat- 


* “Recommended Specification for Speed-Governing of Hydraulic 
Turbine Intended to Drive Electric Generators,’’ AIEE Standard 
No. 605, effective 1950. 
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ing dashpot on the prime-mover transient load response is shown 
in Fig. 8. Stable operation on the line was obtained without 
compensation. Improvement in total transient load response 
time from 12 to 6 sec was obtained by this investigation. A 
decrease in transient-response time helps the automatic area- 
generation-frequency control to obtain generation changes in less 
time. 

Synchronizing Stability. One of the requirements of a prime- 
mover speed-governing system is to maintain a constant 
prime-mover speed when operating off the line. 

To obtain optimum results a step-by-step adjustment between 
the governor-dashpot synchronizing needle valve and compensat- 
ing crank adjustment. was required. Prime-mover reaction at 
each adjustment was recorded and the most stable operating point 
was determined. After the adjustments were completed the 
frequency stability was approximately 0.05 cycle peak-to-peak 
deviation from 60 cps. With the proper adjustments the 
governor would maintain the prime-mover speed within a band 
which allowed the synchroscope to rotate only 180 deg before 
reversing its direction. Prime-mover frequency-recovery reaction 
from a one-cycle transient change is adjusted for one ‘‘overshoot”’ 
and “‘line-out”’ within 15 to 20 sec. 

Speed-Droop Dials Calibrated. The speed droop by definition is the 
over-all change in sustained speed, expressed in per cent of rated 
speed, corresponding to full gate travel, with identical settings of 
all governor adjustments. To determine actual droop, the prime 
mover was loaded to 95 per cent gate opening with the speed 
changer; the unit was then disconnected from the system and 
allowed to float on the governor at the same speed-changer setting 
that was required for 95 per cent gate opening on the line; the 
measured speed increase for 95 per cent opening was extrapolated 
to 100 per cent and this value was used to calculate actual droop. 

The droop dials are set to be correct at 3 per cent droop with 
minor errors at 1 per cent and 5 per cent because of nonlinearity. 


Need for Compact Portable Device for Measuring Governor 
Performance 

Thorough governor tests using the versatile Mobile Dynamics 
Laboratory Test Trailer indicated that governor dead-band mag- 
nitude and prime-mover frequency oscillations off the line could 
be used as the chief indications of proper adjustment and need of 
maintenance of prime-mover governors. This made it desirable 
to develop compact portable equipment to measure governor 
dead band and prime-mover frequency variations on a routine 
basis. 
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GOVERNOR SCHEMATIC DIAGRAM SHOWING TRANSDUCER LOCATIONS 


Transducers 


Fig. 2 Pictorial schematic of hydro prime-mover governor 


A preliminary portable device, shown in Fig. 9, was assembled 
using some of the components of the Mobile Dynamics Labora- 
tory Test Trailer. The portable device is being used to indicate 
proper adjustment and to measure governor dead band of 18 
hydrogeneration prime-mover governors installed at the Big 
Creek Hydro Power Project of the Southern California Edison 
Company. 

This program proved the portable device was satisfactory for 
measurement of governor dead band, unit frequency oscillations, 
and proper governor adjustments. The portable device is 
versatile and can be used for other dynamic tests. Components 
of the device are listed in Table 1. 


Devices for Measuring Governor Performance 

Linear Displacement Transducers. One 8-in. and two 4-in. commer- 
cial variable-permeance extensometer transducers are used to 
measure small displacements of pilot valves and flyball rods 
which are moved by small forces. The 4-in. transducer is shown 
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Table 1 Components of preliminary portable device for measuring 
prime-mover governor performance 
Approxi- 
mate 
Item cost 
Three mechanica! linear displacement transducers. ...$ 600 
Cabinet, cables, and potentiometer 200 
Frequency-deviation recorder 
Frequency-deviation calibrator 
Three amplifiers 
Two-pen oscillograph 
Intercommunication 
(1959) Total cost 


in Fig. 10. Fig. 11 indicates how an 8-in. transducer is mounted. 
Each transducer consists of a small steel cylindrical core and a 
solenoid coil which is center-tapped. The core is attached to 
the device whose movement is to be measured. The solenoid 
coil is mounted on a stationary bracket and centered longi- 
tudinally and radially about the core. Mechanical friction is 
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eliminated because the core diameter is smaller than the hole 
through the solenoid coil. When the core is centered properly, the 
impedance on either side of the center tap is equal. Core move- 
ment from the center position unbalances the impedance on either 
side of the center tap. The extensometer acts as a sensing 
element and is connected in parallel with a potentiometer to 
form a bridge. When the bridge is excited, unbalanced volt- 
ages appear between center tap and potentiometer slider. Phys- 
ical movements of 0.000050 in. have been recorded. 

Potentiometers Used to Measure Movements of Devices Where Force 
and Friction Are Not a Problem. Movements of gates and needle 
valves of hydraulic turbines are being sensed and measured with 
a precision multiturn potentiometer shown in Fig. 10. The po- 
tentiometer-shaft pulley is driven by a small wire belt. One end 
of the wire belt is connected to the device under study, while the 
other end is secured to a movable weight. This arrangement 
eliminates backlash. The resolution of the potentiometers allows 
0.001-in. movement of gates or needle valves to be detected and 
recorded. 

The sensing potentiometer is made a part of a bridge circuit. 
The bridge is formed by two potentiometers in parallel. One 
is a sensing potenticmeter and the other is a calibrated measuring 
potentiometer. A 3-volt, 2000-cps signal is used to excite the 
bridge. The polarized and rectified signal is sufficiently amplified 
to drive an oscillograph which acts as the bridge null indicator. 

Slow changes in the position of the sensing potentiometer are 
followed by periodically adjusting the bridge to balance with the 
calibrated measuring potentiometer. This adjustment recenters 
the oscillograph stylus when slow sustained changes cause it to 
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Fig.9 Preliminary portable device for testing and adjusting governors; 
can be used for other dynamic tests 


drift off the chart. The new dial reading on the measuring 
potentiometer is then manually written on the oscillograph. 
Small rapid changes that cause small bridge unbalances are then 
continuously recorded on the oscillograph or X-Y recording 
machine at nearly full-scale sensitivity. 

Frequency-Deviation Measurement. A special electronic instru- 
ment, Fig. 9, responds accurately to sma! prime-mover frequency 
changes occurring within 1/;) sec of a 60-cycle base frequency. 

The input signal to this instrument is the nominal 110 volts 
a-c from the generating-unit-metering potential transformers. 
Two networks in parallel within the instrument receive the input 
signal simultaneously. One circuit contains the following: 
An inductance-capacitance band-pass filter section, a full-wave 
rectifier, and a two-stage differentiating amplifier. The output of 
this circuit consists of positive voltage pulses at a 120-cps rate. 
The second circuit is identical except it does not have a band-pass 
section. The second-circuit output consists of negative voltage 
pulses at a 120-cps rate. The pulses derived after passing 
through the filter have a phase relation that is frequency depend- 
ent with the pulses that are derived from the unfiltered signal. 
The two spiked pulse waves are combined by a summing circuit. 

The output of the summing circuit at the nominal frequency 
is a wave of evenly spaced spike pulses alternately positive and 
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Fig. 11 Typical installation of 8-in. variable-permeance extensometer 


negative because the filter at the center frequency has a 90-deg 
phase response. The pulses trigger a simple flip-flop circuit 
which provides a symmetrical square-wave output which is 
integrated, filtered, and amplified to provide a d-c output refer- 
ence signal. When a small change in the frequency of the prime 
mover occurs, the phase-and-frequency-sensitive circuit alters the 
phase relation of the positive spike pulses relative to the negative 
spike pulses; the resulting nonsymmetrical square-wave output 
from the flip-flop circuit, when integrated and filtered, changes 
the d-c output signal in proportion to the prime-mover frequency 
change. 

A special frequency-meter calibrator, Fig. 9, also was developed. 
A 60-cps tuning-fork reference and a small motor-drive variable- 


58 / JANUARY 1961 


speed alternator provide output signals corresponding to various 
deviations from a 60-cps base. 

X-Y Recorder. Astandard commercial X-Y recorder, Figs. 9 and 
12, is used to plot a curve showing the relationship between two 
variables. The two variables required to measure prime-mover- 
governor dead band are prime-mover frequency deviation and 
movement of the prime-mover-source energy control device. 
Electrical signals proportional to these variables are obtained 
from the transducers and amplifiers previously described. The 
time constant of the X-Y recorder is rapid enough to drive the pen 
across the diagonal of a 10-in. X 17-in. chart in 1 sec. One 
tenth of a cycle deviation for 10 in. of pen movement on the Y- 
axis and 2 per cent of total travel of the prime-mover-source 
energy-control device for 10 in. of pen movement on the X-axis 
allowed governor dead-band magnitudes to be measured with an 
accuracy of +0.0025 cycle. Representative dead-band records 
obtained are shown in Fig. 7. 

Amplifiers. Three commercial amplifiers, each having an a-c 
carrier frequency and a medium gain d-c section, are used to excite 
and amplify signals from bridge circuits which have been de- 
scribed. The amplifiers are shown in Fig. 9. The amplifier 
outputs are used to drive the two-pen oscillograph recorder or the 
X-Y recorder. The carrier section, which is used for most 
applications, has a maximum sensitivity of 1 microvolt per 0.1 
cm, a carrier frequency of 2000 cps at 3 volts, appropriate signal 
attenuators and gain control for calibration. 

Metal Cabinet. The amplifiers, frequency meter, and frequency 
meter calibrator are rack-mounted in a commercial metal cabinet 
19 X 18 X 48 in. A removable plywood board attached to the 
top of the cabinet provides space for the X-Y recorder, two-pen 
oscillograph, and intercom. 

Two-Pen Oscillograph. A small commercial two-pen, multispeed 
oscillograph is used to record two variables simultaneously. 
The oscillograph has a frequency response of better than 60 cps. 

Inter ication. Communication between the portable test 
device, the prime-mover governor, and the powerhouse control 
room was required because of distance and noise. A six-channel 
combination receiver-transmitter intercom was borrowed from the 
“Dynamics Trailer’ for this purpose. Headphones of the type 
used in army tanks were provided at the governor cabinet. 
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Fig. 12 X-Y recorder machine 


Test Procedure Using Small Test Rig 


Preliminary Adjustments. The governor is placed on “auxiliary 
valve” and the approximate prime-mover governor adjustments 
as determined by previous tests on a similar prime mover using 
the Mobile Dynamics Laboratory Test Trailer are made. 

The generating unit is disconnected from the system and 
floated on governor control near 60 cps. The portable rig is 
used to measure the unit frequency oscillations and recovery 
reaction to a 1-cycle transient speed change in both the lower and 
raise direction. 

Flyball Sensitivity. The unit frequency and flyball-rod move- 
ment are recorded on the two-pen oscillograph. The unit fre- 
quency is gradually changed one or two cycles, which allows the 
calculation of the flyball sensitivity. Flyball counterbalance 
screw plugs aif adjusted until the proper flyball sensitivity is 
obtained. Most of Edison’s hydro prime-mover governors have 
been adjusted to obtain 0.013-in. movement for a 1-cycle fre- 
quency change. 

Dead Band. The generating unit is synchronized to the system 
and loaded. The X-axis of the X-Y recorder is connected in 
parallel with the gate-movement signal applied to one trace of 
the two-pen oscillograph; the Y-axis is connected in parallel with 
the frequency-deviation signal. When the unit frequency 
changes sufficiently to cause gate movement successively in 
opposite directions, a Léauté* figure is obtained on the X-Y 
recorder. A Léauté figure generally resembles a parallelogram 
and the vertical sides, which represent a frequency change without 
gate movement, are a direct measure of the amount of governor 
dead band. Governor dead-band Léauté figures are shown in 
Fig. 7. The various shapes of Léauté figures have important 
interpretations which can be used as a guide to obtain proper 
governor adjustment. For instance, a rectangular Léauté figure 
which has short sides on the frequency axis and long sides on the 
gate-movement axis would indicate small governor dead band, 
possible gate overtravel, and small incremental speed regulation. 


‘Rufus Oldenburger, editor, ‘‘Frequency Response,” book con- 
taining papers and addresses presented at the 1953 ASME Frequency 
Response Symposium, pp. 21-28, p. 116. 
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Conclusions 

Except for final tuning on certain governors, the three primary 
objectives of the hydro governor program were achieved. 

The hydro units tested and adjusted were made much more 
responsive to automatic control and system-frequency deviations 
by co-ordinated governor adjustments which were made possible 
by the use of adequate test equipment. 

A compact portable device for measuring prime-mover dead 
band and indicating proper prime-mover governor adjustments 
has been assembled and used in field tests. The device has 
proved to be efficient and accurate. The initial cost of the porta- 
ble device is high, but it is expected that, in an electric system 
containing many prime-mover governors, savings can be obtained 
by reducing the time required to adjust governors after over- 
haul and by reducing the time required to find the cause of an 
erratic governor, and ultimately to reduce governor-maintenance 
costs by using the results of routine tests to determine when 
maintenance is necessary. 


DISCUSSION 
C. Concordia’ and F. P. deMello® 


In connection with the author’s description of his compact 
portable device for measuring governor performance, it may be of 
interest to refer the readers to two very simple devices that have 
been used in the past to measure simultaneously the two quan- 
tities, dead band and incremental speed regulation, that we have 
considered to be the most important in determining the over-all 
power system performance as far as frequency and response to 
system control are concerned. These devices are described in 
two discussions of ATEE papers as follows: 


1 Diseussion by J. E. Allen (Pennsylvania Water and Power 
Company), AITEE Trans., vol. 60, 1941, p. 729. 


5 Electric Utility Engineering Section, General Electric Company, 
Schenectady, N. Y. Fellow ASME. 

6 Electric Utility Engineering Section, General Electrie Company, 
Schenectady, N. Y. 
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(2) Discussion by R. Sheppard and C. Concordia (General 
Electric Company), AJEE Trans., vol. 61, 1942, p. 392. 


We note that the frequency response curves of the paper have 
been taken with, in each case, a fixed rate of load change. This, 
of course, causes the amplitude of the load variation to decrease in 
inverse proportion with increasing frequency. It would be of 
interest (and we believe somewhat more easily interpreted) to see 
frequency response curves taken with constant amplitude. 

Finally, we must express our appreciation to the author for 
making available these results of his company’s test program. 


Author's Closure 


Messrs. C. Concordia and F. P. de Mello’s reference to compact 
portable devices for measuring governor performance is appreci- 
ated. 

The instruments described in the reference given by Messrs. 
Concordia and de Mello appear to be limited to measuring dead 
band and incremental regulation. One of the instruments de- 
scribed has a sensitivity of 0.33 to 1.65 in. per 0.1 cycle while 
the other instrument sensitivity appears to be a much smaller 
value. 

The compact group of instruments described in the paper can 
be used to measure the entire governor performance including 
governor flyball sensitivity. Governor dead band diagrams or 
Léauté figures were obtained on the “X-Y recorder’ with sensi- 
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tivities of 10 in. of pen travel per 0.1 cycle deviation and 10 in. 
of pen travel for 0.200 in. of cam or gate movement. This 
equipment can also be used on other dynamic problems to meas- 
ure, with high sensitivity, any variable that can be transduced 
to an electrical signal. 

In making frequency response tests it is necessary to determine 
the input and output variables to be compared. Messrs. Con- 
cordia and de Mello suggest that a constant amplitude of the 
governor speed changer (input) be compared with the generating 
unit megawatts (output). 

The suggestion is well taken and their statement is true that 
load amplitude decreases in inverse proportion to frequency. 
However, our tests are expected to determine characteristics 
which apply when the generating unit is controlled by the exist- 
ing Area Load Frequency Control Equipment. This system uses 
constant magnitude pulses to operate the speed changer motor. 
The gain of the system is determined by the time duration of each 
impulse generated, the number of pulses per unit time and the 
amount of resistance placed in the speed motor electrical circuit. 
During the frequency response test the impulse duration and 
speed changer motor resistance are maintained constant while 
the number of pulses per unit time are controlled by the impulse 
controller which is adjusted to approximate a sinusoidal distribu- 
tion of the constant amplitude impulses. The impulse controller 
is then cycled at constant amplitudes by an oscillator at the dif- 
ferent frequencies. 
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C. L. AVERY 

Hydraulic Turbine Governor Engineer, 
Woodward Governor Company, 
Rockford, Ill. Mem. ASME 


Field Adjustment of 
Hydraulic-Turbine Governcis 


This paper discusses certain aspects of the adjustment of hydraulic-turbine governors 
for stable operation on a-c networks and describes a series of field tests performed to 
determine satisfactory adjustment of units operating on a network of limited capacity. 


Disses for a-c hydroelectric generators are of the 
hydraulic type and are furnished with damping devices to provide 
stable control of the associated generating unit. In the United 
States and Canada hydraulic-turbine governors have been fur- 
nished chiefly with compensating dashpots to provide the 
required damping for stability. 

The action of the dashpot can be considered as consisting of 
two phases: 

Primary Compensation is a function of the feedback ratio from 
the turbine-gate operating mechanism to the dashpot. It is ex- 
pressed as per cent temporary droop, 6. The temporary droop 
may be considered as the per cent speed droop which would be pro- 
duced by full-gate travel acting through the dashpot with its 
needle valve closed. An adjustment of the feedback ratio (ad- 
justment knob, Fig. 1) is incorporated in the governor so that the 
primary compensation can be adjusted to suit the operating re- 
quirements. The temporary droop corresponding to this adjust- 
ment can be determined from the geometry of the governing 
mechanism. 

Secondary Compensation is the recentering action of the dashpot 
after a disturbance. It is expressed as dashpot recovery time T, 
and is a function of the position of the dashpot needle (Fig. 1) 
which can be adjusted to suit the particular installation. For 
any specific needle valve position, the recovery time is the time 
constant of the dashpot recentering action or the time required 
for the dashpot to move 63 per cent of its displacement toward 
the null position if the dashpot centering spring were given an 
initial displacement and released. 

The settings of these adjustments for stability of governors for 
hydroelectric generator units are modified to suit the service re- 
quirements. The optimum settings will depend upon the me- 
chanical and hydraulic characteristics of the unit and on the sta- 
bility of the interconnected electrical network which in turn is 
roughly a function of its size. 

On this basis, networks may be classified as small, large, and 
medium. 


Small Networks 


Small networks include those where the capacity of one unit is 
all or a large portion of the total generating capacity. 

On such a system, the on-load compensation cannot be ap- 
preciably less than that required for off-line (no-load-speed) op- 
eration. 

For no-load-speed operation for a unit with a simple penstock, 
the optimum settings will be in the order of magnitude of 


Contributed by the Prime Movers Subcommittee of the Hydraulic 
Division aud presented at the Annual Meeting, Atlantic City, N. J., 
November 29-December 4, 1959, of THe American Socrety or 
MECHANICAL ENGINEERS, 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August 
13, 1959. Paper No. 59—A-108. 
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T. 
=2— 1 
b= 25° (1) 
and 
=5 T. (2) 
where 
T,= ALY) (water starting time) 
and 
WR?N,? ‘ 
T, = 16 X 10°, (mechanical starting time) 
and where 


= LV (penstock) + LV, (casing) 


+ (draft tube) 

L = length of each corresponding element of entire 
water passages, ft 

Vo = corresponding velocities in water passages at rated 
load, fps 

Hy = rated head, ft 

No = rated speed, rpm 

WR? = unit flywheel effect, lb ft? 

Po = rated power, hp 


These adjustments are based on a transient-speed curve similar 
to Fig. 2, after a small step-load change.'! With a suitable (re- 
cording) frequency meter (preferably portable) the suitability of 
the compensating adjustments can be checked at no-load speed by 
manually upsetting the governor and observing the character of 
the speed-transient line. 


Large Network 


Large networks include those where the capacity of the unit is a 
small portion of the total generating capacity. 

Units designed for operation on large networks are provided 
with relatively less WR? (lower mechanical starting time) than 
units for operation on small networks. Generally they are pro- 
vided with only enough WR? to allow them to be synchronized 
conveniently on the system and the no-load-speed characteristics 
may be poor. A unit with a no-load-speed band of up to 1 per 
cent of normal speed can be synchronized satisfactorily. 

In order to make these units more flexible operationally, the 
compensation is greatly reduced after the unit is connected to 
the network. This is accomplished by opening a bypass in the 
dashpot. This has the effect of automatically opening the needle 
valve, and decreasing 7’, to '/1s of its off-line value or less. 

1 H. M. Paynter, ‘Methods and Results From M.I.T. Studies in 


Unsteady Flow, a Palimpsest on the Electric Analog Art,” George 
Philbrick Researches, Inc., Boston, Mass., 1955. 
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When the unit is liable to be isolated from the large network 
and required to operate on a small portion of it, if the bypass re- 
mains open, severe hunting will occur. It is therefore desirable 
to be able to close it readily under these conditions. For this 
purpose, a solenoid-operated bypass is provided which can be 
closed by interrupting the normal automatic control circuit. 
Fig. 1 shows a compensating dashpot with both mechanically and 
solenoid-operated bypasses which affords the option of vsing 
whichever is most convenient to suit the plant-control scheme. 

For operation on large networks, somewhat less off-line com- 
pensation can be used than is required for small networks and 
such units may be set for a no-load-speed transient similar to 
Fig. 3. 


Medium Networks 


Between the categories of obviously small networks and ob- 
viously large networks are the medium networks and borderline 
cases which, on the one hand, approach the characteristics of the 
small network and on the other hand, the large. Medium net- 
works present the most baffling conditions from the standpoint of 
system speed regulation. 

These are systems with several units or plants operating in 
parallel, chiefly hydro with little thermal capacity, possibly with 
unfavorable loads. 

On such systems inherently unstable units may cause system 
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On the other hand, for flexibility of operation, some 


instability. 
reduction in stability may be possible because of the self-regulat- 


ing characteristic of the network. It then becomes a question as 
to just how much bypass can be used safely. 

As an illustration of some of the problems involved in adjusting 
the governors on such a system and the steps taken to arrive at a 
satisfactory solution, the case of the Nebraska Public Power Sys- 
tem can be cited. 


Nebraska Public Power System 

This system is predominantly hydro with six principal hydro 
plants located on the Platte and Loup Rivers between North 
Platte and Columbus, Nebraska, a distance of about 180 miles, as 
shown in Fig. 4. 

Relative importance of these plants can be seen from Table 1. 

Normally these plants operate in parallel with thermal genera- 
tion at Omaha about 75 miles from Columbus. 

History. In 1945, preparatory to the operation of automatic 
load control, specially drilled bypass rods were installed in the 
governor dashpots at Columbus, Jeffrey, and North Platte. 
These practically nullified the compensation on these units. These 
changes were made to adapt these units for maximum re- 
sponse to tie-line load control signals when interconnected through 
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Table 1 justments were obtained at no-load-speed by making strip charts 

No. Rated Rated of frequency versus time and observing the effects of various com- 

of unit Rated total binations of adjustments. 

Plant units hp head hp Penstock A method of determining the approximate degree of damping 
----3 18000112 versus on-line equivalent needle opening and for comparing the 
Jeffrey Me... tan relative stability of the units for this condition was devised. 
Johnson No. 1.2 13000 114 26000 ‘Simple With a unit operating off the bus at no-load speed, the dashpot 
Johnson No. 2.1 25000 146 25000 Diff. surge tank _ needle valve was opened until a regular hunt could be produced. 
Monroe....... 3 3200 32 9600 Simple The hunting period in seconds per cycle and needle-valve opening 


Omaha with the Southwest Power Pool. Under this condition 
operation was satisfactory. 

On various occasions, when operating separated from Omaha, 
violent hunting was experienced and, on June 20, 1948, while op- 
erating thus, with a single transmission line connecting the eastern 
and western ends of the system, a violent frequency swing was 
experienced which damped out, only to be followed by a sudden 
drop in frequency from some cause unknown which tripped out 
the single tie line and all units except those at North Platte went 
down on overload. 

The governor adjustments were considered suspect as a con- 
tributing factor in the outage and a program to investigate the 
possibility was set up. 


1948 Test Program 


The governors at Columbus, Johnson No. 1, Johnson No. 2, 
Jeffrey, and North Platte Plants were overhauled, adjusted, and 
placed in the best possible mechanical condition. The dashpot 
damping for on-line conditions was arbitrarily increased at Colum- 
bus, Jeffrey, and North Platte, decreased at Johnson No. 2. 

On October 28, 1948, the system was separated from Omaha 
and all units progressively operated on zero droop. Johnson No. 
2 and North Platte (plants with surge tanks and long pipe lines) 
both initiated extreme instability and additional damping was 
indicated at all plants except Johnson No. 1. 

Based on the results of this test, the bypass rods were read- 
justed at Columbus, Jeffrey, North Platte, and Johnson No. 2, 
and on November 2, 1948, the system was again separated from 
Omaha, and each unit operated on zero droop with stability. 

Procedure. A General Electric photoelectric frequency meter was 
used to check the operation of each governor. The optimum ad- 
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in fractional needle turns were recorded. Then the needle valve 
was progressively opened and like readings taken. For small 
amplitudes of hunting, strip charts of frequency were used. For 
larger amplitudes, the gate swings were timed with a stop watch. 

To obtain a characteristic line for each installation, values of 
the period of no-load swings are plotted versus the dashpot charac- 


teristic: 
( 2 
needle 


These characteristic curves appeared to converge at the origin 
as postulated by the dotted lines in Fig. 5. Except at North 
Platte this assumption was sufficiently accurate for the immediate 
purpose of these tests. 

The determination of the proper equivalent needle turns for a 
given machine operating on a given system is based on the fol- 
lowing premises: 


1 The period of hunt of a unit as determined at no-load-speed 
should be higher than the natural period of the system. 

Thus, having determined the stable period for one or two units, 
the proper period for any unit on the system could be estimated. 

2 The hypothetical period of the governor hunt should not be 
less than the natural period of oscillation of the unit and its hy- 
draulie system. 


The latter premise is illustrated by North Platte. The North 
Platte line projected to the origin indicates for 5/s; needle turn a 
hypothetical period of hunting of 3 sec while the actual period of 
hunting for this setting was found (after the test of October 28) to 
be about 9 sec. This is assumed to be the natural period for this 
unit. Any equivalent needle opening greater than 5/i, needle 
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turn would only produce overtraveling of the gates and conse- 
quently hunting. 

On October 25, with the system isolated from Omaha, the vari- 
ous units were operated at zero droop—each unit progressively 
controlling system frequency—and the system frequency ob- 
served. The units at North Platte produced violent instability. 
The unit at Johnson No. 2 also was unstable. With a surge tank 
but somewhat shorter pipeline than North Platte, its characteris- 
tic line probably levels off at about 5 sec period of hunt, below the 
lower limit of observations, thus putting its original adjustment 
in an unstable region. The units at Columbus were incipiently 
unstable, while Jeffrey, set for a higher period of hunt than Co- 
lumbus, did not evidence instability. Johnson No. 1 set for a 
period of hunt of about six seconds showed the best regulation. 
With Johnson No. 2 and North Platte units blocked, the best 
needle opening for the Columbus Plant was determined to be 
7/,, turn corresponding to a period of hunt of about 8 seconds. 

On the basis of this test, the bypass rods were readjusted to 
the equivalent needle turns shown in Fig. 5 and during the test of 
November 2, all units were found to be stable. Instability 
could not be produced by suddenly transferring loads of 2000- 
4000 kw between units. 


1951 Test Program 


In 1948, only North Platte was set up to carry local load. 
At that time it was not recognized that the western plants might 
separate in a block with most of the units relatively undamped. 
Also, the fact that Johnson No. 1 could separate from the system 
and still carry a local load about equivalent to that at North 
Platte was not emphasized. Since then, it had been found that, if 
the system split at Hastings, separating the western plants, 
difficulty was experienced in closing back in. This was also the 
case when it split at Jeffrey leaving Jeffrey and North Platte on 
local load. Therefore, another program was set up to investigate 
the governor action under these conditions. ; 

Procedure. On November 15, 1951, over the noon hour, North 
Platte was isolated from the rest of the system carrying its local 
load. It controlled satisfactorily with about 0.2 cps band and no 
difficulty was experienced synchronizing with the system. 

On November 15, about 8:00 pm, North Platte and Jeffrey were 
isolated from the rest of the system carrying the local load in 
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parallel. A hunt of about 1'/; cps immediately developed. This 
was settled down by adjustment (a) in Fig. 5. 

On November 18, 1951, Johnson No. 1 was operated on isolated 
load. When isolated, the frequency remained normal until the 
governors were manually upset when a hunt between units de- 
veloped. Therefore, an increase in compensation indicated as 
point (b) was recommended. 

Furthermore, it appeared desirable to increase the damping at 
Johnson No. 2 to the value indicated by point (c) to improve sta- 
bility when the western plants are all isolated in parallel. 

The necessary bypass rods to effect these changes were sub- 
sequently furnished the Nebraska Public Power System. 


The surge tanks at North Platte and Johnson No. 2 are of the 
differential type and it may be due to the rapid changes in accel- 
erating and decelerating head produced by this type of tank that 
the break in the characteristic line, Fig. 5, appeared within the 
limits of observation only at North Platte. 

The normal needle-valve adjustment for no-load speed was 
3/,¢ needle turn at Columbus, Jeffrey, and Johnson No. 1 and 
1/, needle turn at North Platte, and Johnson No. 2. 

The on-line equivalent needle turns corresponding to the final 
adjustments were approximately °/s at Johnson No. 1, 1/2 at 
Johnson No. 2, 7/;. at Columbus and Jeffrey, and '/, at North 
Platte. Thus, the governors are more flexible on-load than off- 
line but are stable under all conditions of operation which can be 
anticipated. Also, the relative damping at the various plants 
varies considerably, on-line maximum 7; for North Platte 
being about 8 times the minimum 7’, for Johnson No. 1. 

The rather detailed description of these tests is presented as a 
simple but practicable scheme for determining the optimum set- 
tings for medium networks and portions thereof. This method is 
based on the philosophy that best operation of existing facilities 
is obtained with the minimum damping required for stability 
under any emergency conditions. 

It may be possible to compute the proper governor adjust- 
ments but usually the necessary data on the units and the net- 
work are not readily available. In any case the computations, 
which are based on ideal conditions, must be verified and con- 
firmed by actual field experience. 
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Conclusion 


C. Concordia* 


This very interesting paper raises several questions which have 
concerned us for a long time, and on which we should like the 
author’s comments: 

1 From physical (as well as mathematical) considerations it 
would seem that no matter how many identical generators are 
paralleled on an electric power system, it is still possible that re- 
sponses of the control system just like those of an isolated machine 
can exist. If the machines are not identical but merely somewhat 
similar, our calculations? have shown that there is an improve- 
ment in stability, but we have always been rather disturbed by 
the statement that the reset time constant can be reduced to a 
very small value when a particular machine is connected to a 
network. It has seemed somewhat analogous to lifting oneself 
by one’s boot straps. A possible explanation is that the machines 
that have had their stabilizing means reduced are stabilized by 
other machines (for example, steam electric generating units) on 
the network. 

Some cases of instability in all hydro systems that have re- 
cently been brought to our attention have seemed to us to be 
in line with this speculation. 

2 The relations given in the author’s equations (1) and (2) 
are, we understand, based on analog computer studies in which 
system (load) self-regulation was neglected. Our own studies‘ 
have led us to the conclusions that (a) the principal factor in 
determining the required transient droop is the system self- 
regulation and (b) the principal factor determining the reset 
time constant is the water starting time. In both cases the re- 
lations found were the same, namely that the optimum transient 
droop is at least twice the system self-regulation and the 
optimum reset time constant is at least twice the water start- 
ing time. In view of the usual relatively slow response re- 
quired by the system area tie-line power and frequency control, 
it did not seem necessary to reduce the reset time constant un- 
duly in order to obtain good performance. 


L. M. Hovey® 


The author is to be congratulated in the preparation of this 
paper in which he first points up the fundamental relationships of 
water inertia and mechanical inertia which have to be taken into 
account when adjusting an hydraulic turbine governor. He 
then goes on to indicate what was done on a specific system to 
modify these theoretical considerations to take care of the 
peculiar conditions as existing on a medium sized network. 

It might be interesting to describe our own system which, at 
present, falls into the category of medium sized network and con- 
sists of six medium head hydroelectric plants on the Winnipeg 
River comprising of about 550 Mw of total capacity. All these 
plants, with the exception of one, are equipped with fixed blade 
propeller-type turbines with very short intakes. Some years 
ago we attempted to operate this system with the dashpot 
bypass rods in service for purposes of obtaining better frequency 
regulation, however, we found that on weekends and under light 
load conditions that one particular plant became unstable and 


? General Electric Company, Electric Utility Engineering Section, 
Schenectady, N.Y. Fellow ASME. 
3C. Concordia, 8. B. Crary, and E. E. Parker, ‘Effect of Prime- 


Mover Speed Governor Characteristics on Power System Frequency, 


Variations and Tie-Line Power Swings,”’ AJ EE Trans., vol. 60, 1941, 
pp. 559-567, 734. 

4C. Concordia and L. K. Kirchmayer, ‘‘Tie-Line Power and Fre- 
quency Control of Electric Power Systems—Part II,’’ AJ EE Trans., 
vol. 73, 1954, Part III, pp. 133-141, 145. 

5 Assistant to the General Manager — Planning, The Manitoba 
Hydro-Electric Board, Winnipeg, Manitoba, Canada. 
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would swing the whole system severely. At this time we were 
unfamiliar with the technique of measuring primary and second- 
ary compensation and were not aware of the relationships as 
given under equations (1) and (2) of this paper. Within the 
last year we have readjusted the governors in all these plants us- 
ing the exact relationships as indicated by the author but, for 
purposes of simplicity, used a weighted mean for all machines 
of both water starting time and mechanical starting time. 
These figures came out to 1 and 6 sec, respectively, which, substi- 
tuted in equations (1) and (2), gives a primary compensation of 
33.3 per cent and a secondary compensation of 5 sec. All plants 
have been adjusted for these values; however, it should be noted 
that on a propeller wheel speed no load is at approximately 
30 per cent gate, therefore, the actual primary compensation for 
measurement purposes is assumed to be 33/70 = approximately 
50 per cent. Since making these alterations, we have obtained 
exceptionally stable operation, both on load and off load, and 
have found it unnecessary so far to use the dashpot bypass rods. 
Load rejection tests have been carried out in the last few months 
to ascertain the shape of speed transient and to determine if there 
is any element of instability when the system is disturbed. These 
tests indicated a speed transient of the general shape shown in 
Fig. 2 of the paper. 


In carrying out these adjustments we developed some measur- 
ing techniques which we believe are valid for purposes of setting 
the primary and secondary compensation, as follows: 


1 To measure the primary compensation, the machine is 
disconnected from the system and idling at speed no load. 
The operator now brings the gate limit up against the black 
hand and forces the speed down by an increment of 10 per cent. 
When this speed stabilizes out at this value, i.e., 54 cycles, the 
dashpot needle valve is closed tight and a reading is taken of the 
gate position on the dial. The gate limit is now moved quickly 
out of the way and with the speed error of 10 per cent, the gates 
suddenly open and momentarily stop at a gate position which is 
a function of the primary compensation. Let us assume that 
the gate interval traversed is 20 per cent, therefore, the temporary 
droop in this case is 10/20 or 50 per cent. This test would be 
completely invalid if the speed changed materially during the 
gate movement. We have observed on the tachometer that the 
actual speed remains essentially constant during this period, 
consequently, the speed error remains constant for the gate in- 
crement. In testing, we successively make the above measure- 
ment and by cutting and trying on the adjusting knob of the 
compensating crank, we eventually obtain the correct value of 
the primary compensation. 


2 In measuring the secondary compensation, we attach a 
light aluminum rod as a multiplying lever to the small dashpot 
plunger and by having this arranged to point to a suitable scale, 
we depress the small dashpot piston and allow it to return to 
normal position and by timing the return motion for 63 per cent 
of the initial displacement with a stop watch, we are able to 
obtain the value in seconds for secondary compensation. This 
measurement is determined for several values of the needle 
valve opening and a relationship plotted between fractions of 
needle valve turns and secondary compensation. 

There may be some question as to the validity in using weighted 
averages for the mechanical starting time and water starting 
time for our system and using these figures for setting up every 
machine; however, we feel that, since the plants are quite rigidly 
tied together by transmission lines and since the variation of water 
starting time from one plant to the other is not extreme, this 
approximation gives us satisfactory parameters for adjusting 
our governors. I might add that the plants which are adversely 
affected by this averaging do not appear to be unstable at speed 
no load nor under load conditions. 
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R. D. Ley® 


The author utilizes a sensitive recording frequency meter 
to check the operation of his governors. The plot of speed versus 
time obtained from such a meter is very useful. It is sometimes 
desirable to supplement this plot with a plot of gate position 
against speed. 

A simple device for obtaining this latter relationship may be 
built by replacing the chart drive of a recording frequency meter 
by a sliding block upon which a sheet of paper can be clamped. 
The block is built to slide at right angles to the motion of the 
meter pen. It is activated by a string connection with the wicket 
gate servomotor, or, if that is inaccessible, with a convenient part 
of the governor restoring linkage. An opposed string and weight 
keeps the first string taut. 

With a device of this sort attached to a unit operating on iso- 
lated load, steady state conditions will produce a single dot near 
the center of the paper, if the governor does not hunt. If it 
does hunt, an ellipse will be drawn. 

After a disturbance (generally caused by manually moving 
the pilot valve), the pen will describe a flattened spiral, as the 
unit oscillates above and below steady state conditions. Study 
of the patterns formed with various settings of the governor 
adjustments can lead to settings which are good compromises 
between sensitivity and stability. 

If the governor is badly out of adjustment, or if lost motion 
or broken parts are present, the speed versus gate plot will be 
so odd in shape that even an inexperienced person can detect, 
even though he cannot identify, a fault. 


L. 0. Long’ 


The author is commended on presenting a paper which is a 
valuable contribution toward a better understanding of hy- 
draulie-turbine governor adjustments. The paper brings out 
the importance of compensation, stressing in particular, the im- 
portance of the proper adjustment of secondary compensation 
for any given unit which is subject to variable degrees of separa- 
tion such as from an interconnected power pool, from sections 
of a given system, or from the system itself but still carrying a 
local load. The underlying problem, then, is to obtain good 
response consistent with good stability for a unit on the line 
by proper governor adjustments. 

The standard procedure for governor adjustment is to start 
with the speed-no-load settings. The recommended values for 
the proper speed-no-load settings of the temporary droop 6 and 
the dashpot recovery time 7’, have been mathematically computed 
and studied and are referred to in equation form at the first part 
of the paper. 

When the individual unit is synchronized on the line, it is 
necessary to increase the leakage in the dashpot in order to pro- 
vide adequate flexibility or responsiveness of the unit. That is, 
the dashpot recovery time 7’, must be decreased. The most 
pertinent point in this paper is that the bypass leakage of any 
given unit must be set at a proper minimum value which will 
provide satisfactory response consistent with satisfactory sta- 
bility for the minimum connected inertia of the system. The 
need to determine the proper equivalent needle turns for the by- 
pass leakage is well illustrated by the example given for the 
Nebraska Public Power System. 

It is conceivable that even for a large system network, there is 
a need to re-evaluate the individual settings for each governor 
setting along the lines illustrated by the example given in the 
paper, on the basis that sections of a large system network could 


* Hydraulic Engineer, Great Northern Paper Company, Milli- 
nocket, Maine. 

7The Shawiningan Engineering Company Limited, Montreal, 
Quebec, Canada. 
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separate into medium or small separate networks. Many 
utilities could greatly benefit by such an approach as outlined in 
this paper in reappraising the bypass leakage of each individual 
governor setting in the system. 

The main difficulty of present day governor adjustments of 
the conventional mechanical governor is the awkwardness of the 
procedure for making any necessary changes in the settings. 
Moreover, the information for the mechanical procedure is not 
readily available, and the method, when known, is generally quite 
involved. Hence with available computed values of 6 and 
T,, it is still necessary for the governor test personnel of any given 
utility to know the correct mechanical procedure to set up the 
governor adjustments to obtain approximately the computed 
values. Thus, for example, to obtain a certain value of 5, one 
must know that the adjustments for the cabinet actuator as 
shown in Fig. 1 is determined by the indicator scale setting 
multiplied by either a factor of 0.81 or a factor of 0.45 depending 
on whether the floating lever connecting rod is pinconnected to 
the outer hole or the inner hole of the upper floating lever, re- 
spectively. Likewise, for older type mechanical governors, it 
would be necessary to know the correct corresponding setting 
and multiplying factors. Such information is not available in 
any of the manufacturer’s instruction manuals. Thus it would 
be a great asset for facilitating the proper adjustment of 6 if the 
manufacturer would devise a simple well defined directly cali- 
brated setter for establishing the temporary speed droop. Simi- 
larly, it would be a great asset for facilitating the proper adjust- 
ment of 7, if the manufacturer would devise a simple well de- 
fined directly calibrated setter for establishing the dashpot re- 
covery time. 

As an interim improvement, it is suggested that the final 
setting of the equivalent needle turns for the bypass leakage, as 
determined by the method outlined in the paper, be accomplished 
by employing a turn screw device of identical calibration adjust- 
ment as the needle valve. Otherwise, to accomplish the re- 
quired adjustment to obtain the equivalent needle turns, the 
method involved would be a trial-and-error procedure of adjust- 
ing either the mechanical bypass rod or the needle valve of the 
solenoid operated bypass. The alternative, as indicated in the 
paper, is for the manufacturer to provide special bypass rods to 
effect the necessary changes as for the Nebraska Public Power 
System. 

To pursue this matter of proper bypass leakage further, thought 
should be given to obtaining optimum settings for any given unit 
as it operates in parallel under any combination of block changes 
of connected system capacity. Thus as the unit goes through a 
series of different conditions of parallel operation, the optimum 
equivalent needle turns leakage of the bypass must vary ac- 
cordingly, increasing in a predetermined proportion to the in- 
creasing block changes of connected system capacity, and vice 
versa. To effect such a scheme with the conventional mechani- 
cal governor would require a corresponding combination of 
changes for the equivalent needle turns leakage of the bypass. 
This would indicate that several solenoid operated bypass de- 
vices would be warranted, which would become extremely cum- 
bersome. 

As any power system grows, and as there is a greater tendency 
for these individual power systems to become more and more 
interconnected, the individual power system grid network as well 
as the integrated power pool grid network become more and more 
complex. Consistent with this complexity, it is expected that the 
requirements of the hydraulic-turbine governors will also grow in 
complexity. The complexity will have a tendency to require the 
governor to be very flexible with respect to ease of adjustments 
to facilitate changing the settings and obtaining diversified 
characteristics. It would become more and more difficult to 


devise methods and auxiliary equipment for adapting to the con- 


Transactions of the ASME 


4 
4 
j 


ventional mechanical governor until it will become impossible 
to cope with the increasing complex requirements for the gover- 
nor. Thus it would appear that adoption of the electro-hydraulic 
governor in the future is inevitable. 

The main feature of the electro-hydraulic governor is that all 
governor adjustments could be resolved into equivalent electrical 
circuits which lend themselves to ease of adjustment, ease of 
calibration, and ease of producing required complex character- 
istic functions. These adjustments could be suitably and con- 
veniently located in the control room at the operator’s finger 
tips. Moreover, the equivalent electrical circuits lend themselves 
most readily to automatic sequential switching for automatic 
control. These adjustments would not include the settings for 
opening and closing times of the governor, which are generally 
set mechanically according to hydraulic limitation of the penstock. 


B. R. Nichols® 


The author’s paper is of considerable value for reference ma- 
terial to those interested in making governor adjustments to suit 
local field conditions. 

The author has described a method of determining the required 
dashpot orifice areas, by equivalent needle turns, to obtain the 
optimum governor performance under various field conditions. 

These curves illustrated in Fig. 5 also show that a fractional 
turn of the dashpot bypass needle will cause an appreciable change 
in governor performance; therefore needle valve adjustments 
should not be made by experienced personnel without a 
thorough understanding of the effect a small change in needle 
adjustment will have on the performance of the governor. 

Figs. 2 and 3 are of particular importance for reference to 
those interested in making “off line’ governor stability adjust- 
ments. Curves of the type illustrated in Figs. 2 and 3 could be 
easily made during the initial governor field adjustment and re- 
tained for future reference during maintenance checks. 


E. B. Strowger® 

The author suggests that the surge tanks at North Platte and 
at Johnson No. 2 may, in part at least, be responsible for increas- 
ing the time to reach stable conditions after a load change. If 
the differential surge tank is of the orifice type without a riser, it 
would be more difficult to reduce the period of hunting for the 
governors than would be the case with the ported type tank 
using a riser. This is true because the sudden change in head 
on the unit without the use of a riser is more severe than where 
one is used. 

The amount of stability built in the hydraulic system is also 
a factor in determining the duration of hunt. The point of in- 
cipient instability is the point where the surge wave will not begin 
to augment but where it is about to do so. While this point 
still indicates stability, the amplitude of the hydraulic oscilla- 
tions which persist may be large enough to cause power swings and 
te overwork the governors preventing the plant temporarily 
from contributing to system regulation. The tank area is thus 
an important factor in the stability of the hydraulic system. 
Sometimes, for economic reasons, the tank size is reduced to a 
value close to that corresponding to the Thoma incipient insta- 
bility limit. This increases the period of hunt. A practical 
rule to follow is to increase the size of the tank approximately 
20 per cent over the Thoma minimum, if system regulation is 
important or if the station must at times operate on an isolated 
load with good regulation. 


* Engineer-in-Charge, Mechanical Design, Hydraulic Department, 
West Allis Works, Allis-Chalmers Manufacturing Company, Mil- 
waukee, Wis. Mem. ASME. 

*System Project Engineering, Hydro Stations, Niagara Mohawk 
Power Corporation, Buffalo, N.Y. Mem. ASME. 
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It would be interesting to know the type of tanks used in the 
Nebraska system and the values of surge tank area related to the 
area of incipient instability. 


Ignacy Swiecicki 1° 

In his interesting paper the author describes a practical way of 
adjusting governors in the field for satisfactory network operation 
of the Nebraska Public Power System installed prior to 1945. 
But the writer notices, not without some surprise, that the author 
subscribes to ‘‘the philosophy that best operation of existing 
facilities is obtained with the minimum damping required for 
stability under any emergency conditions.” 

Prof. Henry M. Paynter’s studies, quoted by the author, indi- 
cate that with a purely resistive load on an isolated unit, in case 
of a small step-load change, the minimum relative speed change 
and minimum transient time of adjustment occur with both 
primary and secondary compensation substantially greater than 
the minima required for stability. The reason for this is that in 
the presence of water hammer, 7',, ~ 0, the initial motion of the 
turbine gates to open momentarily decreases the available tur- 
bine output and, vice versa, the initial motion of the turbine 
gates to close momentarily increases the available turbine output 
because of the corresponding transfer of kinetic energy to or from 
the penstock. 

The greater the movement of the gates, the greater is the 
amount of flywheel energy transferred to or from the penstock 
and, therefore, the greater is the speed variation. Consequently, 
in the case of a step-load change, it is important that the turbine 
gates do not overtravel appreciably the new gate position re- 
quired for sustained operation with the new load. 

The values of compensation calculated by Professor Paynter 
minimizes this gate overtravel. It is difficult to visualize 


why the same principles established for a single unit should 
not apply to any network. 


Author's Closure 


We agree with Mr. Concordia that machines that have their 
stabilizing means reduced are stabilized by other machines or 
by the stabilizing effect or self-regulation of the load. Mr. 
Concordia’s discussion explains why, on our so-called medium 
networks, it is dangerous to reduce the dashpot time constants 
of a large proportion of the generating units too far. 

The equations (1) and (2) are presented as typical for small 
networks and for such systems the self-regulation of the system 
can well be neglected. The constants of these equations are 
based on analog computer studies but check very closely calcu- 
lated optimum values. 

For machines operating on large systems, which may tolerate 
comparatively less compensation due to the self-regulating 
characteristic of the system, the temporary droop required is 
still that needed for satisfactory synchronizing of the generator. 
This may differ from the optimum as calculated from the system 
self-regulation. To attempt to compensate for inherent dead 
band and dead time, the on-line dashpot time constant may be 
set somewhat faster than the optimum stated by Mr. Concordia. 
However, we agree that it is wrong to set the response of the 
governor much faster than the response time of the hydraulic 
supply system. 

The trend of tie-line control practice has been to reduce the 
time lags in the control loop. The development of means for 
reducing the response time of the governor has been one phase of 
this trend. However, it must be recognized that the decrease 
in the time for a corrective signal to be converted*to a desired 
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correction of the tie line loading may be accompanied by a 
reduction in speed stability. 

Mr. Hovey’s description of the method followed in the case of 
the Winnipeg River Plants is a valuable contribution to the 
general subject of this paper. His description of methods for 
field evaluation of primary and secondary compensation should 
be very helpful to anyone undertaking such studies. 

The writer prefers the use of strip frequency charts for studying 
operation of units at no-load-speed rather than the X-Y diagrams 
described by Mr. Ley. However, this is a matter of personal 
preference. 

Mr. Long discusses in detail some of the difficulties encountered 
by field personnel and his suggestions are certainly worthy of 
consideration. We might point out that the dashpot of Fig. 1 is 
provided with a needle adjustment of the solenoid bypass equiv- 
alent to the dashpot needle. We now realize that this is not 
clearly indicated in Fig. 1. 

Just as each hydraulic turbine installation differs from every 
other installation, each load network differs from every other. 
Each operating entity follows slightly different operating 
procedure. In this paper we have attempted to call attention to 
one pitfall which may result from emphasis on one phase of 
operation without full realization of its effect on another phase. 
The basie reason for reducing the dashpot time constant for on- 
line operation is to provide more rapid response to load change 
signals. This adjustment is not generally made to reduce 
stability and the fact that it does reduce stability is actually an 
adverse condition which may be overlooked. We feel that Mr. 
Long’s suggestion of a multiplicity of dashpot timing adjustments 
corresponding to various system load conditions would warrant 
careful analysis before going to the complications of such devices 
and their controls—especially in view of Mr. Concordia’s remark 
that the dashpot time constant is dependent on the water starting 
time or hydraulic time constant only. This is indicated likewise 
by Paynter’s equation. 

Therefore it appears that only two adjustments of the dashpot 
time constant should be required—one for optimum response to 
load adjustments and one for optimum speed stability considering 
both normal and emergency conditions. 

It is possible that an automatic adjustment of the temporary 
droop might be desirable, but the difficulty of construction of such 
a device on mechanical-hydraulic governors has discouraged its 
consideration. 

The electric-hydraulic type governor does offer greater flexi- 
bility of adjustments and the application of telemetered control 
signals directly to the governor. By use of speed acceleration or 
derivative stabilization the damping, unlike that produced by a 
stabilizing dashpot and initiated by any gate movement, does not 
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affect the response to supervisory load adjustments when operat- 
ing on a constant speed system. Therefore modification of the 
acceleration sensing adjustments is not required during on-line 
operation for load control, and the governing system of such a 
unit will automatically act to stabilize the system during emergen- 
cies without auxiliary controls. 

We agree with Mr. Nichols’ suggestion that governor adjust- 
ments are often changed by inexperienced personnel and, in our 
experience, this is one very common cause of malfunctioning of 
governors. Perhaps in contrast with some foreign manufacturers, 
American governor manufacturers have made the adjustments too 
accessible. 

The surge tanks on the Nebraska system are of the Johnson 
differential type with risers. We believe that according to 
Thoma’s criterion they are stable. However, at North Platte 
the two units operate from the same surge tank and it may have 
been due to this condition that the characteristic line of Fig. 
5 was noticeably different from the other plants. As we recall 
it, the no-load tests on each unit were made with the other unit 
carrying load. We agree with Mr. Strowger that the orifice type 
of differential surge tank would produce faster accelerating and 
decelerating heads. This would aggravate the phenomenon 
mentioned by Mr. Swiecicki and require relatively more com- 
pensation for speed stability. 

Perhaps the statement questioned by Mr. Swiecicki should be 
restated: “The best utilization of existing facilities is obtained 
with the minimum damping required for stability under any 
emergency condition.”’ Also, stability under emergency conditions, 
refers not to optimum stability of individual portions of a system 
but only that degree of stability which can be tolerated during the 
emergency and which will allow stitching together a system 
easily should it disintegrate; provided, of course, that optimum 
stability or close to optimum stability exists under normal 
operating conditions. Mr. Swiecicki is correct that the established 
principles of speed governing can and should be applied to any 
network as a design procedure. 

The procedure described in this paper is not intended to 
supersede such calculations. The methods suggested therein and 
by the discussers are supplementary and represent different and 
parallel approaches to the over-all problem of system stability. 
However, it is our opinion that there are sufficient imponderables 
involved in the broad problem and so many simplifying assump- 
tions made in most calculations of this type that some sort of 
field checking involving considerable judgment is indicated. 

The author is very gratified that this paper has produced so 
many cogent discussions. We take this opportunity to thank all 
of the discussers for expending time and effort to supplement and 
elaborate so well various phases of the subject. 
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Design of Suction Piping and Deaerator 
Storage Capacity to Protect Feed Pumps 


The effect of transient suction pressure decay on a centrifugal boiler feed pump has 
been under study by Karassik, et al. 


Using concepts established by these authors, 


this paper presents an analytical method for determining the minimum permissible 
weight of water ratio between the deaerator storage tank and the suction piping to the 
boiler feed pump. With sufficient capacity this tank is capable of insuring against 
flashing at the pump's suction, thereby avoiding cavitation and vapor binding of the 


pump. 


Introduction 


OWER PLANT DESIGNERS realize that, to avoid flash- 
ing, the pipeline between a boiler feed pump and a deaerator 
should be as direct as possible and take advantage of the largest 
static head reasonably available in the plant. The safe and 
economical] sizing of the suction line and deaerator storage ca- 
pacity can be achieved by analytically examining the roles of 
such equipment when the boiler feed pump is in greatest danger 
from flashing, i.e., during a sudden decrease in load. 

The most prominent function of a deaerator storage tank is the 
absorption of feedwater surges during load variations to insure 
a continuous liquid supply to a boiler feed pump. In storing 
water, this vessel also stores a considerable amount of heat in the 
form of saturated liquid, which can be released as the deaerator 
pressure decreases. The released heat slows the enthalpy decay 
rate and, as enthalpy is directly related to pressure at saturation, 
the rate of pressure decay is likewise lessened. 

To avoid flashing, with its consequential effects of cavitation 
and vapor binding of the pump, the static pressure at the eye of 
the impeller must never decrease below the vapor pressure of the 


l(a) I. J. Karassik, G. H. Bosworth, B. J. Schmid, ‘Effect of Sud- 
den Load Changes on Centrifugal Boiler Feed Pumps,” American 
Power Conference (Chicago) March, 1952. 

(b) I. J. Karassik, G. H. Bosworth, W. D. Elston, ‘‘Centrifugal 
Boiler Feed Pumps Under Transient Operating Conditions,’”” ASME 
Paper 53—-F-32, October, 1953. 

(ce) I. J. Karassik, G. H. Bosworth, W. D. Elston (series of three 
articles in Power); ‘Effect of Sudden Load Drop in Open Feed 
Cyeles,” October, 1955, pp. 96, 97, 218-220; “Designing for Load 
Drop in Open Feed Systems,’ November, 1955, pp. 87-89; ‘How 
Load Changes Affect Closed Feed Cycles,’ January, 1956, pp. 88, 89, 
202-213. 

Contributed by the Pumping Machinery Subcommittee of the 
Hydraulic Division and presented at the Annual Meeting, Atlantic 
City, N. J., November 29-December 4, 1959, of THe AMERICAN 
Soctety or MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, Decem- 
ber 12, 1957. Paper No. 59—A-20. 


feedwater at that point. However, as it is not practical to 
measure pressure at the eye of the first stage impeller, it is the 
practice to transplant this measurement to the pump entrance. 
A net positive suction head above the vapor pressure (supplied 
by the manufacturer) allows for the decrease in static pressure 
between the pump entrance and the eye of the first stage im- 
peller. 

The actual pressure felt at the pump suction is the sum of the 
deaerator pressure and the static head due to the water level in 
the storage tank above the pump center line, minus the friction 
drop in the piping. The minimum allowable pressure at the 
pump suction is the vapor pressure (which is a function of tem- 
perature only) plus the required NPSH. 

With an initial decrease in load, the deaerator pressure drop 
causes some of the water in the storage tank to flash into steam, 
until saturation is attained at the new pressure. The water in 
the suction line has a static head exerted on it by the level in the 
storage tank, preventing it from flashing immediately. There- 
fore it is considered as a trapped slug of hot fluid which has to be 
moved through the boiler feed pump. (Natural circulation be- 
tween the hot and cold masses in the suction line is neglected.) 

The situation of a decreasing deaerator pressure and a constant 
vapor pressure will continue to exist until all of the water orig- 
inally in the suction line when the load drop started passes into 
the pump. Then, and only then, is the pump entrance considered 
to perceive a drop in feedwater temperature, hence a decrease in 
vapor pressure. As the minimum allowable pressure remains 
constant while the actual pressure decreases, a situation is fore- 
seeable wherein the actual pressure may drop below the required 
minimum, resulting in transient cavitation in the boiler feed 
pump. 

Thus the essence of the problem is to control the rate of pres- 
sure decay in the deaerator so that the pressure at the pump suc- 
tion is not diminished below the minimum permissible. As 
saturated pressure is a direct function of saturated enthalpy, 
the principal control mechanism is the body of hot water stored 
under the deaerator. 


deaerator storage capacity, lb 


Q = flow rate through feed pump suction ho = initial deaerator enthalpy M 
line, cfs h, = deaerator enthalpy at end of resi- jy = condensate or feedwater flows, Ib/ 
V = volume of fluid stored in suction dence time, t = T sec 7 
line, cf h, = condensate enthalpy at end of resi- ee s 
po = initial deaerator pressure, psia 


T = residence time, sec dence time 
h = deaerator enthalpy at any time ¢, 


Btu/lb 
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line, lb 


m = weight of fluid stored in suction 


deaerator pressure at end of resi- 
dence time, psia 


ll 
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Fig. 1 Transient vapor pressures with a sudden load drop 


Residence Time 


A limitation to an allowable pressure decay rate is presented 
by the suction line. It not only establishes the available NPSH 
at the pump suction, but also contains a volume of fluid which 
must pass through the pump before the suction vapor pressure 
will start to decay. The time absorbed in passing this high tem- 
perature water is referred to as the residence time of the suction 
line and is defined by: 


T = V/Q = m/W (1) 


This concept is illustrated in Fig. 1. At ¢ = 0, the deaerator 
pressure starts to decay. However, not untilt = 7, the residence 
time, is the vapor pressure at the pump suction likewise con- 
sidered to decay. 


Deaerator Pressure Decay 


To arrive at an uncumbersome expression for the deaerator 
pressure decay, a number of simplifying assumptions have to be 
made. The equations evolved here are contingent upon the 
following: 

1 Complete mixing occurs between all fluids entering the 
deaerator, such that the enthalpy of the water leaving the 
deaerator corresponds to that of saturated liquid. 

2 During the residence time, the feedwater and condensate 
flows are equal and constant. 

3 The condensate enthalpy is constant at its magnitude cor- 
responding to the end of the residence time. 

4 The effect of the steam mass and the deaerator’s metal 
mass is neglected. 

Although the magnitudes of the condensate and feedwater 
flows are assumed constant, they always fluctuate in any real 
installation. However, for the time being the constant flows can 
be thought of as the average effective flows. It will later be 
shown that these flows actually cancel in the desired capacity 
equation. 

From the residence time equation it at first appears necessary 
to specify the flows mentioned to determine the condensate en- 
thalpy of assumption 3. However if, as in most designs, the 
volume of piping from the downstream heater to the deaerator is 
greater than that from the deaerator to the feed pump, the con- 
densate enthalpy will be that leaving the heater. If the inlet 
piping to the deaerator is insufficient, or if the designer wants to 
guard against the event of the heater being out of service, the exit 
enthalpy of the next downstream heater may be used. 

Using these assumptions, and considering the deaerator’s 
change in enthalpy during an interval dt: 
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M-dh = hW-dt — hW-dt 


Rearranging terms: 


Ww 


The solution of equation (2a) is: 
w 


+h, (3) 


The corresponding saturation pressure for the enthalpy ob- 
tained by equation (3) can be obtained from the Steam Tables. 
The deaerator pressure curve of Fig. 1 represents equation (3), 
expressed in terms of pressure. 


Storage Capacity 

Fig. 2 is an illustration of how the residence time concept and 
equation (3) are used in designing for storage capacity. It 
actually consists of two curves superimposed on Fig. 1. One 
represents the actual suction pressure at the boiler feed pump 
(deaerator pressure plus static head minus friction drop); the 
other, the minimum pressure allowéal at the pump suction (suction 
vapor pressure plus required NPSH). The condition shown is for 
a critical design, in which the storage tank capacity is the mini- 
mum permissible. 


OP =Stotic Head Minus Friction Drop 


itical Point 


Actua! Pressure at Pump Suction 


inimum Allowable 
f Suction Pressure 


Fig. 2 Transient pressures for critically sized deaerator storage tank 


The juncture of the two curves in Fig. 2 indicates the analytical 
solution to the problem. By letting ¢ = 7’, the residence time, 
in equation (3), the storage capacity is obtained as: 


(4) 


The enthalpy at the end of the residence time, hz, is that for 
saturated water. Its corresponding pressure is: 


(5) 


Equation (5) demonstrates that, if the static head less friction 
drop just equals the required NPSH, p: would equal pp and no 
pressure decay would be permissible regardlessof how immense the 
storage capacity or how small the suction piping volume. 

From equation (1) the residence time can be replaced by m/W, 
yielding 


P2 = po + required NPSH — (static head — friction drop) 


m 


Mo 
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As neither the condensate nor the feedwater flow appears in 
this expression, no decision need be made as to what constant rate 
should be assumed during a period in which the rates are actually 
fluctuating. 


Comparison of Alternate Systems 

Equation (6), by establishing a minimum safe storage capacity 
for a deaerator, can be used to compare alternate arrangements of 
deaerator and suction piping. Such an application is shown in 
Table 1. The computations for the base system are included in 
the appendix. 


Table 1 
Enlarged Increased 
Base suction static 
system line head 
Pipe size, in. 12, 10 18, 12 12, 10 
Gross head, ft 1 
Friction drop, ft 13 3 13 
Required NPSH, ft 51 51 51 
Excess NPSH, ft 26 36 36 
Excess NPSH, psi 10.2 14.2 14.2 
2, psia 77.8 73.8 73.8 
uction water, lb 5540 8760 5985 
Storage water, lb 84,200 91,900 62,800 


Of the two methods used to increase the éxcess NPSH by 10 
feet, enlarging the suction line actually intensifies the transient 
problem, resulting in a larger minimum storage capacity. 

By keeping the suction line as reasonably small as possible, 
the designer can either utilize a smaller storage capacity, or for 
the same capacity achieve a greater margin of protection for his 
feed pumps. 

Attaching dollar-values to this comparison would yield the 
most economical of the three systems. 


Summary 

The following steps are advocated in establishing deaerator 
storage capacity. 

1 Select the expected maximum feedwater flow and deter- 
mine the required NPSH at that flow. 

2 Select the minimum condensate enthalpy expected during 
the residence time. This will probably be that of the second 
downstream heater in the event that the first downstream heater 
is out of service. 


DEAERATOR 


STORAGE TANK 


100° 


PUMPS ¢ 


Fig. 3 Pump suction system for example in Appendix 
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3 Determine the value of the deaerator enthalpy hz at the 
end of the residence time from the relation between ps, o, the re- 
quired NPSH, the static head, and the friction drop. 

4 Solve for the minimum ratio between the storage capacity 
and the capacity of the suction piping. Actual storage must be 
larger than that indicated here. 

5 Ifit is impractical to use as large a storage capacity as indi- 
cated or to reduce the suction piping any further, investigate 
whether an increase in static head is practical. 


APPENDIX 
Example of Minimum Storage Capacity Calculation 


System studied is shown in Fig. 3. 


Gross static head: 90 ft 

Volume of 12-in. pipe: (1)(100)(0.786) = 78.60 ft® 

Volume of 10-in. pipe: (2 X 10 + 1 X 15)(0.546) = 19.11 ft® 
Total volume of piping to one pump: 97.71 ft* 

Outlet enthalpy from second downstream heater: h, = 150.0 


Deaerator conditions at safety valve pressure: 


po = 88.0 psia t = 318.7 F 
ho = 288.9 Btu/lb v= 0.01764 ft?/Ib 


From full flow considerations at boiler feed pump: 


Required NPSH = 51 ft 
Friction drop = 13 ft 


From equation (5): 
p2 = 88.0 + (51 — 90 + 13)/(0,01764)(144) = 77.8 psia 


From steam tables: he = 280.0 
Weight of water in suction piping: 97.71/0.01764 = 5540 lb 


Substituting into equation (6): 


(288.9 — 150.0) 
M = 5540/log, (560.0 — 150.0) 


M = 5540/0.0658 = 84,200 lb 
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DISCUSSION 
C. E. Brune? 


It is gratifying that one of our younger members should give 
his attention to this problem which had not received the study 
it merited until recent years. The author’s paper is a competent 
addition to the subject first publicized by Karassik, et al. 

Besides revealing the value of adequate elevated storage to 
combat pressure decay in feed pump suction lines, it serves to 
emphasize anew the desirability of smaller suction lines. I 
believe this latter point is not yet fully appreciated by all those 
concerned. 

More important, however, is the analytical method presented. 
Because of its simplicity, it should come into fairly general use 
and thus lead to more rational design. One step in the method 
calls for careful judgment, i.e., the second step in the Summary, 
the selection of the minimum condensate enthalpy entering the 


2 American Electric Power Service Corporation, New York, N. Y. 
Mem. ASME. 
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deaerator during the residence time. The value selected has a 
major influence on the final result. 

This seems an appropriate time to mention a new hazard in 
this suction line pressure-decay problem. It is the turbine- 
driver of a single feed pump when steam to that turbine may be 
cut off during a main unit tripout. With no pump operation, 
residence time in the suction line is then of great duration. 
Trouble will result if other means for prompt circulation in the 
suction line are not provided. 

In closing, I would suggest clarification of some parts of the 
paper. The storage tank or space should be mentioned, as well 
as the deaerator, in the first simplifying assumption. The term 
“downstream” heater is ambiguous. Substitution of “lower 
temperature” heater would lead to no misunderstanding. 


igor J. Karassik® 


I have often said that it is risky to run a steam power plant 
but that if we tried to completely eliminate all the risks, we 
could not afford to build one. At best, we can bend our efforts 
toward minimizing the effects of these risks. It is for this reason 
that the author is to be commended for drawing further atten- 
tion to an area of power-plant design which is particularly in 
need of what we may call “risk reduction.’’ He is also to be 
congratulated in presenting a means for evaluating the relation- 
ship between the volumes of the deaerator storage and of the 
suction piping. 

It might be considered as ungracious on my part to quarrel 
with a paper which quotes me so liberally. And yet, I find my- 
self in disagreement with certain phases of the author’s pres- 
entation of his solution. My basic disagreement stems from 
my feeling that a reasonably accurate solution can be derived 
which is considerably simpler to handle than his solution. 

The approach which I have preferred to take is to develop two 
separate relations for the allowable and the actual rates of pressure 
decay in the deaerating heater and then to equate these two rela- 
tions so as to establish the optimum ratio between the volumes 
of heater storage and suction piping. 

Briefly, we can develop the following relations: 


Allowable dp/dqg = —H,/Q, ( 


and 
—(ha— ha) 
K, Q, 


3 Consulting Engineer and Manager of Planning, Harrison Division, 
Worthington Corporation, Harrison, N. J. Mem. ASME. 


Actual dp/dq = (8) 


where 
dp/dq = rate of pressure decay in feet/gallons pumped 

H, = available excess NPSH in feet 

Q, = volume of the suction piping, in gallons 

hzo = enthalpy of feedwater in heater prior to load reduc- 
tion, in Btu/Ib 

he = enthalpy of condensate coming to the heater under 
final load conditions, in Btu/Ib 

K, = change in enthalpy in Btu/Ib per foot of absolute 
pressure reduction at steam conditions prior to 
load reduction (see Fig. 4) 

Q, = volume of feedwater in heater storage, in gallons 


If we equate equations (7) and (8) and transpose, we obtain a 
relation for the desired ratio between the deaerating heater 
storage capacity and the suction piping volume: 


K, H, 


This, I feel, is a simpler relation to handle than the one developed 
by the author. For example, if preliminary calculations yield 
an unsatisfactory answer and revisions are necessary to the size 
of the suction piping and to the ‘heater elevation, the author’s 
method involves recalculations of his values for pe, then for he, 

(hzo — he) 
and finally for log one 
The use of equation (9) in this discussion gives a revised answer 
much more readily. 

The two approaches will give slightly different answers. This 
difference is caused by the fact that the author assumes that 
the actual decay rate follows an exponential curve, while I have 
used a straight line relationship. His approach is theoretically 
the more accurate of the two, mine the simpler. In addition, 
some of the field tests carried out on the effects of sudden load 
reduction fail to show that this exponential relationship is signi- 
ficant. For instance, there is illustrated on Fig. 5 the measured 
deaerator pressure after a severe load reduction of a 100-mw unit, 
plotted against the cumulative flow from the heater. It will 
be noted that, during the critical period which immediately fol- 
lows the load reduction, the rate of pressure decay is essentially 
constant. This, then, is a reasonable justification for using a 
relation of the type 


actual dp/dq = constant 


Minimum Q,/Q, = (9) 


decidedly a cumbersome process. 


to solve for the optimum storage to suction volume ratio. 
To be rigorously accurate, the value of K, used in my calcula- 
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tions should really be the mean effective value of dh/dp over the 
pressure range involved, or approximately the log mean of the 
value at the initial and final conditions. But here again, the 
difference is rather insignificant, is on the safe side, and simplicity 
should be permitted to prevail over absolute accuracy. 

The choice between the two methods is a simple one to make: 
One chooses between a greater degree of theoretical accuracy 
and a greater simplicity. When all is said and done, however, 
we must remember that we both make a number of simplifying 
assumptions to arrive where we do. Is it then worth while to be 
more accurate in one area of the solution than one chooses to be 
in all others? 

The author claims that as neither condensate nor feedwater 
flow appear in his equation (6), no decision need be made as to the 
rate of flow which should be assumed. This is not a true state- 
ment, since the value of hz (the calculated value of the enthalpy at 
the end of the residence time) is established by assuming a certain 
value of required NPSH. The latter is definitely a function of 
the feedwater flow. I have always agreed that the assumption 
of the value of the flow can be postponed in our calculations. 
But it cannot be avoided. By one means or another, we must 
select that value of feedwater flow which we have reason to 
believe will occur after a sudden load reduction. If we are op- 
timistic and hold this value down, we risk the danger of unex- 
pected flashing at the pump. If we are pessimistic and choose 
too high a value, we will be safe but we will have overinvested in 
storage capacity. The palm goes to the best guesser. 

Undoubtedly both solutions will find their respective sup- 
porters. But whatever method is used by the steam power plant 
designer, it is important to remember that one cannot dismiss 
this problem without risking endangering the installation every 
time that a sudden load reduction takes place. 


Author’s Closure 


Mr. Brune, in underscoring the need for careful judgment in 
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selecting the minimum enthalpy of the condensate entering the 
dearator, has touched upon a very vital parameter as far as the sen- 
sitivity of equation (6) is concerned. A poor selection of the 
parameter might easily lead to a storage capacity which is under- 
sized for extreme conditions, « situation this paper is trying to 
help the designer avoid. No doubt some degree of conservation 
is well applied here. 

Mr. Brune’s criticism that I speak of “lower temperature” 
heaters instead of downstream heaters is well taken particu- 
larly in view of the fact that the downstream heater in the 
steam path corresponds to an upstream heater in the condensate 
path. 

Mr. Karassik disputes the veracity of the statement made 
after equation (6) on the grounds that the effective constant 
rate of flow appearing in equations (1) through (4) is needed for 
NPSH considerations. However, as implied in the example, I 
recommend the computation of NPSH and friction drop on the 
basis of full flow (design) considerations. Doing so allows the 
designer to (a) build a small factor of safety into his calculations 
since full flow produces more stringent requirements on the 
system than some lesser effective rate, and (b) simplify his work 
by not having to make a guess as to what the effective flow rate 
should be. If one follows Mr. Karassik’s suggestion here, the 
storage capacity would be no safer than the guess made of the 
flow rate. I am not distorting truth in saying “no decision need 
be made as to what constant rate should be assumed during a 
period in which the rates are actually fluctuating.” It is my 
conviction that the designer should base NPSH and friction loss 
on maximum design flow rates, and not waste his time trying to 
produce a marginal system. 

In explaining why equation (9). yields answers different from 
equation (6), Mr. Karassik claims that I assume the actual decay 
rate follows an exponential curve while he uses a straight line 
relationship. I do not assume the actual enthalpy decay rate to 
be exponential. The exponent arises from the mathematical 
solution of the ordinary differential equation (2a). Furthermore, 
because of the nonlinearity between saturated liquid enthalpy 
and pressure as seen from Fig. 4, my pressure decay curve is not 
exponential, but may conceivably yield a near linear graph. 
Since our models are similar, and our assumptions lead to results 
which are not radically different, the major source of discrepancy, 
as noted by Karassik, is that his K, factor (derivative of saturated 
liquid enthalpy with respect to pressure) is for the initial con- 
dition and not a mean effective value. As seen from Fig. 4, Ky 
is always too low, yielding a storage capacity which is too high. 
Applying Karassik’s method to my base system in Table 1 yields 
a storage capacity of about 90,000 lb, 7 per cent above my figure. 

Mr. Karassik criticizes my method as being ‘decidedly cum- 
bersome”’ in making revisions presumably because a logarithm 
has to be read. (The preparation of other data is equivalent in 
either system.) If one regards the reading of a scale on an 
engineer’s slide rule as decidedly cumbersome, then Mr. Karassik 
is right. However, if one compares the time that is spent in 
collecting data for this problem with that for solving both equa- 
tions (6) and (9), it is quite obvious that the additional time spent 
in solving the second equation is a negligible price to pay for an 
excellent check on the minimum magnitude of a dearator storage 
tank capacity. 

There is no good reason to insist on two schools of thought 
for the solution of this problem. Objectively speaking, equa- 
tion (9) should be looked upon as an upper bound to answers 
obtained from (6), and the use of this check is to the benefit of 
power plant designers. 
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Centrifugal Pumps Used as Hydraulic Turbines 


Centrifugal pumps may be used to advantage as small hydraulic turbines where low 
initial cost is imperative. Pump and turbine characteristics are presented for typical 


units and a procedure for pump selection is discussed. 


ceil PUMPS may be used to advantage as 
hydraulic turbines in applications where the required power is 
rather small and low initial cost is more important than high 
efficiency. An estimate of the performance of a centrifugal 
pump when used as a turbine can be made from published curves 
of complete characteristics for typical pumps.!' The purpose of 
this paper is to present some of the available data on pumps and 
to show how to select a pump which will meet specified require- 
ments when used as a turbine. 


Pump and Turbine Characteristics 


Excerpts from the complete characteristic curves of four 
different pumps are shown in Figs. 1 to4and6to9. Figs. 1 to 4 
show normal pump operation and Figs. 6 to 9 show normal tur- 
bine operation. The scales are dimensionless and chosen to 
facilitate the use of the affinity laws when making computations. 
The quantities nn, Q., H:, Mn, and P, denote the speed, dis- 
charge, head, torque, and power of the pump at normal or rated 
conditions. The normal values used in this paper are those of 
the best efficiency point for normal pump operation. The quanti- 
ties n .. . P without subscripts apply to any other condition of 
operation either as pump or turbine. The corresponding dimen- 
sionless quantities are defined by v = n/na,g = Q/Qn, hh = H/Hn, 
m = M/M,, and hp = P/P, = mv. 

Figs. 1 to 4 show dimensionless head, torque, and power curves 
for normal pump operation plotted against q/y as argument. For 
constant-speed operation, v is constant and the curves represent 
the familiar pump characteristics normalized for the best effici- 
ency point. The pump efficiency 7, is shown in decimal form. 
The DeLaval L 10/8 double-suction pump had the usual type of 


1W. M. Swanson, ‘‘Complete Characteristic Circle Diagrams for 
Turbomachinery,”” Trans. ASME, vol. 75, 1953, pp. 819-826; and 
Cc. P. Kittredge, ‘“‘Hydraulic Transients in Centrifugal-Pump Sys- 
tems,” Trans. ASME, vol. 78, 1956, pp. 1307-1322. The latter 
paper contains a bibliography of additional references. 

Contributed by the Pumping Machinery Subcommittee of the 
Hydraulics Division and presented at the Annual Meeting, Atlantic 
City, N. J., November 29-December 4, 1959, cf THe AMERICAN 
Society or MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August 
13, 1959. Paper No. 59—A-136. 
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Fig. 1 Dimensionless characteristic curves of normal pump operation for 
Delavall 10/8 pump. n, = 1500 double suction. 
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Fig.2 Dimensionless characteristic curves of normal pump operation for 
Voith pump. n, = 1935 single suction. 


Nomenclature 


D = diameter, in. 
H = pump or turbine head, ft of fluid 


H, = pump head at best efficiency point, 
ft of fluid 


hk = H/H, = dimensionless pump head 


hp = P/P, = dimensionless pump or 
turbine power 


M = torque of wheel on fluid, lb-ft 
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M,, = torque of pump impeller on fluid at 
best efficiency 
m = M/M, = dimensionless torque of 
wheel on fluid 
n = wheel speed, rpm 
Nn = pump speed at best efficiency point, 


P,, = power to pump impeller at best 
efficiency point, hp 
Q = pump or turbine discharge, gpm 
Q, = pump discharge at best efficiency 
point, gpm 
q = Q/Q, = dimensionless discharge 


rpm 
n, = specific speed of pump (gpm basis) %» = Pump efficiency 
at best efficiency point Nr 
P = power to wheel, hp vy = n/n, = dimensionless wheel speed 


turbine efficiency 
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Fig.3 Dimensionless characteristic curves of normal pump operation for 
Peerless 10 MH mixed flow pump. n, = 7550. 
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Fig.4 Dimensionless characteristic curves of normal pump operation for 
Peerless 10 PL propellerpump. a, = 13,500. 


single-volute casing with side suction and side discharge. The 
Voith single-suction pump had a suction elbow of about 7.9 in. 
ID which was included in the measurements. The outlet diam- 
eter of the discharge nozzle was about 9.8 in. The overhung 
impeller discharged into a vane diffuser ring having a radial 
dimension of about 2!/sin. It had been built by the J. M. Voith 
Company as a model of a large unit designed for pump-storage 
service. Details of the Peerless 10 MH mixed-flow pump and the 
Peerless 10 PL axial-flow pump are shown in Fig. 5. 

Figs. 6 to 9 show dimensionless head, torque, and power curves 
for normal turbine operation plotted against v/q as argument. 
Note that the values used to normalize these curves are those of 
the best efficiency point for normal pump operation so that maxi- 
mum turbine efficiency yr does not coincide with v/g equal to 
unity. Figs. 6 to 9 are useful when selecting machines to meet 
specific requirements but, since turbines usually operate at nearly 
constant head, Figs. 10 to 13 have been included to show the per- 
formance curves of Figs. 6 to 9 plotted with v/+/h as argument. 
The affinity laws used to convert the data of Figs. 6 to 9 to those 
of Figs. 10 to 13 are 


(3) 
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Fig. 6 Dimensionless characteristic curves for DeLaval L 10/8 pump— 
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Fig. 7 Dimensionless characteristic curves for Voith pump—normal turbine operation 


Selection of a Machine 


A problem encountered in practice is that the head, speed, and 
power output of the turbine are specified and it is required to 
select a pump which, when used as a turbine, will satisfy these 
conditions. Assuming that performance curves for a series of 
pumps are available, a typical set of such curves should be nor- 
malized using the head, power, and discharge of the best efficiency 
point as normal] values. The normalized curves should be com- 
pared with those of Figs. 1 to 4 to determine which figure best 
represents the characteristics of the proposed pump. Once a 
choice has been made, the approximate turbine performance can 
be obtained from the corresponding figure of Figs. 6 to 9. 

Assume, for example, that the turbine specifications are H = 20 
ft, P = 12.75 hp, and n = 580 rpm; and that Figs. 1 and 6 are 
representative of a series of pumps from which a selection can be 
made. The turbine discharge in gpm is given by 


(4) 


16 / JANUARY 1961 


3958P _ (3958) (12.75) _ 25,210 
Hnr (20) (nr) Nr 


Only the normal values Q,, Hn, Pa, etc., are common to the curves 
of both Figs. 1 and 6 so that these alone can be used in selecting 
the required pump. Values of v/¢, h/q?, and nr are read from the 
curves of Fig. 6 and corresponding values of Q computed by 
Equation (5). Values of Q, and H, are then given by 


Q, = Q(v/q) 


Q= 


(6) 
and 
_ (20) (v/a)? 
h/q? h/q? 
For example, in Fig. 6 at v/g = 0.700 read h/q* = 0.595 and nr = 


0.805. By Equation (5),Q = 25,210/0.805 = 3130 gpm, by Equa- 
tion (6), Qn = (3130) (0.700) = 2190 gpm, and, by Equation (7), 
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Fig. 10 Dimensionless curves for DeLaval L 10/8 pump 
turbine operation 
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Fig. 12 Dimensionless curves for Peerless 10 MH pump—constant-head 
turbine operation 


H, = (20) (0.700)2/(0.595) = 16.5 ft. In similar manner, the 
locus of the best efficiency points for an infinite number of pumps, 
each having the same characteristics as shown in Figs. 1 and 6, is 
obtained and each pump would satisfy the turbine requirements. 
This locus of best efficiency points is plotted as curve A in Fig. 14. 
The head-capacity curve for a DeLaval L 16/14 pump having a 
17-in-diameter impeller tested at 720 rpm is shown as curve B 
in Fig. 14. The best efficiency point was found to be at Q, = 
3500 gpm and H, = 37.2 ft. The locus of the best efficiency 
points for this pump for different speeds and impeller diameters is 
given by 


Hy = (37.2) (Qn/3500)? = (3.04/10*) Qn? (8) 


and is shown by curve C in Fig. 14. Curve C intersects curve A 
at two points showing that the L 16/14 pump satisfies the turbine 
requirements. Only the intersection at the higher turbine effici- 
ency is of interest. At this point Q, = 2490 gpm, and H, = 18.8 
ft. Since the turbine speed was specified to be 580 rpm, the 
required impeller diameter is given by 
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Fig. 11 Dimensionless curves for Voith pump—constant-head turbine 
operation 


Fig. 13 Dimensionless curves for Peerless 10 PL pump—constant-head 
turbine operation 


(17) (2490/3500) 


580/720 = 15 in. 


D 


_ V/18.8/37.2 


= 15 in. 
580/720 5 in 


D 


The computed head-capacity curve for the 15-in-diameter impel- 
ler at 580 rpm is shown as curve D in Fig. 14. The turbine dis- 
charge is 3200 gpm from Equation (5) with nr = 0.787. 

The optimum solution would be to have curve C tangent to 
curve A at the point corresponding to maximum turbine efficiency, 
in this case nr = 0.812. Since this would require a smaller pump, 
curve E in Fig. 14 shows a head-capacity curve for a Kj14/12 
pump, which was the next smaller pump in the series. Curve F, 
the locus of the best efficiency points, does not intersect curve A 
showing that the smaller pump will not satisfy the turbine 
requirements. It is important to note that the turbine head (20 
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Fig. 14 Heod-capacity curves for example of pump selection 
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ft) specified for this example was assumed to be the net head from 
inlet to outlet flange of the pump when installed and operated as a 
turbine. 

The curves of Fig. 6 can be converted to show the constant- 
head characteristics of the pump when used as a turbine. The 
value of h = H/H, = 20/18.8 = 1.064 is constant for all values 
of the variables in Fig. 6. The speed is obtained from 


and, solving for the speed 


n= (vp/Vh) (nah) = ) (580V/ 1.064 ) 
= 698 (v/Vh) (9) 


The discharge is obtained from 
g = (Q/Qs) = (9/Vh) Vi 


and, solving for the discharge 


Q = h) = (2490 1.064 ) 
= 2570(9/Vh) (10) 


The power is obtained from 
hp = (P/P,) = (hp/h'/) h'/* 


and, solving for the power 


P = (hp/h'/) (Pyh'/*) = (hp/h'/*) (12.75) (1.064)"”* 
= 13.39 (hp/h'/2) (11) 
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Fig. 15 Computed constant-head turbine characteristics for DeLaval 
L 16/14 pump 


The computations may be checked by 


_ 


3958 


(12) 
Fig. 15 shows the curves for the DeLaval L 16/14 pump with a 
15-in-diameter impeller as computed by Equations (9) to (12). 


Conclusions 

The performance of a given pump when used as a turbine can 
be estimated by the methods described. However, it probably 
will be necessary to apply the affinity laws over such wide ranges 
of the variables that the usual degree of accuracy should not be 
expected. Also, considerable care should be exercised if it be- 
comes necessary to interpolate between Figs. 6 to 9. 

It should be possible to select the correct size from a series of 
pumps to fulfill given turbine requirements even though the com- 
puted performance may differ from the results of subsequent tests. 
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Cavitation in Centrifugal Pumps With 
Liquids Other Than Water 


Conditions leading to cavitation of liquids other than water are examined. The concept 
of the thermal cavitation criterion is considered in view of new test data on hot water 
and other liquids, and its utility for determination of NPSH corrections is demon- 
strated. The effect of the suction specific speed on the NPSH corrections is tentatively 


established. 


Tux boiling of liquid in the process of cavitation is a 
thermal process and is dependent on the liquid properties—pres- 
sure, temperature, latent heat of vaporization, and specific heat. 
During cavitation conditions, damage to the pump performance 
(head-capacity and efficiency) is caused by the appearance and 
disappearance of vapor cavities in the low-pressure zone which 
disrupt !ic dynamic conditions existing during normal pump 
operation wien the flow is all liquid. To make the boiling possi- 
ble the latent heat of vaporization must be derived from the 
liquid flow. This necessary flow of heat from the liquid can only 
take place when the liquid temperature is above that correspond- 
ing to the saturation temperature at the prevailing pressure in 
the low-pressure cavitation zone. This is the same as saying that 
the pressure in the cavitation region must fall below the satura- 
tion pressure corresponding to the liquid temperature. 

The extent of damage to the head-capacity characteristics of a 
pump depends upon the amount of liquid vaporized and the 
vapor specific volume at the existing pressure in the cavitation 
zone. The effect of the liquid properties on cavitation is easier 
to observe by comparing the performance of the same pump, at a 
given speed, handling different liquids. In this way identical 
dynamic conditions are assured inside the impeller passages. 

Deaerated water is the most convenient medium for such 
studies, as it is available in a pure state and provides a very wide 
range of variation of physical properties, which are accurately 
known. Deductions derived from water tests were corroborated 
with other liquids—butane, Freon 11, and others. To compare 
the behavior of the same pump under cavitation conditions the 
pump is allowed to cavitate to produce a measured effect, in most 
cases a loss of head of 3 per cent at the best efficiency point. 

Disregarding the effect of viscosity, the head-capacity charac- 
teristic of a centrifugal pump when it is not affected by cavitation 
is independent of the fluid properties, be it liquid, vapor, or gas. 


Thermal Cavitation Criterion 


The effect of properties of liquids on the behavior of a centrifu- 
gal pump under cavitation conditions can be expressed ana- 
lytically as shown in the following. For simplicity the discussion 
will deal with the best efficiency point (bep) and pump operat- 
ing at constant speed. 

In Fig. 1, curve ABCD is the normal head-capacity characteris- 
tic established under ample submergence so that no cavitation 
occurs. The curve labeled NPSH (solid line h,) represents the 


Contributed by the Pumping Machinery Subcommittee of the 
Hydraulic Division and presented at the Annual Meeting, Atlantic 
City, N. J., November 29-December 4, 1959, of THz AMERICAN 
Society or MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, July 21, 
1959. Paper No. 59—A-158. 
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Fig. 2 Cavitation test at constant speed and capacity 


minimum net positive suction head values for incipient cavita- 
tion, shown by the point C in Figs. 1 and 2. 

Suppose the pump is operating at the bep capacity Q, and the 
NPSH value is reduced below the minimum by the value of Ah, 
sufficient to produce a measurable effect on the performance, such 
as drop of head AH (or drop in efficiency). The head-capacity 
curve will become ABC,E. The saturation temperature cor- 
responding to the new reduced pressure in the low-pressure zone 
of the impeller will be lower than the original temperature by AT. 
If & sufficient time is allowed Ah, Btu per pound of liquid passing 
through the low-pressure zone will be available for vaporization 
of liquid. The value of Ah, is the difference between the enthalpy 
of the liquid at original conditions of thermal equilibrium and the 
new conditions at a pressure Ah, lower than original. This in- 
crement of enthalpy can be expressed as: 


Ah, = C,AT (1) 


where C,, is the specific heat of the fiquid. 

If it is assumed that thermal equilibrium is restored, the follow- 
ing heat-balance equation can be written for each pound of 
liquid passing through the low-pressure zone. The liquid not 
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passing through the low-pressure zone need not be considered as 
it takes no part in the cavitation process. 


1X Ah, =7,L (2) 


where r, < 1 is a fraction of one pound of liquid boiled per each 
pound of liquid, and L is the latent heat of vaporization. By 
making the following substitutions into equation (2) 


V 
r, = = and V,=»,X1 


we obtain 
V,Ah, VL 


YL v, 


V, OL (3) 
where V represents volume, v is specific volume, and subscript 
L is for liquid, and » is for vapor. 

For a given pump operated at the same speed and capacity 
when pumping two different liquids the value of V,/V, denoted 
by B is an index of the extent of cavitation to be determined 
experimentally. 

The absolute value of B depends upon the definition of the 
“measurable effect,’’ such as loss of head, loss of efficiency, identi- 
cal photographic record of the vapor cloud, and others. The 
value B will be referred to as a “‘thermal cavitation criterion.” 
Its numerical value can be calculated in terms of the physical 
properties of the liquid if the value of Ah, or Ah, is known, as will 
be shown later. 

It is essential to introduce the definitions of the ‘‘measurable 
cavitation effects” and review the laws of similarity under condi- 
tions of “controlled cavitation’’ in terms of these definitions. 


Cavitation Measurable Effects 

A study of cavitation in centrifugal pumps is usually under- 
taken with the purpose of establishing ways and means to avoid 
or reduce its damaging effects—noise, vibration, and pitting of the 
pump parts. In certain fields of application it has been found 
possible to realize appreciable savings (in addition to the pump 
cost) if pumps are allowed to operate under controlled or limited 
cavitation. Better materials are required for such services at 
high temperatures for certain composition of liquids (petroleum 
refinery). Under these conditions it is essential to know the ex- 
tent of cavitation which can be safely tolerated and the gain (re- 
duction of NPSH) achieved in this manner. 

The appearance of cavitation usually is evidenced by the drop 
in head and efficiency below the well-established values under 
ample NPSH conditions. Drop in head is by far the more con- 
venient means in commercial testing to judge cavitation progress. 
In this study the consideration will be confined only to the best 
efficiency point (bep). Two cases should be distinguished: 


1 When the head loss AH is expressed as a ratio or per- 
centage of the total H, then the AH/H is the measurable cavita- 
tion effect. For liquids other than water most of the reported 
tests were made with AH/H = 0.03. For laboratory testing a 
lower value may be taken. A drop in efficiency Ae in commercial 
testing is equivalent to AH/H, as efficiency e remains essentially 
constant when head is varied. 

2 The measured effect of cavitation is taken as AH ft, and 
not the ratio A4H/H. The photographic record of the vapor cloud 
in the low-pressure zone of the impeller channel (as used by 
Tenot [1])' is equivalent to the AH in feet. There is a big dif- 


1 Numbers in brackets designate References at end of paper. 
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ference in application of the two methods of expressing the 
cavitation measured effects AH/H ratio, and AH absolute value 
in feet, as will be evident from the following article. 


Cavitation Constant Sigma 

In Fig. 2, if the point C represents the point of the incipient 
cavitation under NPSH, h,, called the critical NPSH, for a safe 
pump operation additional ANPSH = AA, is usually allowed so 
that the ‘‘plant’”? NPSH becomes: 


Plant NPSH = h, + Ah, = h, (4) 


For the purpose of our discussion we deliberately reduce the 
measured (or test) NPSH below the critical value h, by the Ah, so 
that cavitation effects for different liquids can be compared. 
Then we have 


Test NPSH = h, — Ah, (5) 


In pump and water-turbine practice it is customary to express 
cavitation characteristics of the plants as a ratio of the plant 
NPSH to the total head designated by the Greek letter sigma 


NPSH 


c= 


Then equations (4) and (5) take the form: 
For a safe plant operation 
PSH Ah 


+ H 


Plant ¢ = 


and for a controlled cavitation operation 


(7) 
o, is given the term of “critical’’ sigma. Until recently it has 
been generally accepted that for all similar pumps operating at 
the corresponding points on H-Q curve the value of plant sigma is 
constant, irrespective of head. This statement was frequently 
referred to as ‘““Thoma’s Law.” 

There are numerous cases on record indicating considerable 
deviations from the rule ¢ = constant. For example, Figs. 3 and 
4 show a reduction of sigma at higher speeds. Frequently the 
“time effect’’ was named as the cause of such deviations. How- 
ever, a close examination reveals that the real cause lies in a 
failure to differentiate between the two methods of expressing 
the measurable cavitation effects that have been stated. In 
every case it should be borne in mind that, when cavitation has 
progressed to the point that its effects become measurable, the 
dynamic similarity is impaired and affinity laws become only 
approximate. 

The cavitation criterion sigma remains constant for similar 
pumps operating under different heads under conditions of 
limited cavitation when AH/H = constant is used for cavitation 
measured effect. This applies for any liquids other than water, 
when the “corrected” value of NPSH is used for sigma calcula- 
tion. Referring to equations (6) and (7) it follows that when 
AH/H is used as a cavitation criterion Ah,/H and Ah,/H remain 
constant for similar pumps irrespective of head. The develop- 
ment of this relationship is one of the objects of this article. 


Tenot’s Equation 


When the absolute value of the head loss AH in feet is used for 
cavitation measured effect for two similar pumps operated at 
different heads, Tenot’s equation for the plant sigma a; and a 
applies [1]: 
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Fig. 4 Effect of speed on the value of o for the bep (Krisam [3]) 


where ¢, is the critical sigma for the incipient cavitation point, 
which is the same for both pumps. This equation can be trans- 
formed to 


(0, — o,)H; = (02 — 


and 


(9) 


where h, and hy are the plant NPSH values for the pump 1 and 2, 
respectively. Equation (9) states that both points have the 
same margin of NPSH against cavitation. This is the same as 
saying that the absolute pressure at the low-pressure zone is 
the same and is by AH, higher than the saturation pressure of 
the liquid at the prevailing temperature. 

When applied to the case of controlled cavitation, Tenot’s 
equation becomes 


hi — h, = — h, = Ah, 


A, 


(8a) 


and 


h, — = h, — he = Ah, 
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stating that, for the same measured cavitation effect AH ft, the 
depression Ah, below the vapor pressure is the same at different 
heads. 

Note that when two similar pumps are operated at the same 
head, Hi = H:2, both Thoma’s and Tenot’s rules give the same 
result 


= (10) 
When and if means are developed to indicate the incipient cavita- 
tion, then all similar pumps would indicate the same sigma value 
irrespective of head and liquid, since o, = constant under these 
conditions. 


Use of Tenot’s Equation 

Tenot’s equation has several important applications in prac- 
tice, when AH is used for measurable cavitation effect. 

By testing the same pump for cavitation at two speeds it is 
possible to establish the critical sigma o,. From equation (8) 
written for the test values of the same pump at two speeds ¢, is 
found 


o2H, — oH, 


(10a) 


—h 


(11) 


where h, and h; are the test values of NPSH for speeds 1 and 2. 
The same value of o, applies for all similar pumps irrespective of 
size and speeds. 

If o, and the test values of h, of a pump are available, h: for the 
same pump can be calculated from the equation (11). Krisam’s 
test data on Figs. 3 and 4 prove the validity of the equation (11). 
To use these, select any two speeds and calculate o,. Then, 
using this value of o,, calculate NPSH values for any of the re- 
maining speeds. For example, taking 2200 and 2800 rpm points 
on Fig. 3 for calculation of o, we obtain 


5.8 — 3.7 


70.0-44.9 ~ 


Using this value of o, the NPSH value at 1300 rpm is found 


5.8 — hs 
hy = 1.5 


Similarly, from Fig. 4 use 1600 and 2800 rpm for o, determina- 
tion 


2.8 — 1.5 
then for 2200 rpm, hs is 
2.8 —hs 
hs = 1.97 


Figs. 3 and 4 show the values of NPSH determined from ¢ = 
constant rule, which are considerably higher than the test values. 
Note that if a model is operated at a higher speed, and NPSH 
value for the other pump at a lower speed is found from o = con- 
stant, the latter will be in a danger of cavitation. 
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Suction Specific Speed 
Suction conditions as to cavitation can be expressed by another 
cavitation criterion known as suction specific speed and defined as 


8 rpm V gpm 
h,'/* 


(12) 


where h, is the plant NPSH value. This expression makes use 
of the similarity relations (affinity laws). Under these conditions 
the value of S remains constant for all specific speeds being 
equal to 8000 for a normal pump design. Since, as has been 
shown, in practice the similarity relations as to cavitation ¢ = 
constant does not hold, the test values of S for a continuous and 
consistent line of pumps increases with the rotative speed (rpm). 
For example, for a 3-in. 4-stage pump the following values of S 
were found at several speeds [2]: 


rpm = 3550 
2920 
2420 


S = 7600 
6600 
5500 


With a 6-in. two-stage pump the following values were recorded 
[2]: 


S = 10100 
8900 


rpm = 2920 
1475 


Similarly, the suction specific speed is increasing with the specific 
speed; i.e., higher rpm to meet the same head-capacity require- 
ments. This becomes evident when we think of an impeller of a 
higher specific speed as obtained by reducing impeller diameter 
with no changes to the impeller inlet and operating such an im- 
peller at a higher rotative speed. Fig. 7, reproduced from 
Esman’s book [2], is based on the test results covering a wide 
range of specific speeds. 

Since the suction specific speed S is connected to cavitation 
factor sigma as shown 


the suction specific speed will remain constant if o is constant. 
For similar pumps operating at different heads, sigma remains 
constant only if AH/H is used as a measurable cavitation effect. 
Variation of S with speed is an indication that AH ft, or the 
equivalent, were used for the cavitation measurable effect. 


Liquids Other Than Water 


The cavitation characteristics of all pumps operating on cold 
water are either known from actual tests or can be estimated from 
the available information on similar pumps. The latter process 
involves use of the sigma factors or Tenot’s equation. The 
NPSH requirements for pumps handling liquids other than water 
usually are established by a comparison of the same pump at the 
same head, by application of a subtractive correction to the cold- 
water NPSH values. 

For the purpose of comparing cavitation behavior of a pump 
handling liquid other than water to that with water, we will re- 
duce the NPSH value below that corresponding to the incipient 
cavitation sufficiently to cause a loss of head AH (Figs. 1 and 
2). It is expected that liquids such as hydrocarbons will require 
a greater depression, Ah,, than water to observe the same meas- 
urable head loss AH (Fig. 5). Therefore, the same pump will re- 
quire a lower minimum NPSH by the value of 

ha me he = Ahe aed Aha = Ah, correction (13) 


It has been found experimentally that the depression Aha to pro- 
duce the measurable cavitation effects on cold water is negligibly 
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Fig. 5 Cavitation test on two liquids 


small, merely a fraction of an inch. Then the value of the cold 
water NPSH (hu, Fig. 5) can be taken as equal to h, the critical 
NPSH. For the NPSH correction for the other liquid than 
water we obtain 


ha — he = Ah, correction (14) 


and 


other liquid NPSH = water NPSH — Ah, (15) 


Determination of Ah, for liquids other than water is the main 
object of this article. 


Experimental Results on Liquids Other Than Water 


In this article are collected and discussed the cavitation test 
results of four pumps listed in Table 1. The majority of tests 
were made on hot water; several tests on hydrocarbons and Freon 
11 are also included. The data on the pump No. 2 have not 
appeared in publication previously. The ratio AH/H 0.03 was 
used as the cavitation criterion for all four pumps. The test data 
were used for calculation of the thermal cavitation criterion B 
(equation 3) for the best efficiency points and plotting their val- 
ues against the vapor pressure as abscissas (Fig. 12). The same 
data are tabulated in Table 2. The test data for the pumps Nos. 3 
and 4 were published by Salemann [7]. In every case the dif- 
ference between the cold deaerated water NPSH and the other 
liquid NPSH values is taken as an NPSH correction, Ah, (Fig. 
5). This value was used for calculation of the enthalpy incre- 
ment Ah, for B determination. Note that for a given liquid 
the value of B is proportional to Ah,, to Ah,, and to AT. 


B ~ hh, ~ Ah, ~ AT 


Referring to Fig. 6, if the value of AH is reasonably small the 
part of the test curve CC, may be taken as a straight line; then 
Ah, will be approximately proportional to AH, or 


Ah, & AH tan (16) 


This permits adjusting the test data obtained for different AH/H, 
measurable cavitation effect, to those adopted to the plotting of 
the accumulated data. For this purpose it can be taken that 
the thermal criterion B is proportional to the ratio AH/H. The 
error introduced by this approximation is not serious, as the 
accuracy of the NPSH measurement at best is +0.5 ft, which 
may be a considerable fraction of the correction in some cases in 
Table 2. 

Fig. 8 shows the test results of the pump No. 1 with NPSH 
requirements indicated for water at 70, 212, 240, 270, and 300 F. 
These data obtained in the 1950-1951 years had served as a basis 
for the study of the effect of the thermal properties of the liquid 


Transactions of the ASME 


4H 4H 
C Qc = CONST 
— O 
— — {C2 Cy 
7 om, any, 
/ 
OTHER 
LIQUID 
he 
ery 
: 
Ss 


upon the behavior of the pumps under cavitation conditions. measured by the “bubble point’? method using water-jacketed 
Figs. 9 and 10 were obtained with the pump No. 2 on water at Hempel burette. In the course of these measurements it was 
several temperatures as marked on the figures. Fig. 11 shows established that there was a time lag between the pressure setting 
the test results of the same pump on the mixture of iso-butane in the burette and the appearance of the first bubble. For that 
66.0 per cent and butane 34.0. The impurities of less than one reason it was possible to obtain two different pressure readings for 
per cent were neglected. The vapor pressure for this mixture was the same temperature for boiling and condensation of the first 
bubble. However, with a great number of test points the vapor 
pressure curve for different temperatures could be definitely 
drawn. This agreed very well with the vapor pressure points 
l l'/, 140 255 3470 640 6800 Ingersoll-Rand pressure for the mixture from the known vapor pressures of the 
3 
4 


Table 1 Pump specifications 
Size, Head, 
i ft 


3 425 285 3520 1060 11500 Ingersoll-Rand ‘Wo components. This should be expected as the molecular 


2 280 123 3585 1620 9120 Worthington 
2 145 120 3585 1200 6800 Worthington 


=x 
Table 2 Thermal cavitation criterion for several pumps and liquids H an| \3 a3 Q,= CONST 
Thermal 16, 
Pump Temp Ah; Vapor criterion 
no. Liquid F ft press, ft B aren 
1 Water 212 1.05 34.0 1.69 CORRECTED CORRECTION 
240 1.9 61.2 1.75 
270 2.9 104.2 1.12 Any =0 
300 4.5 168.5 0.74 
2 Water 240 1.1 60.2 1.04 
275 24 112.5 0.79 
295 3.2 153.5 0.63 Fig. 6 NPSH correction 
2 Mixture 25 4 75 0.93 
Iso-Butane 66 50 3.5 117 0.643 ° 
per cent 7 4.2 190 0.433 he 
N-Butane 34 90.5 5.8 240 0.425 No _ 
per cent ° 
3 9 
3 Water 250 1.3 73.0 0.87 
300 3.7 168.5 0.61 
3 Butane 35 2.5 61.7 1.17 3 7 
55 3.5 93.8 0.90 
80 ae 153.0 0.90 z 
90 8.8 182.0 0.85 
3 Freon 11 85 2.1 28.4 2.16 a 
120 3.9 54.0 1.45 08 09 10 12 14 16 18 2 
4 Water 290 2.5 143.8 0.533 SPECIFIC SPEED /1000 
326 6.0 248.5 0.514 
410 10.0 747.0 0.138 Fig. 7 Suction specific speed variation versus n, (Esman) 
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Fig. 8 Pump No. 1 cavitation test on water head capacity at 5 ft NPSH 
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Fig. 9 Performance pump No. 2, no cavitation, liquid—water 


the average life of the bubble depends upon the impeller design, 
or its suction specific speed S. 

For the foregoing reason it is expected that for the same liquid 
(vapor pressure is fixed) lower values of B will be obtained with 
higher suction specific speed impellers. This is so because the 
high S impellers are characterized by large impeller-eye diameters 
and low velocity of flow. The average life of the bubble will be 
greater and it will require lower AT (and hence B) to produce the 
same volume of suspended vapor and head loss AH. Besides, the 
vane area in the low-pressure zone is greater, thus further re- 
ducing the depression Ah, to produce the same volume of sus- 
pended vapor. 

The relationship between the suction specific speed S and the 
value of the thermal-cavitation criterion B can be established ap- 
proximately from the following considerations: 

For the same capacity and speed the ratio of specific speeds of 
two impellers is 


Si 
S, \NPSH, 


400 


HEAD FEET 


IE 


NPSH FT 


STATI 


Fig. 10 Cavitation test pump No. 2 at constant Q, liquid-water 


weight (and the specific gravity) of the iso-butane and normal 
butane are the same.” 


Test Data 


It has been pointed out that the numerical value of the ther- 
mal cavitation criterion B depends on the arbitrary assumed 
measurable cavitation effect AH/H, B being approximately 
directly proportional to AH (the head H at bep is fixed for a 
given pump). The physical meaning of AH is a loss of head in 
feet due to a local obstruction of the combined volume of the 
vapor bubbles in suspension in the low-pressure zone. There are 
no other effects of cavitation beyond the low-pressure zone. 
The combined volume of vapor in suspension depends upon the 
rate of vapor production and the average life of the bubble. It is 
believed that all vapor appears on the impeller vane surface in the 
low-pressure zone, as metal gives up heat more readily than liquid. 
The rate of vapor production depends upon the vane area in the 
low-pressure zone and the thermal depression AT, which is 
proportional to the depression Ah,. The average life of the bubble 
depends upon the velocity of the flow through the impeller channel 
Cm: OF w, (Fig. 13) and the length of the low-pressure zone. Thus 


2 A detailed description of the testing procedure and equipment is 
given in the paper ‘‘Suction Head Correction for Centrifugal Pumps” 
by John M. Soth, Alexander Brkich, and Harold Stahl, presented at 
the Mid-year Meeting API, Division of Refining, May 26, 1959, in 
New York. Copies are available from Ingersoll-Rand Company, 
Phillipsburg, N. J. 
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Fig. 11 Pump No. 2 butane mixture: Iso-butane, 66 per cent, n-butane, 
34 per cent 


Assuming that the value of B varies directly as the meridional 
inlet velocity cn:1, we have 


Combining equations we have 
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Fig. 12 Experimental values of criterion B 


where all K’s are numerical constants. In Fig. 12, lines marked 
with the values of suction specific speeds, S = 6000, 7200, 9000, 
and 12,000, are speeds following approximately the foregoing rela- 
tionship. 

Considering that, for services where low NPSH demand is at a 
premium, all modern pumps are designed of the highest possible 
suction specific speed, the NPSH corrections for liquids other than 
water are not as great as they were in the recent past. 

Although scatter of the point of Fig. 12 is quite appreciable the 
general trend is definite—all pumps for all liquids show lower 
values of B for higher vapor pressures. A rapid decrease of 
vapor specific volume at higher vapor pressures (the same liquid 
at a higher temperature) requires a higher depression Ah, (Fig. 5) 
to produce the same volume of suspended vapor bubbles at the 
same head loss AH/H. Against a higher vapor pressure it re- 
quires a greater amount of work to produce the same volume of 
vapor. This could come only as heat from the liquid thus re- 
quiring a higher temperature increment A7’. A higher depres- 
sion Ah, also means an extended low-pressure zone and smaller 
sizes of bubbles more uniformly spaced. 

The fact that the correction Ah, for each liquid is constant 
through a wide range of capacity (Figs. 9 and 11) indicates that 
it depends entirely upon the liquid properties, as the flow condi- 
tions are identical for any given capacity for all liquids. 

Thus, the NPSH corrections determined for bep can be applied 
to capacities other than rated. Conversely, the correction estab- 
lished at capacities lower than bep can be applied to bep. 


Physical Meaning of the Criterion 

Although by definition the thermal cavitation criterion B 
represents a ratio of the vapor volume to the liquid volume 
(equation 3). 
Vi L 
it is not indicative of the total volume of vapor bubbles in sus- 
pension causing the loss of head AH/H. For the development 
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Ba (3) 


Fig. 13(a) Inlet velocity triangle; (b) relative flow through low pressure 
zone 


of the expression for B, conditions of heat equilibrium for one 
pound of liquid going through the low-pressure zone were as- 
sumed. These conditions are never realized in practice, as it re- 
quires an infinite time. Besides, the fraction of the total flow 
actually going through the low-pressure zone is rather difficult to 
estimate (and not necessary). On the other hand, for a given 
liquid the volume of vapor in suspension depends upon the size 
of the low-pressure zone, the temperature depression A7’, and 
the average velocity of flow through the impeller channels. 

Therefore, the criterion B should be looked upon only as an 
index of the “tendency” of the liquid to boil, or its ‘‘readiness”’ 
to flash into vapor. Thus it is indicative of the ‘‘rate of vaporiza- 
tion”’ of liquid per unit area. The value of B is proportional to the 
temperature increment AT’ causing the heat flow in the process 
of cavitation. For a given liquid, AT is approximately propor- 
tional to the depression Ah,, which is increased to the point when 
the measured head loss AH/H reaches a predetermined value. 

It will be demonstrated later that for two similar pumps the 
measurable cavitation effect AH/H remains constant when 
Qu/Q.2 = Q:/Q2. Here Q, is the total volume of vapor in suspen- 
sion and Q is the capacity of the pump at bep. 


Modified Criterion 


Confining the discussion as before to one pound of liquid in the 
low-pressure zone, the expression for the thermal cavitation cri- 
terion given in the foregoing indicates that B is the ratio of the 
volume of vapor produced V, to the volume of liquid V;. Pres- 
ently we modify the definition for the thermal criterion by taking 


JANUARY 1961 / 85 


Boe 

SSSR 

0. 

Wy YZ 
(a) Wg 
Wa 


the ratio of the vapor volume V, as before to the total volume 
of vapor and liquid mixture V, + V,. Giving this form of 
criterion a symbol B,, we may write 


V 1 


where 
r, = Ah,/L 


After simple transformation we obtain 


B 
18 
B+1 
For the correlation of the experimental data, this form of the 
criterion has no advantage over the form B used in this article. 


Application of the Test Results 


It is believed that the available test information is sufficient to 
permit estimation of the ‘correction’? in NPSH when pumping 
liquids other than water below the values determined on cold 
water tests. Experience has shown that in applications where a 
lowest possible value of NPSH may result in an appreciable 
saving in cost, such as petroleum refining, no objectionable effects 
of cavitation were observed under the ‘‘controlled’’ cavitation 
conditions. However, there are the other circumstances which 
have contributed to the pump safety against cavitation damage. 


1 Due to high temperature and oil composition, stainless 
steel is widely used for such services. This resists cavitation 
better than the material used for pumping cold water. 

2 The maximum specified capacities very rarely occur at 
the minimum stated NPSH values in the majority of refinery ap- 
plications. Reduction of NPSH in the supply vessel usually is 
a result of a reduced flow. 


To find an NPSH correction for a liquid, the value of the ther- 
mal criterion B is read off the chart (Fig. 12) for the known vapor 
pressure of the liquid at the pumping temperature and the suc- 
tion specific speed of the impeller. From the value of B thus ob- 
tained the enthalpy increment Ah, can be calculated for the 
known values of v,,v,,and Z. The depression Ah, in feet of liquid 
is obtained from the values of the enthalpy and pressure at the 
pumping temperature, converted into feet of liquid by interpolat- 
ing between the values of tabulated properties of the liquid. 

Example. Calculate the NPSH correction when pumping 
propane at 60 F and using a pump capable of realizing at bep the 
suction specific speed S = 9000. 

The physical properties of propane are: 

Temperature 60 F, pressure 107.1 psia 
Temperature 55 F, pressure 99.3 psia : 
Liquid specific volume v, = 0.03150 cu ft/lb 
Vapor specific volume v, = 1.01 cu ft/lb 
Density of liquid 31.5 lb/cu ft 

Enthalpy of liquid h, = 35.0 Btu/Ib at 60 F 
Enthalpy of liquid h, = 32.0 Btu/lb at 55 F 
Latent heat L = 153.0 Btu/lb 


The vapor pressure at 60 F in feet of liquid is equal to 


107.1 X 2.31 X 62.4 
31.5 


= 490 ft 


60 Fh, = 


The same at 55 F 
h, = 454.0 
The increment of head for 5 F temperature increment 


Ah, = 36.0 ft 
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The increment of the enthalpy for 5 F = 35.0-32.0 = 3.0 Btu. 
For a vapor pressure of 490 F and S = 9000, the value of B is 
read off from the Chart (Fig. 12) 


= 0.2 
0.215 


B = 


The value of the increment of enthalpy Ah, is obtained by sub- 
stituting for v,, v,, and L their values 


0.215 X 153 X 0.0315 
1.01 


= 1.025 Btu 


Ah, 


The depression Ah, is obtained by taking 1.025/3.0 fraction of the 
pressure increment 


36.0 X 1.025 
3.0 


Ah, = 123 ft 


Thus the cold water NPSH can be reduced by 12.3 ft if limited 
cavitation, corresponding to the 3 per cent head loss approxi- 
mately, is permitted. 

This correction applies to the deaerated cold-water test NPSH 
value. Water exposed to atmosphere will show 3 per cent head 
loss at a higher NPSH due to air liberation under vacuum. Thus 
the minimum NPSH value for the liquid other than water will 
not be realized. 


NPSH Correction Charts 

Fig. 14 gives a chart of NPSH corrections for several petroleum 
products and water, calculated by following the procedure out- 
lined in the foregoing. Values of the thermal criterion B were 
taken from the chart (Fig. 12) for different suction specific speeds 
for all products at several temperatures. In the course of plot- 
ting this chart an appreciable scattering of points was observed, 
caused by the discontinuity and inaccuracy of the available tabu- 
lated thermal properties of hydrocarbons. It is believed that 
this inaccuracy may have contributed to the scattering of points 
in Fig. 12 also. The chart was originally plotted for S = 9000, 
and for impellers of different suction specific speeds corrections 
were changed graphically according to the relationship established 
earlier— 


Ahu/Ahe = (S:/8;)*/* 


It may be of interest to point out that for the same value of S 
the value of the enthalpy increment to cause a loss of head AH 
= 3 per cent for all hydrocarbons on Chart 14 at any pressure is 
approximately the same (equal to 1.0 Btu for S = 9000). This 
fact may indicate that the slope of S lines on Chart 12 drawn to 
suit the majority of the experimental points is essentially correct. 
For different values of S the increment Ah, increases for lower 
values of S. 

The NPSH corrections for water if plotted against the tem- 
perature fall on a straight line on log-log paper for the tested 
range of temperatures and for a constant value of the suction 
specific speed 


Affinity Relations 


The experimental data on pumping liquids other than water 
under limited cavitation conditions were obtained with pumps 
used extensively for the oil refining service. It is in this applica- 
tion that certain economies can be realized (besides reduced cost 
of pump), by operating under controlled cavitation conditions. 
By far a great majority of refinery small pumps are motor-driven 
at 3500 rpm. For these the data on Chart Fig. 12 can be directly 
applied. At 1750 rpm, pump NPSH requirements are normally 
so low that correction when pumping hydrocarbons becomes in- 
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significant. On the other hand, at higher speed, NPSH require- 
ment increases rapidly with the speed and a maximum possible 
safe correction of NPSH is desirable. The expression for the 
thermal cavitation criterion B contains only values of the liquid 
properties. Thus it may appear to be independent of the pump 
speed, specific speed, or suction specific speed. Below-affinity re- 
lations will be established for similar pumps handling liquids 
other than water for which the NPSH requirements are known, 
or estimated from the available data on comparable pumps, by 
the method suggested in this article. 


1 For two similar pumps operating at the same head the 
same NPSH correction applies, or corrected NPSH is the same. 
This means that the same value of B applies to both pumps. 
Therefore, the temperature depression AT’ will be the same for 
both pumps. The volume of vapor in suspension will be in the 
ratio of the size-factor cubed, because the areas of the low-pres- 
sure zone will be in the ratio of size-factor squared. But since 
velocity of flow (cm: or wi, Fig. 13) is the same in both pumps the 
life of the average bubble will be longer in the larger pump in the 
ratio of the size factor. Thus the volume of vapor in suspension 
Q, will be as the cube of the size factor, or directly as the capacity 
of the pumps. 

D 


(19) 


Qa 

Q: 

It will be shown later that, if equation (19) is satisfied, the 

cavitation criterion AH/H remains constant irrespective of 
head. 


2 If the same pump operates at a higher speed the corrected 
NPSH value will increase in the same ratio as the head, so that 


= constant (19a) 


NPSH corrected 
H 


= constant 


corrected ¢ = 


It also means that for the same liquid the depression Ah, or 


the value of B increases approximately in the same ratio as head, 
or 
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Fig. 14 NPSH correction for pumps 3550 rpm 
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(20) 


a = constant 


Remark: Since on Fig. 10 head lines drop rather abruptly, an 
increase of the head loss of AH will produce very little if any re- 
duction of NPSH. Therefore, when the test data are applied to 
pumps of higher heads the same value of NPSH correction should 
be applied, or Ah, = constant and equation (20) does not apply. 
On the other hand, when experimental data are applied to pumps 
of lower head or speed, the experimental value of Ah, should be 
reduced in the ratio of heads according to equation (20). Other- 
wise, the correction Ah, may be greater than the NPSH value for 
cold water. This phase of the problem requires a further ex- 
perimental study. 


Head Loss Due to Cavitation 


The head loss AH ft, which is taken as a measurable effect of 
cavitation when pumping liquids other than water, is caused by 
the obstruction of the suspended vapor bubbles to the relative 
flow of liquid through the impeller channels (Fig. 13). This can 
be visualized as a sudden local acceleration of the flow in the low- 
pressure zone, and then a more gradual deceleration beyond the 
low-pressure zone. Such a loss of head can be expressed as 


(w,’ — 


29 


AH = K, 


where w) is the average relative velocity of flow approaching and 
beyond the low-pressure zone. The velocity w;’ is the average 
velocity of the mixture of vapor and liquid through the low-pres- 
sure zone (Fig. 13). Or it can be considered that the volume of 
vapor in the low-pressure zone is maintained steadily by cavita- 
tion; then w,’ will be the liquid velocity through the channel of 
reduced area, due to vapor-volume obstruction. 
Expressing w;’ and w, in terms of Q and Q, we obtain 


A; 
where A, is the total impeller channel area normal to the relative 
flow and K;Q, is the ‘effective’? volume of vapor produced per 
unit time which maintains the suspended volume of vapor bubbles 
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equal to Q, and causes an increase of the average velocity of mix- 
ture from w, to w,’. 
_ Then equation (21) becomes 


AH = KQ? (22) 


and 


(23) 


(24) 


Thus a constant value of AH/H means a constant value of Q,/Q. 


Volume of Vapor Produced by Cavitation 


As before we will think that all vapor is produced on the low- 
pressure side of impeller vanes in the low-pressure zone. The 
volume of vapor produced per unit time Q, is proportional to the 
area of the vane exposed to the low-pressure zone, A, and the 
temperature depression A7’. For the same liquid AT is pro- 
portional to B. 


Q, = = C,AB (25) 
where C, and C; are constants. The actual volume of vapor in 
suspension also depends upon the average life of the vapor bubble. 
This is longer at the lower velocities w; or cn. Thus the volume 
of vapor in suspension can be taken as inversely proportional to 
Cmi- 


AB 
Q, = C; — 


(26) 
Since the volume of vapor in suspension is steadily maintained 
in the low-pressure zone while moving at a constant average 
velocity w,' evidently the volume of vapor produced per unit 
time is proportional to Q,. This volume will be referred to as 
“the effective’ volume of vapor produced per unit time. 


(27) 
mi 
and for the ratio of Q,/Q we obtain 
Q, AB 
Q * Qemt 


The area of the vane exposed to the low-pressure zone is pro- 
portional to the D,?, where D, is the impeller eye diameter 


A =(C,D; 
and 
B = C,Ah, 
and 
Cm = 
Making these substitutions we obtain 
Cus (29) 


For all similar pumps Q/D,? is proportional to the correspond- 
ing velocity, such as c,1, and any velocity is proportional to 
WH; thus equation (29) can be rewritten 
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Cu = a, and ma = constant 


(30) 


This is the expression sought. Thus we have demonstrated that 
for the same liquid the arbitrary definition of the controlled cavi- 
tation 


AH/H = constant 


requires that Q,/Q = constant and Ah,/H = constant, which 
are the basis of the affinity relations when pumping liquids other 
than water under controlled cavitation conditions. 

The fact that the volume of vapor in suspension depends upon 
the length of the low-pressure zone and the average relative 
velocity through the impeller channel represents indirectly the 
effect of time on the cavitation measurable effects. 


Amount of Liquid in Vapor State 


Using equation (21), it is possible to calculate the approximate 
volume and weight of liquid in vapor state going through the 
impeller in the process of controlled cavitation. For instance, 
for the pump No. 2 at 400 gpm, 300-ft head at 3550 rpm, the 
head loss AH = 9.0 ft and the relative velocity w, = 24.2 ft. 
Substituting these values and taking the coefficient K, = 1.0 we 
obtain 


9.0 = (w,’ — 24.2)*/2g 


Hence w,’ = 48.3. 

This shows that the volume of the suspended vapor bubbles 
passing through the low-pressure zone is approximately equal to 
the volume of the liquid flow. By weight, vapor represents 
0.00184 per cent of the liquid flow through the impeller for 70 F 
water and 0.247 per cent for 300 F water. 


Remarks 

While considering the thermal effects on cavitation process in a 
pump it should be pointed out that the heat due to hydraulic 
losses and the power input have a negligible effect upon the 
process of cavitation. First of all, most of the power is applied 
and losses occur beyond the low-pressure zone. Secondly, these 
effects will be very nearly the same for different liquids. Thus 
corrections based on comparison of performance on two liquids 
will not be affected noticeably. Finally, by far the major part of 
the heat due to power input is carried by the liquid not passing 
the low pressure zone. 

For completeness perhaps it should be pointed out that, in 
addition to the cause of deviations from o = constant rule dis- 
cussed in detail in the foregoing, sigma variations were observed in 
terms of Reynolds numbers. Thus, pumps of the same specific 
speed of different size or operated at different speed show a de- 
crease of o at higher efficiencies. Thus, taking example from 
Riitschi’s data, a pump of n, = 1420 requires a o = 0.15 ata 
75 per cent and o = 0.07 at a 90 per cent efficient pump [5, 6}. 

The object of this article was to collect all available test data 
on cavitation of liquids other than water and develop a method 
by which these data can be applied to the conditions different 
from those of the tested pumps. The validity and usefulness of the 
concept of thermal cavitation criterion for this purpose can be con- 
sidered as proved. More tests with different liquids are desirable. 
Since by the nature of the observations the accuracy of the tests 
cannot be much improved, more points should be accumulated. 
All juture investigators in this field should take advantage of the 
experience of several previous experimenters. All of them agree 
that: 

(a) Throttling the pump suction to vary the NPSH value is 
unsatisfactory. 
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oe Since for similar pumps Q*/H is constant, equation (23) becomes 
AH 
— = constant 


(b) The bubble point method of measurements of vapor 
pressure of mixtures is the only one giving reliable observations. 
The Reid method, or calculation of the vapor pressure from that 
of known components, or taking vapor pressure readings from the 
vapor space of the supply vessel has led to obviously erroneous 
results. 


Conclusions 

1 If cavitation is to be avoided, or kept at the incipient point, 
all liquids require exactly the same NPSH under the same 
operating conditions. 

2 Under the conditions of limited or controlled cavitation to 
produce the same cavitation measurable effect (AH /H) reduction 
of NPSH value below that of cold water is possible for certain 
liquids if suitable cavitation-resisting materials are used for im- 
pellers. 

3 The NPSH correction is found from the value of the ther- 
mal cavitation criterion, picked out from the available test data 
plotted against the vapor pressure (Figs. 12 and 14). 
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DISCUSSION 
L. L. Hendrix® 


First of all the author has done an excellent job of bringing out, 
clearly, most of the important factors influencing NSPH measure- 
ments and computations. It is valuable to have them in one paper 
and so well discussed. Next, it looks as if he has made a very 
real contribution in a procedure or method for handling test data 
for liquids other than water. 

There is one area which could stand some test work and further 
examination. This is the area of dissolved gases. What is their 
rate of evolution under conditions of turbulent flow? What is 
the effect of rate of pressure decrease and nuclei present on the 
approach to equilibrium in the time a liquid is approaching and 
entering the lowest pressure region of a pump? And how can 
this be related to characteristics of the pump determined by tests 
on deaerated water? 

If we accept the author’s Remarks and Conclusions, we must of 


2 Chief Process Engineer, Natural Gas Division, Richfield Oil 
Corporation, Bakersfield, Calif. 
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necessity come up with some conclusions of our own. The most 
importantone is that the responsibility for describing the condition 
under which a pump must perform is that of the process engineer. 
The pump people can be responsible only for matching a pump to 
the conditions outlined by the process engineer. 

If the pump companies would base their test on deaerated water 
and include (1) mimimum NPSH curve for incipient cavitation 
and (2) NPSH for, say, 3 per cent decrease in head over that meas- 
ured with the NPSH for incipient cavitation at the bep, the proc- 
ess engineers could better judge when to use a pump operating 
under controlled cavitation conditions. 


V. Salemann‘* 


This paper is an excellent presentation of laws governing cavi- 
tating performance of turbomachines, as affected by measurement 
technique, definition of incipient point, and liquid properties. 
Beginning with the known variation of o with speed, the author 
shows how this is an effect of definition and detection. This isa 
good introduction to the effect of thermodynamic properties on 
cavitating performance, as it also depends on definition and 
detection. Using reasoning and meager data the author predicts 
the effect of speed and suction specific speed on thermal NPSH 
corrections. This courage, in the face of scepticism toward any 
kind of corrections, is quite admirable. Although I may not 
agree with the magnitude of speed and suction specific speed 
correction, as there are influences not included by the author, I 
do believe that they are a good guess in the right direction, and 
will be appreciated by those whe cannot wait for experiment re- 
sults. 

Evidently a number of curves may be drawn through the scat- 
tered data available so far. NPSH corrections will then differ 
even if the same procedure is used. The only advantage of B,, 
as against B is that the data will always fit on single-cycle-or- 
dinate graph paper. B, however, does seem to have the advan- 
tage of resulting in a potentially straight-line plot on log-log paper. 

Some of the reasoning and statements are questioned, however, 
most of them are not significant as far as NSPH corrections are 
concerned. One is the paragraph on head loss due to cavitation. 
I cannot visualize a loss due to sudden acceleration and gradual 
deceleration. I do not expect that kind of fluid motion around an 
attached cavity, either. The laws of hydrodynamics dictate that 
for equilibrium there must be a stagnation point and a re-entrant. 
jet behind an attached bubble. This in my opinion is the cause 
for head loss, as the re-entrant jet produces intermittency and tur- 
bulence. The loss may thus best be expressed as one similar to 
the losses in a hydraulic jump, where sudden deceleration takes 
place. 


Author’s Closure 


The author wishes to express his thanks for the complimentary 
remarks of Messrs. Salemann and Hendrix. As Mr. Salemann 
has rightly pointed out it requires courage to attempt to 
discern regularity or consistency in the limited and scattered 
test data and to try to devise a method to permit their applica- 
tion in practice. For that reason a little encouragement from 
workers in the same field is appreciated. The author has had 
opportunity to discuss various phases of the testing procedure for 
cavitation of liquids different from cold water with Mr. Salemann 
on several occasions. There is no disagreement between the two 
on the basic issues involved in the problem of establishing trust- 
worthy correction for NPSH values under controlled cavitation. 
The author has included several minor topics to help to visualize 
the proceedings in the low pressure zone of the impeller in the 
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process of cavitation, and give a feel of the amounts of liquid in- 
volved. These seem not to meet with Mr. Salemann’s approval. 
But having no direct connection with the main subject of the 
paper—these articles can be disregarded without detracting any- 
thing from the presentation. 

The question of the gas liberation in the process of cavitation 
brought up by Mr. Hendrix will complicate the matter of testing 
and evaluating the results considerably. The author feels that 
the testing technique should be improved a great deal with the 
known simple liquids before attempts are made to experiment 
with liquids tending to liberate dissolved gases under cavitation 
conditions. 

The author is in complete agreement with Mr. Hendrix that 
the responsibility for application of NPSH correction, if any, 
will rest with the process engineers. The manufacturer ratings 
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are based on cold water tests, which can be reproduced to the 
purchaser’s satisfaction. 

In conclusion, the author would like to state that the test data 
collected in this article and the method of their use for dif- 
ferent conditions should be considered as a first step toward 
learning about the behavior of the different liquids under cavita- 
tion conditions. 

The present state of the development of the problem of NPSH 
corrections for different liquids can be compared to the position 
of the search for viscosity corrections some thirty years ago. At 
that time the available test data were scarce and seemed unre- 
lated, so that no reasonable method of practical use of the data 
appeared possible. However, as more and better test data with 
modern pumps appeared—the procedure of correlating them for a 
more general use evolved. 
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Thermal Instability in High-Speed Gearing 


Thermal-expansion effects in gearing have usually been considered from a steady- 


state point of view. A theory of thermal instability is developed which takes into ac- 


J. F. BORON 


Design Engineer, Gearing Section, 
Marine Products Engineering Department, 
Westinghouse Electric Corporation, 


Philadelphia, Pa described. 


a past 10 or 15 years have been a period of great 
progress in the manufacture and application of high-horsepower 
high-speed reduction gearing. This has been particularly true 
in the field of turbine-driven ship-propulsion gearing, especially 
for navai vessels, in which field the design departments of the 
United States Navy and on smaller ships other navies have dis- 
played engineering boldness in applying high-horsepower gears at 
nearly double the specific loading that prevailed in 1945. 

This progress has not been achieved without a few cases of 
serious reduction-gear trouble, several of these cases having oc- 
curred during full-load testing of the reduction gears at the fac- 
tory and others of which having occurred on ships during trials or 
later. These difficulties have for the most part been of the type 
in which a small segment of a tooth breaks out by fatigue, al- 
though one or two of the cases have comprised minor profile dis- 
tress by scuffing. With the harder materials used in these higher- 
K-factor gears, profile deterioration by surface fatigue, commonly 
known as pitting, has not proved to be a significant problem, so 
that the design advances that have made the highly loaded ma- 
rine gear practicable have thus overcome what was formerly the 
major factor limiting the service life of the reduction gear, namely, 
profile failure by pitting. 

This paper is concerned mainly with tooth failure by fa- 
tigue in bending. Since the time of the first failures of this type on 
large propulsion gears, strenuous efforts have been made to un- 
derstand and explain the phenomena [1, 2, 3].1. The explana- 
tions that have been advanced have been partial, at least quanti- 
tatively, since the nominal factor of safety in bending fatigue 
has in every case been of the order of 3. It is believed that the 
theory and data in this paper will comprise a more adequate ex- 
planation of one class of these failures. 

Generally, the discussion will pertain to double-helical high- 
speed gearing, operating at pinion speeds in the 4000 to 8000-rpm 
range, at pitch-line speeds up to 300 fps, and transmitting up to 
approximately 15,000 hp per mesh. The specific size of a reduc- 
tion gear is determined by the K-factor. This number is in the 
vicinity of 200 for most of the gears under discussion. 

Since the power rating of these gears is near the limit of existing 
skills and manufacturing capability, any serious exploration ot 
subtle difficulties must be accompanied by full-scale experimental 
work. Since 1946, the Bureau of Ships has conducted a vigorous 
program of full-scale testing of ship reduction gears, of both con- 
ventional and experimental designs, at the Naval Boiler and Tur- 
bine Laboratory [4]. When we encountered difficulty with the 
main reduction gears for a large aircraft carrier during production 
testing in our shop several years ago, we immediately commenced 

1 Numbers in brackets designate References at end of paper. 
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count the tendency of the thermal effects to be regenerative. 
adequate and complete explanation for several previously unexplained cases of tooth 
failure in high-speed high-horsepower reduction gears. Experimental verification of 
the theory is presented and some of the conditions for avoiding thermal instability are 


This theory provides an 


to build a full-scale model of the first reduction elements in 
our Steam Division laboratory at Westinghouse for experimental 
investigation. 

Operation over a long period has produced a strange anomaly— 
when the gears are operated under conditions seemingly identical 
to the ship’s gears at loads and powers in excess of 200 per cent 
rating for very long periods of time, there is no distress whatso- 
ever, even when the gearing is subjected to certain intentional 
derangements. 

A repetition during shop testing of prior tooth-breakage diffi- 
culties caused an intensified examination of the evidence and a 
thorough review of the experiments performed. The present 
theory of thermal instability of gearing was developed. Then it 
became evident that the experimental testing had not been done in 
a manner identical to the operating conditions of the ship’s gear. 

The laboratory test was then altered to reproduce the condi- 
tions more completely. At 100 per cent load, indications of dis- 
tress began to appear, and at 140 per cent load an identical tooth 
failure was produced in less than 6 hr of operation. 

Methods of design and manufacture have been developed for 
the avoidance of this type of tooth failure. 


Favorable Laboratory Results 


The laboratory test of high-speed gearing, Fig. 1, consists of two 
locked-train sets of aircraft carrier first reduction gears, con- 
nected in a back-to-back arrangement with a torquing coupling 
on the shaft between the two high speed pinions. Drive is by a 
small turbine coupled to one of the gears. 

Data on the gearing under test, Table 1, show that the K- 
factor and tooth bending stress are moderately high and that the 
pitch-line speed is high. 

Whereas the size of the test is very large, the unique feature of 
the experiment is the use of strain gages, Fig. 2, in the roots of the 
teeth to measure tooth-load distribution and bending stress [1]. 
Three gages are arranged across the face width of each helix, Fig. 
3. In addition, three resistance-wire temperature gages are placed 
at the two ends and at the gap of the pinion. The nine gage sig- 
nals are taken from the rotating shaft through slip rings. The 
pinion on each unit is instrumented. 

The sketch, Fig. 4, shows the arrangement of gears and pinions, 
the direction of rotation, and the designation of the two gear units 
as the A unit and the B unit. The results of a few of the many 
very favorable tests on this apparatus are given in the following 
paragraphs. 

Tests at Increasing Loads. Since the pinion-material endurance 
limit is 70,000 psi minimum, as determined by rotating-beam 
specimens cut from similar pinion forgings, the apparent factor 
of safety for bending fatigue is approximately 4. One would there- 
fore expect that this gearing would take large overloads without 
tooth fracture, barring any severe irregularities in tooth loading 
due to poor alignment, incorrect helical angle, or tooth non- 
straightness. 
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The excellent tooth geometry and alignment is proved by the 
set of strain-gage records taken at full load and full speed, Fig. 5. 


Note that there are data for both A and B units, and the instru- 
mentation yields separate data for each mesh in each locked-train 
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Table 1 


Pitch diameter, in 
Face width, each helix, in.. 
Face width, total plus gap, 


Diametral pitch 

Normal diametral pitch. . . 
Helix angle 

Pressure angle 

Normal pressure angle... . 
Addendum, in 

in 


Tooth contact stress, psi.. 56,600 
Tooth bending stress,* psi. 13,300 


@ Calculated per Military Specification MIL-G-17859. 


The variation in tooth load along the helix is not large, and the 
data also show that the load is nearly perfectly divided between 
helices and also between meshes, the latter indicating good “tim- 
ing”’ of the coupled locked-train gears. 

The expected good results were attained when the load was in- 
creased in 25 per cent steps to over 200 per cent torque. Fig. 6 
gives the strain-gage readings at 206 per cent torque. A plot of 
the average of the six gage readings for many tests at various 
loads, Fig. 7, shows that the gage readings are wroportional to 
torque, as would be expected with properly operating gearing. 

Shown in Fig. 7 are curves labeled ‘maximum bending stress,”’ 
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obtained by multiplying the gage reading by a factor (1.46) to 
account for the fact that the gage is not at the point of maximum 
stress and also is recessed from the surface. 

Each of the load points shown in Fig. 7 was run continuously 
for 60 hr. This time imposes 5,000,000 cycles of stress on each 
gear tooth and 35,000,000 cycles of stress on each pinion tooth. 
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This is sufficient to produce a fatigue failure if the bending stress 
exceeds the endurance limit. ° 

After the conclusion of the extensive testing already described, 
comprising nearly 400 hr at loads up to 206 per cent rating, the 
pinion and gear teeth were in excellent condition, with no signs 
whatsoever of distress or wear, no pitting and no magnaflux indi- 
cations of cracks. 

Profile Effects. Although the pinions in the A and B units are 
alike in involute profile, the profiles of the gear teeth on the two 
units are different. The B-unit gears have nearly perfect in- 
volutes, with virtually no tip and root relief. The A-unit gear 
profiles have appreciable tip and root relief, the magnitude of 
which increases slowly from the pitch line to the tip or root. The 
pressure angles of the gear and pinion profiles are matched. 


MATING PINION & GEAR 
NO LOAD LOADED 


QUTSIDE DIA. 


FORM DIA. 


"I" HOBBED PROFILE, R= .0006" 


"2" FINAL SHAVED, f= 0004" 
Fig. 8 Tip and root relief 


This type of tip and root relief is illustrated in Fig. 8, showing the 
deviation from a perfect involute for the pinion and gear and the 
resulting match of the two when underload. This type of relief 
contrasts sharply to the more sudden, abrupt, tip and root relief 
often employed by others. 

It has long been believed that large amounts of tip and root 
relief are highly undesirable, the result being the equivalent of ex- 
cessively stubbing the teeth and thus lowering the contact ratio 
and increasing both bending and contact stresses. The effect on 
bending stresses is shown by comparing the strain-gage readings 
for the two gear units in Fig. 5. The B unit, having little tip and 
root relief, shows an average gage reading of 12,400 psi. The A 
unit, with moderate tip and root relief, shows a much larger 
average gage reading, namely, 17,400 psi, which is 40 per cent 
greater than the B-unit readings. It should be emphasized that 
large tip and root relief values could easily double the tooth bend- 
ing and compressive stresses. 

Misalignment Effects. It has long been suspected that the over-all 
flexibility of gear teeth is of the order of twice that calculated 
from simplified methods of analysis. The results of many tests 
conducted on the laboratory gears support this conviction and 
demonstrate that gearing of this type can accept moderately large 
misalignments without danger. 

Illustrative of these data is Fig. 9, showing a full-power run 
with one gear bearing intentionally raised 0.010 in. Since the 
properly timed locked-train gear distributes misalignment 
equally between the two meshes, this corresponds to 0.005-in. 
misalignment across one mesh, or 0.002 in. across a single helix 
(which is 11 in. long). 

Fig. 9 shows that this 0.002-in. misalignment drove the level 
tooth loading into a triangular shape across the face width. This 
effectively doubles the bending and contact stresses at one end of 
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each helix and lowers these to zero at the other end. Although 
this is an undesirable operating condition, the gearing material 
has adequate reserve to withstand indefinite operation under tri- 
angular loading distribution across the complete face width. 
Thus a 0.002-in. misalignment across a single helix is not a totally 
unacceptable operating condition, for gearing of the type con- 
sidered and comparable loadings. 

These data further permit the quantitative conclusion that 
corrections for pinion deflection due to bending and twist are en- 
tirely unnecessary when the mismatch due to these deflections is 
0.001 in. or less. With more highly loaded gearing, corrections 
for these deflections become even less important, provided equal 
nominal factors of safety are maintained by the use of higher 
strength materials. 


Fig. 10 High-speed gear wheel 


Speed Effects. The construction of the high-speed wheels, 
Fig. 10, permits unequal expansion of the gear rim due to centrifu- 
gal forces as caused by speed. For the wheels under test, the 
differential expansion from high to low point along the length of 
the tooth is calculated as 0.0022 in., at rated full speed. 

The result of this differential expansion is seen in Fig. 11, show- 
ing the loading diagrams for 1/4, 1/2, */4, and full speed. The 
effect is seen to be distinct but not large. ' 

Center-Gap Cooling. Without special center oil sprays the centers 


Journal of Engineering for Power 


LEGEND 
25 % SPEED 


o—--0 50 % SPEED 
75 % SPEED 
x—--—*l00 % SPEED 


ps 


STRESS-IOOO PSI 


4 
GAGE NO. 
Fig. 11 Effect of speed on stress 


of the pinion and gears run at higher temperatures than the ends 
or edges, the resulting differential thermal expansion producing a 
“barrelling”’ of both pinion and gear and consequent higher 
tooth loads near the gap. By valving the center sprays on the 
A unit, the beneficial effect of center-gap cooling is demonstrated 
while the gears are operating without any interruption or shut- 
down. The results for 100 per cent load, shown in Fig. 12, are 
again significant but not large. Shutting off the center sprays 
causes the stress at the gap to increase approximately 30 per cent. 

Oil-Spray Location. The basic arrangement of sprays for the A 
unit consists of four mesh sprays and one center spray for each 
mesh, spraying the ingoing mesh. Many variants of sprays have 
been tried, including: (a) Sprays on the ingoing side for one mesh 
and sprays on the outgoing side of the mesh for the other mesh, and 
(b) only one bank of sprays, but including a center spray. De- 
spite the many variants tested, none produced a significant 
change in load or stress distribution, except when the center sprays 
were entirely cut off, as previously described. 

Summary. Although important quantitative results have been 
obtained with these tests, the gearing as designed and manu- 
factured displays excellent load-carrying abilities and could rea- 
sonably be expected to run withoiit failure or distress at considera- 
ble overloads and undermarked distortions due to uncontrollable 
deflections and misalignments. 


Shop Test Results 


The modern trend for highly loaded naval propulsion gears is 
to full-power test each production gear for periods ranging up to 
24 hr. Our latest test-floor arrangement for conducting these 
endurance tests is shown in Fig. 13. A special test gear having 
an integral loading device is arranged for convenient connection 
to the production gear, in a back-to-back arrangement. The 
small drive turbine operates the test at rated speed and also is 
used to conduct the overspeed test. 
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Fig. 14 Tooth failure (located at gap end of aft helix) 


A recent order for large propulsion gears had tooth geometry 
and loading nearly identical to that used in the laboratory test 
and described in Table 1. The first two gears successfully under- 
went a 24-hr full-power shop test, with no difficulty or distress. 
The third gear experienced a tooth failure on the high-pressure 
high-speed pinion, after 12 hr of full-power operation. 

This failure consisted of a fatigue fracture at the gap end of the 
aft helix of the pinion, a length of tooth approximately 1 in. long 
having broken out, as shown in Fig. 14. The fracture started 
from the face on the inside of the V or apex formed by the right 
and left-hand helices, as shown at z in Fig. 15. An unusual aspect 
of the failure is that the crack started on the active profile slightly 
above the first point of contact in the dedendum, rather than in 
the root at the point of maximum bending stress. 

Close examination of all teeth during subsequent marking runs 
revealed several significant facts: 


1 The helical angle match between pinion and gears and the 
alignment were excellent as measured by slow roll marking at 
two thirds of full-load torque. 

2 The full-speed, high-torque marking was very good when 
the teeth were loaded with the load on the outside of the V (or 
apex) on the pinion, Fig. 15(a). 

3 The full-speed, high-torque marking was very poor when 
the teeth were loaded with the load on the inside of the V (or 
apex) on the pinion, Fig. 15(b). The marking was distinctly 
heavy near the gap ends of the teeth, and distinctly light near the 
flank ends of the teeth, Fig. 15(c). 

4 Accompanying this uneven, gap-heavy loading, the gear 
teeth showed excessively heavy marking in the dedendum near 
the last line of contact with the pinion. 


Since the gear under test was a two-turbine-input locked-train 
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Fig. 15 Direction of loading and gap-heevy marking 


gear, there were a total of four high-speed wheels on which the 
2nd, 3rd, and 4th observations could be made. The consistency 
of these observations was remarkable, pointing strongly to a 
phenomenon not yet explained. 

It soon became evident that the problem was a thermal one, 
since it was discovered that immediately after a run with loading 
in the adverse direction, the center of the pinion was much hotter 
to the touch than the ends. Improved methods of cooling were 
introduced, and a routine was set up to obtain contact thermome- 
ter readings on the centers and ends of the gears and pinions im- 
mediately after a fast controlled shutdown, so as to evaluate the 
effectiveness of the improved cooling. 

These data are presented in the curves of Fig. 16. When ex- 
trapolated backward to zero time, these curves show positively 
that only when the loading is on the outside of the V of the 
helices does the barrelling thermal effect show up strongly on 
the gears. The effect is always present to a noticeable degree on 
the pinions; however the same temperature differential on the 
wheels is many times more serious since the diameter of the gears 
is three times that of the pinion. 

Explaining Fig. 16 in more detail, the back-to-back test in 
Fig. 13 loads one side of the ship gear ahead and the other side 
astern. Figs. 16(a) and (b) correspond to this. Then the load is 
reversed in direction, reversing the torque on the two sides, for 
which Figs. 16(c) and (d) apply. In each case, only one side shows 
adverse thermal effects on the gears, the side being different in 
the two cases, Figs. 16(a) and (d), and both sides showing adverse 
loading had been torqued so that the load was on the inside of the 
V of the pinion. 

As a result of these observations, the thermal effects were ex- 
amined more closely and a theory developed that will be described. 


Thermal Instability of Gearing 


The heat generated at the mesh, although a small part of the 
power transmitted, must be conducted away and radiated from 
the area of generation at a sufficiently high rate to prevent ther- 
mal instability. This is a problem that becomes critical only 
when the power flux through the gear is high. Thus the problem 
is limited, for the most part, to high-horsepower-per-mesh gears, 
and these perforce are gears with high or moderately high pitch- 
line speeds. 
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Fig. 16 Temperature-time curves 


The heat loss at the mesh has never been accurately determined 


w 
for large helical gears, but by deducting the known bearing losses o 
; is from the over-all losses of a reduction gear under full-power test, - 
ae the mesh losses are found to be of the order of 0.2 per cent of the 5 
ae power transmitted. The distribution of the generation of heat ae 
during the action of the gear and pinion teeth from the first point i F 
os of contact to the pitch point and thence to the last point of con- = wm =. 
4 tact is illustrated in Fig. 17, from a recent paper by Shipley [5], Zq AL ont Zo 
x who experimentally determined the average coefficient of friction ° > FS ° Pe 
“ to be approximately 0.04 for spur gears operating at pitch-line 4 aa 3 
speeds up to 100 fps. 
A crude first approximation is that the average coefficient of —9o atu 
friction does not change with pitch-line speed or load. The power 
loss is then proportional to: (a) The number of engagements per Fig. 17 Heat loss in gearing 
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second, or pitch line velocity; and (b) the total tooth load, or 
transmitted torque. Thus the power loss is proportional to the 
power flux or transmitted horsepower. 

The heat generated is conducted from the mesh area by the 
body of the pinion to the bearing journals, and by the rim of the 
gear wheel to the side plates, center plates, and hub. Heat is re- 
moved by convection via the cooling oil from the sprays and by 
the turbulent air in the gear case. The radiation effect is a small 
percentage of the whole due to the relatively low temperatures of 
the pinion and gear surfaces. 

Any temperature differences upset the accurate geometry of 
the gearing and cause abnormal effects, some of which increase 
the rate of heat loss at local sections of the mesh. 

Barreling of Pinion or Gear. The center of a pinion or gear will 
almost inevitably be hotter than the ends, since the center plane 
is a plane of symmetry and the heat flow will be away from this 
plane, on both sides, unless unusual methods of cooling the center 
are employed. The resulting differential thermal expansion of 
the center of the pinion or gear produces a “‘barreled’’ shaped 
pitch cylinder, Fig. 18, which leads to greater load per inch of face 
width near the gap and a lesser unit load near the ends. 


Fig. 18 Barreling of pinion and gear 


The local effect on tooth load is proportional to the relative 
thermal expansion or barreling, the pressure angle in the plane 
of rotation @, and the tooth flexibility. The effect is independent 
of helical angle. For evaluation the pinion in Fig. 19 will be con- 
sidered as having spur teeth and it will be assumed that a 1-in. 
length near the gap is expanded in a stepwise manner, 0.0002 
in/in. which corresponds to a temperature differential of 30 F in 
steel. Fig. 20 shows the effect of this expansion on the tooth posi- 
tion in the local section. The profile is made ‘‘proud” at each 
point by 

resin 


where r is the radius to the point on the profile, € the unit expan- 
sion (e.g., 0.0002 in/in.), and ¢@ the pressure angle at the point in 
question. At the pitch point on the pinion whose dimensions are 
shown in Table 1 


resin @ = 6 X 0.0002 0.286 
0.00034 in. 
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Fig. 19 Expansion of 1-in length of pinion 
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Fig. 20 Effect of expansion on tooth profile 


and the gear 
21.13 & 0.0002 x 0.286 
0.00121 in. 


re sin @ 


both values being for a 0.0002 in/in. expansion (AF = 30 deg). 
The combined effect would be 


0.00034 + 0.00121 = 0.00155 in. 


which is very significantly large. 

A more subtle effect is the influence of pinion expansion on con- 
tact up and down the profile. As may be seen in Fig. 20, the 
tip of the pinion will distort more than the root. This is due to 
the greater radius at the tip and also the fact that the pressure 
angle is greater at the tip, the amount of heavy contact being given 
by the equation: 


re sin @ = re sin cos~! — 
A 


where r = radius to any point on the profile and 
r, = base circle radius 


If the pinion only is expanded locally, Fig. 19, the profile is 
“proud” by the following amounts (for the pinion of Table 1): 
First point of contact: re sin @ = 0.00022 (root of pinion) 

Pitch line: re sin @ = 0.00034 (pitch point) 

Last point of contact: re sin @ = 0.00045 (tip of pinion) 

again for € = 0.0002 in/in. 

Observations of tooth contact after full-power operation, on 
gears known to have excessively warm pinions, clearly show the 
strong root-heavy marking on the teeth of the mating gear wheel, 
as predicted by the theory in the previous paragraph. 

Effect of Temperature Difference Between Pinion and Gear. In most 
high-speed gearing, the pinion will have a higher average tem- 
perature than the mating gear. The reasons are twofold: (a) 
The number of engagements per second per tooth is higher, so 
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that the heat input per unit surface area is higher on the pinion by 
a factor equal to the gear ratio; and (6) the cooling of the wheel 
is superior to that of the pinion. On a locked-train gear, where 
one pinion engages two gears, the first reason is doubly important. 

A uniform temperature difference of, say, 30 F between pinion 
and gear would not produce significant effects on a spur gear, the 
sole effect being to create slight tip-heavy loading on the pinion. 
On a double-helical gear, however, the effect would be most 
significant. 

Fig. 21 is a pitch-circle layout of the pinion and gear in Table 1, 
showing the base circles, the outside diameters, and the line of 
action apb. The plane of action, determined by apb, is projected 
into the plane of the paper to form the rectangle abcd for the aft 
helix and a’b’c’d’ for the forward helix. The contact lines between 
pinion and gear are shown in this plane, these lines being straight 
lines inclined to the axis at the base-cylinder helical angle. It 
should be noted that the forward helix (on the pinion) is a right- 
hand helix, whereas the aft helix is a left-hand helix, this being 
established conventional practice in some activities. 

The line of action shown is for the pinion driving in the direc- 
tion of the solid arrow, which is the standard direction for a 
single-screw ship, or the starboard propulsion plants of a multi- 
serew ship. 

Now consider the effect of a uniform temperature differential 
between pinion and gear. the pinion being the hotter. If both 
were made of completely rigid material, so that only thermal ex- 
pansion and no elastic deflection occurred, the following would re- 
sult. The pinion would grow uniformly in every direction, and, 
if one point (say, d) is taken as a reference point, the thermal ex- 
pansion would be proportional to the distance away from the 
reference point. Points d and d’, on the last teeth in contact, 
would remain in contact. The other pinion teeth would progres- 
sively back off from the mating gear teeth by the distance be- 
tween the dotted lines and the original contact lines, this being 
the amount of the thermal expansion. Thus, axially from d to b, 
the loss of contact increases to a large amount at b, although along 
the line of action d to c, the separation is relatively small. A 
duplicate effect occurs on the forward helix, where point d’ stays 
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Fig. 21 Effect of temperature differential between pinion and gear 


in contact and the other pinion teeth that were previously in 
contact back away from contact by an amount proportional to 
the distance away from point d’, measured in the plane of action. 

The pinion and gear, being made of elastic rather than rigid 
materials, do not lose contact as shown. Instead, the teeth tend to 
hog the load strongly adjacent to the gap, and shirk the load strongly 
near the outside ends. For future reference we shall call this 
situation Case I. A more general viewpoint of this effect can be 
obtained if one considers that the pinion, being hotter than the 
gear, expands uniformly in all directions. The imaginary but im- 
portant base cylinder expands uniformly, altering both the base 
pitch and the axial pitch. Altering the base pitch causes the 
slightly heavy tip loading, and altering the axial pitch causes the 
much more important effect of creating gap-heavy, end-light, 
loading. 

Now examine this effect when the pinion drives in the opposite 
direction, as shown by the broken arrow. This is the direction of 
rotation for port units on multiscrew ships. The line of action is 
now ApB and the plane of action the rectangle ABCD. The hand 
of the helices is the same as before, since the gearing geometry has 
not been changed. 

Now when the pinion is uniformly hotter than the gear, and 
points C and C’ are taken as the reference points for the two 
helices, a converse effect occurs. Progressing away from the 
point C, the pinion teeth expand into the gear teeth by a progres- 
sively larger amount. Thus the gap ends of the teeth tend to 
shirk the load and the outside ends tend to hog the load. This will 
be calied Case IT. 

It should be carefully noted that the difference between the 
Case I effects and the Case II effects is determined by the direction 
of loading and not by the direction of rotation. Case I occurs 
when the pinion teeth are loaded on the inside of the apex, Fig. 
15(b). Case II occurs when the tooth loading on the pinion is on 
the outside of the apex, Fig. 15(a). On the gear wheels, of course, 
the inverse loading occurs. 

Conditions Leading to Thermal Instability or Regeneration. Con- 
sider the local effects of a thermal expansion as shown in Fig. 19. 
The tooth load in this local section increases markedly. This in- 
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creases the heat generated in the mesh in this local section, thus 
raising the temperature of the local section, increasing the expan- 
sion and hence the load and the heat generated. Meanwhile the 
unit loads in other areas are being slightly decreased, and thus 
these other areas are slightly contracting. It is not difficult to 
conceive that this process can be thermally unstable or regenera- 
tive, to the extent that the process will continue until a tooth 
failure occurs at the local section. What then are the conditions 
that may lead to a regenerative type of failure? 

Case I as described is the condition when the loading is on the 
inside of the apex of the pinion. It was shown in Fig. 21 that 
this leads to gap-heavy tooth loading. Heat flows with great 
difficulty from the center of the pinion and gear. This case then 
has the basic elements of a regenerative or unstable system. 

Consider Case II loading, with the load on the outside of the 
apex of the pinion. This leads to an end-heavy, gap-light ten- 
dency. The cooling conditions on the ends of the pinion and gear 
are good, both by conduction and by convection. This case then 
has the basic elements of a degenerative or stable system. 

Now add the barreling effect, as caused by a temperature 
difference along the length of the pinion, which not only normally 
occurs to a limited extent, but which will be amplified by the 
warm-pinion effect. This barreling effect is directly additive 
to the Case I effect, adding load at the gap and subtracting load 
at the ends, Fig. 22. Thus the barreling effect increases the 
unstable tendency of the system for Case I. 


CASE TL 


UNIFORM HEATING 
OF PINION — 
2- HIGHER GAP TEMP — — — 


3- RESULTANT STRESS 
DISTRIBUTION 


4- AVERAGE STRESS ——- — 
Fig. 22 Combined effects of temperature differentials 


The influence on Case II of the barreling effect is subtrac- 
tive, decreasing the concentration of loading at the ends and sup- 
plying additional loading to the gap-light sections of teeth. Thus 
a system that tends basically to be stable or degenerative is 
further aided by the barreling effect. 

The composite effects are shown graphically in Fig. 22, and to 
summarize the foregoing conclusions: 

On a double-helical pinion and gear, thermal instability leading to 
tooth failure or profile distress can exist if the pinion is loaded with 


Journal of Engineering for Power 


the load on the inside of the apex of the teeth. When the loading is 
on the opposite side of the teeth (i.e., on the outside of the apex), 
thermal instability is mdst unlikely to occur, the system being 
basically stable. 


Unfavorable Laboratory Results 


After the theory in the preceding section had been developed, 
it became self-evident that the laboratory test up to then had 
been operated in the favorable direction of loading. We immedi- 
ately set about to repeat the experiments with the direction of 
loading reversed. For this loading and the same direction of rota- 
tion as before, the A unit in Fig. 4 is acting as a speed in- 
creaser, and the B unit as a reduction gear of identical rotation to 
that on a ship’s starboard shaft. The first tests were run at 100 
per cent load. 

The stress distribution curves in Fig. 23 show at once that the 
loading is gap-heavy. On the A unit, although the coupling end 
helix (gages 4, 5, and 6) has essentially level loading, the opposite- 
end helix (gages 1, 2, and 3) show severe nonuniform loading, 
which is almost triangular in shape, nearly doubling the gap end 
stress. And this has occurred on a set of gears whose static align- 
ment has been proved to be excellent! 

If the upset of level loading on the A unit is classified as severe, 
then the result on the B unit should be called violent. Two out of 
four meshings on the two helices show violently gap-heavy load- 
ing, the remaining two showing a strong gap-heavy tendency. In 
two instances the stress at the gap has increased to 250 per cent of 
average value. 

It should here be recalled that the B unit has little tip and root 
relief on the profiles, while the profile modification on the A unit is 
moderate in magnitude. 
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Fig. 23 Tooth stress at 100 per cent torque. Reversed loading. 


The ordinates of the curves in Fig. 23 and the subsequent figure 
are not actual gage stress values but are these values multiplied 
by a factor to make the average values comparable in magnitude 
to the average values of the preceding curves. This procedure is 
required since the strain gages are on the loaded side of the teeth 
for the tests described in this section, and on the nonloaded side 
of the teeth for the favorable laboratory tests. 

Further experimentation at 100 per cent load revealed the im- 
portant information that the gap-heavy condition was ac- 
centuated by deviations in the oil-spray patterns, in contrast to 
the negative conclusions for the opposite direction of loading. 
Also when the center sprays were entirely cut off, the gap stress 
rose 70 per cent, whereas this rise was only 30 to 40 per cent for the 
opposite direction. 

To corroborate these observed unstable effects, the torque was 
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increased to 140 per cent full-load torque and ran for 6 hr at 
full speed. The curves in Fig. 24 show that now all meshes of both 
units have become gap-heavy. On the A unit, the worst case 
shows a triangular loading across the full face width, leading to a 
doubling of the stress at the gap. 


40 AW | 40 


Bw! 


STRESS-1000 PSI 


UNIT 
140 % FULL POWER TORQUE 
Fig. 24 Tooth stress at 140 per cent torque. Reversed loading. 


Fig. 25 
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On the B unit, however, the stresses at the gap have increased 
more violently, and it is evident that the noncoupling end helix 
is not loaded over more than 70 per cent of its face width. The 
peak stress reading is over 300 per cent of full-load average stress. 
The surface temperatures of the pinion were higher than usual, 
182 F at the gap and 183 and 167 F on the ends. At 100 per cent 
load the corresponding temperatures were 173 F at the gap and 
151 F at the ends. 

Upon shutdown and inspection, a broken tooth was found on 
the pinion of the B unit, at the forward end of the aft helix. This 
fracture, shown in Fig. 25, is almost a perfect duplicate of the 
failure previously obtained during the shop test already described 
for a similar gear. The fracture occurred on a tooth not carrying 
a strain gage, so that the stress must have been slightly higher 
than the values given on the curves in Fig. 24. 

In addition to the actual tooth failure and the strain-gage read- 
ings, heavy gap loading was shown on the copper-sulfate marking 
patterns on the gear teeth. Furthermore, the aft helix of gear 
BW 2 (see Fig. 4) showed a line of pitting in the lower dedendum 
adjacent to the gap, again this being the type of profile distress 
noted on the shop test. 

In summary, the laboratory test gave most unfavorable results 
when the loading was reversed to duplicate the unstable condition 
predicted by the theory. At 140 per cent load a tooth failure was 
produced which was identical in every respect to a recent prior 
failure on a shop test of a large ship gear. 

It should here be noted that all of the tooth-failure difficulties 
that we have experienced on highly loaded gears have occurred 
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in the shop or laboratory, and that all ships having these gears 
have experienced uninterrupted, trouble-free operation of the re- 
duction gears in service. 


Additional Corroborative Cases 


Since 1950 there have been a number of instances of difficulty 
with high-speed gears, and nearly all of the first reduction cases 
are explained by the theory. 

Minor Scuffing on LSD (Landing Ship Dock) Main Reduction Gears. 
On the first two ships of this class, after the sea trials minor 
scuffing appeared at the gap ends of the helices of the high-speed 
high-pressure pinion, on the starboard reduction gear only—in 
which case the apex of the helices trail, so that the inside of the 
vee on the pinion is loaded. No difficulty or load concentration 
was experienced on the port gears. The scuffing was corrected by 
reshaving the pinions and the use of a mild EP oil (Navy symbol 
2190-TEP). 

Tooth Failures on Shop Tests of a Large Aircraft Carrier Gear. 
Of three high-speed pinions that developed fractured teeth on 
shop test, all three were loaded on the inside of the vee of 
the helices and the fractures were located at the gap ends of the 
helices. No failures occurred on the outboard ends of the helices 
nor for the case where the pinions were loaded on the outside of 
the apex. 

Merchant-Ship Gears. ‘There have been several unexplained 
minor difficulties on the first reductions of merchant-ship gears. 
All of these have been at the gap end of the helix, and in every 
instance the loading was on the inside of the apex of the helices. 
Although the merchant-ship gear transmits only about one half 
the horsepower per mesh as compared with a naval propulsion 
gear, the pitch-line speeds are as high, the pinions are as large, 
and the high-speed wheels are much larger than those on Navy 
gears. These factors all contribute to establishing the conditions 
for thermal instability. 


Methods of Avoidance of Thermal Instability 


A complete description of a disease as well as its symptoms 
and causes is interesting but of no great help to the patient. But, 
when the right diagnosis is made, the treatment and cure become 
evident. The theory of regenerative heating, developed herein, 
has led to the development of methods of design and manufacture 
that will eliminate the occurrence of thermal instability, and will 
produce gears of great reliability and low specific weight. 

The most important factor is the direction of loading with 
respect to the vee of the helices. For conventional marine first- 
reduction gear trains, a solution can be obtained simply by select- 
ing the hand of the helices so that the apex leads for ahead rota- 
tion. For single‘screw ships, this can readily be done. However, 
for multiple-screw ships with opposite rotation of propellers, it is 
undesirable to have opposite-handed gear trains. 

In this case, when the apex must trail, thermal instability can 
be controlled by center-gap cooling and the selection of tip and 
root relief. 

Center-gap cooling by special oil sprays or other means such as 
improved conduction paths is very effective in limiting the 
build-up of stress at the gap due to barreling of the pinion or 
gear, and hence careful design of center-cooling schemes is es- 
sential for high-speed gears. When other unfavorable conditions 
are cascaded, center-gap cooling alone is not sufficient to prevent 
thermal instability, so that attention must be directed toward 
reducing rather than dissipating the heat generated at the mesh. 

The heat generated at the mesh can be controlled and minimized 
by careful selection of tip and root relief on the tooth profiles. 
The reduction in tooth pressure near the extremities of the tooth 
(where the sliding velocities are highest) changes the shape of the 
heat-loss curve in Fig. 17 by blunting the peaks and thus the area 
under the curve, or total heat generated, is markedly reduced. 
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The data in the section on unfavorable laboratory results showing 
the difference in performance between the A and B units make it 
clear that controlled tip and root relief are essential if successful 
operation is to be obtained when the direction of loading is ad- 
verse. The tip and root relief should increase gradually with dis- 
tance from the pitch line and not abruptly so as in effect to stub 
the tooth. It is essential that tip and root relief be limited in 
amount to small values, for otherwise the tooth bending stress 
and contact stress will be increased excessively. 
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DISCUSSION 
Milton S. Berg? 


This paper is of particular interest in that it furnishes an ex- 
planation for some of the tooth breakage of high-speed gearing 
which has occurred in recent years. This tooth breakage on 
double helical gears, constructed in the postwar years, has been 
characterized by fracture of teeth at the gap end of either for- 
ward or after helices. 

A review of such casualties for postwar construction naval 
ships indicates that two thirds of such casualties could be ex- 
plained by the information furnished by this paper. However, 
breakage of teeth at the gap has been a rarity for the designs which 
were manufactured prior to and during war years. There would 
appear to be some correlation between these facts. 

Except for a higher level of tooth loading the chief difference 
between present and previous designs is gear wheel web construc- 
tion. Web construction is not referred to in the paper although 
Fig. 11 illustrates the effect of speed. This illustration indicates 
that at the gap there is a distinct relationship between speed and 
stress level. The older design gear wheels usually had four webs 
arranged as a double vee. This construction apparently mini- 
mized the differential expansion across the face caused by cen- 
trifugal force. Reference to four-web construction is not in- 
tended to imply that other construction is not satisfactory. There 
are numerous recent designs of two web gears which have been 
fully adequate, both during overload shop testing and in ship oper- 
ation. The criteria for wheel webs should be a design which 
minimizes excessive localized rim growth which is apparently 
basic in regenerative heating. 

It would seem that a combination of satisfactory gear wheel 
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design, profile modification, and adequate oil sprays can avoid 
regenerative heating and consequent thermal instability and ne- 
gate the importance of the direction of loading in respect to the 
vee of the helices. 


C. H. McDowell’. 4 


Test experience at the Naval Boiler and Turbine Laboratory has 
failed to show the thermal instability phenomena described in 
this paper. However, similar conditions in less serious form could 
possibly remain undetected without the aid of the small but very 
potent strain gage, without which the authors could have been 
seriously pressed to explain the circumstances of failure. 

A very interesting aspect of the authors’ experience is the mode 
of gear tooth failure, which appears very similar in nature to 
many which have occurred at the Laboratory. This mode of 
fatigue failure, with origin on the tooth at the lowest portion of 
the active profile, is not covered by conventional tooth bending 
stress formulas, which anticipate fracture through the tooth fillet 
rather than the active portion of the profile. Failures with origin 
of fatigue on the active profile may be lightly discarded, at- 
tributing the cause to weakening of the material from fine pitting 
or crazing of the surface which is associated with pitting. How- 
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ever, this reasoning has not explained all of the Laboratory failures 
which, in instances, occurred with no evidence of surface dis- 
tress to trigger the failure. 

The mechanism for failures of this type may possibly be ex- 
plained in the following manner. Maximum normal compressive 
stresses for the contact band between helical pinion and gear may 
be computed from the well-known Hertzian equation, assuming 
negligible sliding friction. It may also be shown that a small 
cube of material at the surface is stressed compressively in a plane 
perpendicular to the line of action but in a direction normal to 
the contact line with magnitude equal to the normal compressive 
stress. In the normal load cycle, this same cube of material, if 
near the lowest portion of the active profile, will later be highly 
stressed in tension as load progresses toward the tooth tip- 
Thus the cube of material on the tooth surface is alternately . 
stressed, first in compression, under direct contact, and later in 
tension, under bending, when load transfers to the tooth tip. 

This alternating stress range is conducive to the start of fatigue 
failure. The probability of failure from this cause may be as- 
sessed with the aid of the well-known Goodman diagram. 

Bending stress on the pinion tooth flank, in the area of contact 
with the gear tip, should be approximately two thirds of the 
maximum fillet bending stress or approximately equivalent to the 
indicated gage measurements in consideration of fillet concentra- 
tion factors and reduction in bending moment at the higher point 
on the tooth flank. On this basis, a maximum tensile stress of 
approximately 37,000 psi would exist as deduced from averaged 
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strain gage indication or 55,000 psi maximum in the fillet for the 
B unit. For the A unit, equivalent maximum values for the 
worst case are estimated to be 35,000 psi flank and 51,000 psi in 
the fillet. The compressive stress on the pinion tooth flank, com- 
puted for the area of contact with the gear tip and assuming full 
uniform contact, is approximately 65,000 psi at rated load. As 
influenced by a load concentration factor of 3, this value is raised 
to 116,000 psi for actual conditions in the B unit and 92,000 psi 
for a concentration factor of 2 in the A unit. 

These stress ranges may be plotted on a modified Goodman dia- 
gram (Fig. 26) for the pinion material. The endurance limit 
range is determined by the diagonal lines drawn from the ma- 
chined finish reversed bending endurance limits, of approximately 
53,000 psi, to the ultimate tensile strength of 150,000 psi. It is 
seen that the indicated ranges plotted on the diagram exceed 
the boundary limitation and failure is to be expected on the tooth 
flank at the initial contact zone. For comparison, the maximum 
indicated fillet bending stress range has also been plotted, which 
is shown to fall well within the diagram limitations and fatigue 
failure through the tooth fillet would accordingly not be expected. 

It is felt that the strain gage will, in the future, provide much 
additional valuable information. The authors are to be con- 
gratulated for their exceptional work in this field and for their 
material contribution to gear technology. 


W. S. Richardson’ 


From a sense of honest conviction, rather than as a matter of 
politeness, I want to compliment the authors of this paper. Their 
development of a logical theory to explain observed phenomena 
and their practical, common sense evaluation of the theory and its 
application to high performance gearing make easy objective con- 
sideration of what may prove to be a very significant contribu- 
tion. 

Regarding the theory of thermal instability itself, the authors’ 
arguments are persuasive and appear to be supported in a gen- 
eral way by the data presented, although the specific accuracy of 
much of this data, and particularly of the time-temperature curves 
on Fig. 16, may be open to question. From our own experience 
with similar propulsion gearing, we can add corroborating evidence 
of the same type of tooth contact patterns which lead them to the 
development of the thermal theory. 

On a class of three naval combatant vessels having highly 
loaded gearing, in each case the starboard unit HP and LP first 
reduction elements with apex trailing exhibited, with startling 
consistency, the contact conditions predicted by the theory. At 
the gap ends of both helices the pinions showed extremely heavy 
bearing high on the teeth, some pitting, and a tendency to scuff 
atthe tips. One fracture failure also occurred at this area. The 
meshing gears also had heavy bearing at the gap ends of both 
helices, but low on the tooth, and in some cases concentrated pitt- 
ing well below the pitchline. Both the pinions and the gears 
often developed, in the same area, a matted brownish burned ap- 
pearance, rather than the usual high polish. 

Conversely, the first reduction elements of all three port units 
with leading apex, uniformly showed even bearing and good polish 
across the faces of both helices, with a slight tendency to a heavier 
bearing at the outer ends. 

The combination of “‘barreling’’ plus axial expansion postulated 
by the authors would appear to explain these conditions, and 
there is little doubt that the effects would be cumulative when 
the apex trails and differential when it leads, as illustrated by 
Fig. 22 in the paper. However, there would appear to be no 
justification for considering the combination to be more than 
merely quantitative for any given set of conditions, or to inter- 
ject a theory of regeneration or thermal instability. This would 
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infer that beyond some unstated critical point, comparable to 
exceeding the critical mass of fissionable materials, the process 
becomes progressive and a failure inevitable. The authors do 
not state that in any run under adverse conditions, such as 
that represented by Fig. 24, which produced a failure in the ‘‘B’’ 
unit pinion in 6 hours, any progressive maldistribution of stress 
as a function of the time was actually observed. 

It would seem rather more likely that under any given set of 
operating conditions, the gear set reaches a point where the heat 
flow, temperature distribution, and consequent dimensional dis- 
tortions are stabilized, and, depending on their magnitude, either 
are or are not sufficient to produce failure in some specific num- 
ber of contact cycles. Some support of this point of view is lent 
by the fact that very minor indication of the same contact varia- 
tion described above has been noted in other propulsion gearing 
of the same type but loaded to something less than half the 
“K”’ factor. 

The recent experiences described in the foregoing remarks 
would appear to corroborate the thesis advanced by Mr. Welch 
and Mr. Boron. Nevertheless, contrary experience of many years 
standing does provide a general atmosphere of skepticism that 
we feel should be maintained until considerably more confirming 
data are recorded, particularly since other explanations are 
within the bounds of possibility, and some pertinent questions 
concerning the thermal! theory do come to mind immediately. 

For example, the temperature data of Fig. 16 is unconvincing, 
and we would doubt the propriety of projecting the curves back- 
ward to zero time. Contrary to the author’s evaluation they 
actually show little difference between the alternate positions of 
loading and, if anything, merely demonstrate the cooling effect 
of journals during shutdown. Bearing in mind the heat input 
from the journals at speed, and that heat dissipation is pri- 
marily accomplished by oil sprayed on the periphery rather than 
the end faces, there would be little reason for a temperature 
differential between center and ends to cause barreling. Fur- 
ther, if the temperature of the gears is substantially the same as 
that of the pinions, which the curves do seem to show, and which 
might be expected in spite of the additional number of contacts, 
since it is the pinions which are ordinarily sprayed with cooling 
oil, then axial expansion of pinion and gears would be the same 
and it would be immaterial whether the apex trailed or led. The 
effect of barreling only would be observed, but this was not 
what was demonstrated by the difference between port and star- 
board units. 

These and other matters, such as the effect of gear proportions 
and alternate details of construction deserve further research be- 
fore final conclusions are attempted. To illustrate the point, the 
gears mentioned earlier in these comments had approximately 
half the face of those listed in Table 1, and a single central web 
rather than two side webs, which should have changed the con- 
centration characteristics materially, but did not. 

However, the suggestions of the authors to keep the possibility 
of load concentration due to thermal distortion in mind and to 
give special thought to means for insuring uniformity of tem- 
perature within and between meshing elements are well taken. 


N. A. Smith’ 


The authors are congratulated on their paper and the theory 
and data presented. No doubt this work will contribute sig- 
nificantly to continued progress in the development of light 
weight, high load gearing. 

Shop tests on large CVA gears at General Electric have yielded 
mesh temperature variations which generally agree with data pre- 
sented in the paper. Sufficient data were taken to indicate 
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that contact conditions do exist as expressed in the paper. It 
was considered to be sufficiently important to modify mesh 
nozzles in a manner to limit temperature differences both across 
pinion faces and between mating pinions and gears. It is sug- 
gested that the authors could obtain additional data from their 
test which would establish the best nozzling practice for cooling 
of all mesh conditions. 

Nonuniformity of tooth contact resulting from expansion of the 
gear rim under centrifugal force has also been confirmed 
experimentally by General Electric. Wheels were rotated at 
various speeds while dimensional changes were recorded by in- 
strumentation. It was found that the wheel structure can be de- 
signed to minimize nonuniform expansion. 

The writer would like to remind the authors that, while their 
tests and theory point up an important element of tooth loading 
which must be accounted for, there is another extremely im- 
portant factor which is helix angle mismatch. Helix mismatch 
may generally be considered a combination of helix angle relation- 
ship and straightness of helix angle. 

Tooth failures experienced by the General Electric Company 
are confined to DL-1 and 2 propulsion gears on initial trials. 
Shop tests have yielded no failures. 

The totally unexpected DL-1 and 2 tooth failures necessitated 
a detailed investigation of design and manufacturing history 


which included: 


1 A review of materials. This resulted in greatly improved 
physical properties of high hardness material through special 
heat-treatments and forging practice. However, the final evalu- 
ation of the failures assigned minor responsibility to materials. 

2 First reduction wheels were tested for distortion due to 
centrifugal force. 

3 Theoretical study was made of the affect of nonuniform 
temperature distribution on contact characteristics. These stud- 
ies were not confirmed until CVA gears produced actual tempera- 
ture data. 

4 Analyzed helix mismatch. This resulted in a solution of 
the failures. The DL units were the first fleet application to 
utilize 400 plus Brinnel through-hardened materials. They also 
were the first fleet units to use a deliberate helix angle mismatch 
to compensate for pinion torsion and bending deflections. 


Failures occurred at the forward ends of aft helices on high- 
speed pinions and at the bases of helices on low-speed pinions. 
An analysis of these deflections will show that helix ends will be 
overloaded at the positions mentioned. It is interesting to note 
that the affects of both temperature variation and centrifugal 
force also tends to overload the forward end of the after helix. 

An analysis of localized overload due to twisting and bending 
of the pinion points out the necessity of using a helix angle mis- 
match between pinion and gear. The mismatch is readily cal- 
culated for each specific design condition. A contact check at no 
load will show one end of each helix open. However, when the 
pinion twists and bends under torque load, the contact wil! spread 
uniformly across the faces. 

The DL pinions were designed and manufactured with helix 
angle mismatch. It was discovered later that some helices had 
proud faces at the ends where the shaving cutter heeled out. 
These proud ends caused the failures. At the time of manufac- 
turing and shop test the small variations of contact bearing were 
considered to be of minor importance. It was felt that flexi- 
bility of gear teeth would prevent serious overload. This was a 
mistake and particular point is taken here to disagree with the 
author's statement that flexibility of gear teeth can permit 
moderately large misalignment without danger. 

Flexibility tends to create an allusion of apparently good con- 
tact as observed but which results in one end of a helix being 
overloaded. 
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(a) First, when helix angle alignment is poor between a pinion 
and gear, flexibility will allow bending of the tooth under load 
and a postload examination will in fact indicate good contact. 

(b) Secondly, when the tooth bends nonuniformly along the 
face, it is possible to increase tooth root bending stresses radi- 
cally, perhaps two to three times designed loading and at the 
same time the contact markings may appear acceptable. This 
overloading explains most of the helix end failures. 

Successful gearing requires close control of helix angle matching. 
The amount of mismatch is a function of helix length to diameter, 
as well as torque. Therefore it is possible to experience large 
amounts of combined twist and bending on either high or low 
loaded gearing. In many cases where helix misalignment exists, 
the root stresses are not sufficiently high to cause breakage. If 
these gears are of low hardness material, there may be pitting at 
the loaded end of the helix. 

Properly manufactured gearing requires: 


1 Machine tools capable of producing helix angle corrections. 

2 Inspection personnel and tools capable of measuring modi- 
fied helix angles. 

3 Observation of contact distribution through the load range 
to prove that full face contact does not exist until predetermined 
load exists. 


F. A. Thoma’ 


The authors presentation of the theory of “regenerative thermal 
instability” is a noteworthy step in the progress of developing 
gearing for highly loaded high-speed transmissions. The full 
scale testing described in this paper provides valuable data to the 
gear designer in terms of a quantitive evaluation of the effects of 
misalignment, speed, center gap-cooling, and oil spray location 
on gear tooth bending stress. The designer should bear in mind 
when considering these data, that the results were derived from 
gears of a specific construction and geometry, and that a change in 
construction or geometry may well vary the results and in some 
cases even reverse them. The conclusion that it is desirable, 
wherever possible, to arrange the hands of the helices so that the 
apex of the pinion leads in the direction of loading, is undoubtedly 
true in a great many cases, however, it cannot be applied uni- 
versally without considering the geometry and construction of 
the pinion and gear in question. 

To illustrate this, consideration could be given to a high-speed 
gear of relatively narrow face width that is machined from a 
solid forging with a single central web supporting overhanging 
rims on both sides. It is probable that the cool central web would 
draw heat from the rim so that the ends of the rim are hotter than 
the center. Centrifugal force would cause the ends of the rim to 
expand more than the restrained center portion. This gear then 
would become “hourglass”? shaped rather than “barreled” in op- 
eration. 

Pinion geometry should be considered when deciding on a lead- 
ing or trailing apex. For example, pinions having a high length 
to diameter ratio can be subjected to rather large torsional and 
lateral deflections. These deflections are additive on the helix 
nearest the coupling and concentrate load on the coupling end 
of the helix. They are subtractive on the helix away from the 
coupling. Fora pinion such as this, operating temperatures may 
well be such that a trailing apex and its tendency to “hog the 
load at the center gap”’ will nicely offset the effect of torsional 
and lateral deflections to concentrate load at the critical coupling 
end of the helix 

Another consideration should be the pinion journal tempera- 
tures. In a locked-train gear, such as described by the authors, 
the pinion meshes with two gears at 180 deg points. With this 
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arrangement, the tangential and radial loads from one gear cancel 
those of the other. The resultant load on the pinion journals 
then is only the weight of the pinion which is very small. The 
journals in turn are sized only for the transmission of the re- 
quired torque. This results in small, lightly loaded, cool run- 
ning pinion bearings in locked-train high-speed drives. The cool 
journals will draw heat from the pinion body creating the bar- 
reled shape. 

It would not be too great a stretch of the imagination to picture 
a pinion running at 12,000 to 14,000 rpm and engaging a single 
gear. In this case, the tangential and radial loads of the mesh 
must be supported by the pinion journals so they, in turn, will 
be proportionally larger than the journals of a locked train pinion. 
The resultant geometry could be such that the journals are 
nearly as large as the pinion pitch diameter. The high journal 
velocities and high bearing loads could produce temperatures 
equivalent to the mesh temperatures. In this case barreling 
would be absent leaving only the temperature effect of increased 
axial pitch. 

Some of the foregoing required supposition, but it serves to 
illustrate that there are exceptions to most all rules. 

The exceptions are further illustrated by the examination of 
three cases of tooth breakage in high-speed gears of our design and 
manufacture. The drives were all locked-train. The tooth 
breakage in two cases occurred on the pinion and in one case on 
a gear. Surprisingly, the breakage occurred at the gap in all 
three cases. One case fits the theory of regenerative thermal in- 
stability perfectly. The other two, however, had leading apexes 
which demonstrates that other factors can also cause tooth 
breakage. 

In conclusion, I would like to repeat that the authors have 
made a valuable contribution in the continued development of 
high-speed gearing for which I extend to them congratulations 
and thanks. 


Authors’ Closure 


Messrs. Berg, Thoma, Richardson, and Smith each stressed 
the importance of high-speed wheel design in controlling tooth 
load distribution, a consideration in which the authors heartily 
concur. Of particular interest in this respect is the description 
of high-speed wheels given in the next-to-last paragraph of Mr. 
Richardson’s comments, this being the type of wheel mentioned 
by Mr. Thoma. It should be noted that, despite this marked 
difference from the design shown in Fig. 10, the behavior as 
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described by Mr. Richardson closely parallels our experience 
during the shop and laboratory tests. 

Mr. Berg cites the absence of failures of this general type in 
the gears designed prior to and during the war. These gears were 
of lower K-factor than the present naval gears, although the 
power transmitted was nearly as great. Thus for nearly the 
same horsepower, the size of the reduction gear was much larger, 
and the heat dissipated in the mesh bore a lower relation to the 
mass and volume of the gears and pinions. Because of the lower 
resistance to heat flow away from the mesh for the larger gear, 
the larger gear is much less likely to show a thermally regenera- 
tive condition than a smaller gear, if each is transmitting the 
same horsepower. (A large log is more difficult to set afire than 
is a small log-—particularly if we use the same size match!) 

Mr. McDowell, in his presentation of Fig. 26, has provided a 
sound and new explanation of why the tooth fracture crack be- 
gins on the active profile rather than in the tooth root, and we 
thank him for supplementing the paper with this explanation. 

Mr. Richardson’s comments on the time-temperature curves of 
Fig. 16 are well taken, for we are aware of the roughness of these 
data. In fact, when the paper was first prepared, this information 
was not included because of its very approximate nature. One 
of the reviewers of the first draft was most skeptical until he was 
later shown these curves, which convinced him of the plausibility 
of the theory. This experience led us to add the contact tem- 
perature data to the text. 

The discussions by Mr. Smith, Mr. Richardson, and Mr. Berg 
add additional corroborative cases of tooth failures to the theory, 
at least in so far as the adverse gap-heavy loading of an apex 
trailing pinion is concerned. Mr. Smith is entirely correct in 
stating that effects of temperature variation, centrifugal force, and 
deflection due to twist are additive at the gap end of the aft helix 
of the high-speed pinion. However, it is believed by the authors 
that the deflection due to twist at this location is the least im- 
portant of the above three components, and in this belief we 
appear to be at variance with Mr. Smith. The deflection due to 
twist can be easily calculated. 

On highly loaded gears, we agree with Mr. Smith that good 
contact at full load can be misleading due to the flexibility of the 
teeth. Good manufacturing practice in this class of gearing re- 
quires successive test floor runs at 1/4, 4/2, 3/4, and full torque to 
verify good tooth geometry and alignment. 

The authors wish to thank the discussers for their general re- 
marks on the paper and for the additional information they have 
contributed to the subject. 
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Marine Propulsion 


Advances in the design and construction of steam turbines for the propulsion of ships 
growing out of current trends in the construction and operation of merchant ships, as 
distinct from naval vessels, are considered. The effects of increases in power and steam 


conditions, and changes in classification rules, are examined and assessed in relation 


to the turbines. 


New concepts and methods in design are discussed and experience with 


advanced designs is indicated. Some examples of actual details of construction de- 
veloped to meet new conditions are presented. 


a PAPER considers the trends in the design and 
construction of steam turbine main propulsion machinery growing 
out of the present day trend in ship construction and operation. 
Attention will be given mainly to merchant ships. Reference 
will, however, be made to machinery for naval vessels where this 
service has provided valuable experience or indicates a direction 
of advance. 


Source 


The observations and conclusions given in the paper are based 
on data and records relating to the design and construction of 
steam turbines by the General Electric Company for the propul- 
sion of ships during the period from 1936 to the present. This is 
a broad and comprehensive source including over 1200 steam 
turbine propulsion units for merchant ships with a total power of 
over 14 million hp. While a large part of these were built during 
World War II, present day practices and trends in design and 
construction are well represented. Since 1946, 148 units with a 
total maximum output of 2,350,000 hp have been built or are 
now building. The range of normal rated powers and the variety 
of ships and types of service are indicated in Table 1. 

This source also includes data for the design and construction 
of turbines for operation with advanced steam conditions con- 
siderably beyond the pressures and temperatures used in present 
merchant ships. This has been acquired in building main propul- 
sion turbines to operate with steam up to 1200 lb per sq in. 
gage and 1000 deg F for vessels of the United States Navy. 
Since 1946, turbine units with various powers extending up to 
more than 50,000 hp per unit and totaling more than 3,600,000 
hp have been built. or are building for these pressures and tem- 
peratures. 


Increases in Power 
Ship construction has been and is being acted on by the same 


! When this paper was written the author included information 
and expressed opinions believed to be correct and reliable. Because 
of the constant advance of technical knowledge, the widely differing 
conditions of possible specific applications, and the possibility of 
misapplication, any application of the contents of this paper must be 
at the sole discretion and responsibility of the user. 

Contributed by the Power Division and presented at the Annual 
Meeting, Atlantic City, N. J., November 29-December 4, 1959, of 
Tue AMERICAN Society OF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
September 9, 1959. Paper No. 59—A-263. 
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economic and competitive forces that are continually pushing all 
forms of transportation equipment to greater carrying capacity 
and speed. Over the past 20 years, the power of propulsion 
machinery for merchant ships has increased to match the pro- 
gressive increase in displacement and speed. During World 
War II, the major portion of the ships were C-2 and C-3-type 
dry-cargo ships. The C-2 ships were powered with 6000 hp and 
the C-3 with 8500 hp. Shortly after the War, the Esso Zurich 
and Esso Suez class of tankers were built with 12,500 hp. These 
were followed by a number of different types of ships with in- 
creasing power up to 17,500-hp normal rated power. The 
recent Esso Gettysburg class and the National Bulk Carriers 
Universe Apollo class tankers have 25,000-hp propulsion turbines. 
Some of the new passenger-cargo ships, now being projected, will 
have powers in excess of 25,000 hp. 

Inftation. Inflation as an economic factor has assumed increasing 
importance in the postwar period. Evidence points to a con- 
tinuing increase in its effect, and it must be properly considered in 
evaluating the characteristics of power plants. This is well 
exemplified by experiences of land electric-utility plants. Follow- 
ing the war, some more venturesome groups built plants for steam 
conditions considerably higher than could be justified by the 
economics of the time of construction. The soundness of their 
decision was widely questioned by experts in the field. However, 
the increasing cost of fuel during the intervening years has so 
altered the economics that these plants have proved outstandingly 
successful. 

Examination of the history of the electric-utility industry shows 
other instances where designs somewhat in advance of the 
economic balance at the time of construction have given the 
highest evaluation over the life of the project. A full accounting 
must be made of the effects of inflation in the cost of fuel over 
the life of the machinery if the proper decisions are to be reached. 

Inflation will also have an effect on the cost of maintenance. 
Where maintenance is a minor item in the cost of operation, it 
will be of little importance, but with larger maintenance cost, 
inflation must be properly evaluated. 

Reliability. The increased capital investment in the larger, 
higher-speed ships makes a casualty more costly and puts a 
greater premium on reliability. Sizes within the limits of any- 
thing built or projected would appear to have no adverse effect on 
reliability of main-propulsion steam turbines. The highest 
power machinery in operation in merchant ships today is proving 
as reliable as earlier equipment of lower power. The much 
larger and more complex propulsion turbines on vessels of the 
United States Navy are just as reliable as the small ones. The 
record of central-station turbines compiled by the Prime Movers 
Committee of the Edison Electric Institute shows no decrease in 
the availability of reheat turbices rated 100,000 to 175,000 kw 
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‘Table I Sizes and applications of marine propulsion turbines 


Steam conditions 
Turbine Rated speed, | Normal rated | Initial pressure, Initial Exhaust Number of Type of 
type* r.p.m. h.p./Lp. | power, h.p. | lb. per sq. in. | temperature, pressure, units service 
gauge ry F. in Hg. abs. 
SCSF 8,080 3,000 440 740. 1-5 1 Ore carrier 
CCSF 8,902/8,138 3,000 435 740 1-75 2 Ore carrier 
SCSF 5,805 4,000 225 640 1:5 1 Limestone 
805 4,000 235 640 1:5 1 Carrier 
5,800 4,000 450 750 1:5 2 Car ferry 
SCSF 5,000 6,000 600 855 1:5 2 Vehicle carrier 
CCSF 5,942/3,961 5,000 435 735 1-5 2 Tanker 
CCSF 7,062/3,438 12,500 835 840 1-5 10 Tanker 
CCSF 6,375/4,144 6,000 450 750 1:5 1 , Ore carrier 
6,324/4,184 7,000 450 750 1 1 Ore carrier 
6,324/4,184 7,000 450 750 1:5 1 Ore carrier 
6,965/4,280 7,500 585 840 1:5 6 Ore carrier 
9,606/4,151 8,500 450 750 1 4 Ore carrier 
6,373/4,119 8,000 435 740 1:5 1 Passenger/cargo 
6,570/4,030 8,000 435 740 1:5 3 Car ferries 
6,570/4,030 9,000 585 840 i-5 2 Bauxite carrier 
6,650/4,150 9,000 585 840 1-5 9 Passenger/cargo 
6, ,070 10,000 585 840 1:5 4 Passenger/cargo 
6,520/4,260 10,000 585 855 1-5 3 Tanker 
6,350/4,000 11,000 600 845 1:5 4 Passenger/cargo 
6,500/4,150 12,000 585 825 1-5 2 Tanker 
6,540/4,128 12,500 585 840 1-5 13 Tanker 
6,540/4,128 12,500 600 850 1-5 3 Tanker 
6,488/4,151 12,500 850 890 1:5 1 Passenger/cargo 
CCSF 6,600/3,212 12,500 585 855 1-5 4 | Passenger/cargo 
6,608/3,213 12,500 600 840 1-5 3 Passenger/cargo 
6,600/3,300 12,750 600 840 1-5 4 Passenger/cargo 
6,854/3,393 14,545 585 840 1-5 2 Tanker 
; 16,000 585 845 1:5 Tanker 
CCSF 6,483/3,247 16,000 585 855 1-5 2 Ore Carrier 
6,483/3,247 17,500 585 855 1-5 4 Tanker 
6,483/3,247 17,500 585 855 1-5 10 Passenger/cargo 
6,483/3,247 17,500 585 855 2 5 Passenger/cargo 
6,530/3,415 17,500 600 850 1-5 8 Tanker 
6,519/3,400 18,750 585 840 1-5 5 Tanker 
6,015/3,005 19,250 585 855 1-5 10 Tanker 
CCDF 6,096/3,400 25,000 585 855 1-5 5 Tanker 


*SCSF Single cylinder, single flow 
CCSF Cross compound single flow 
CCDF Cross compound double flow 


at 1450 psig and 1000 F compared with smaller machines at lower 
temperatures and pressures. 

It is the author’s opinion that advances in the metallurgy of 
turbine-rotor forgings, material-inspection methods, a constantly 
increasing understanding of brittle fracture of steel and bucket 
vibration, and the availability of high-speed digital computers 
for the solution of complex analytical problems have in effect 
much more than offset the advances in sizes and higher pressures 
and temperatures. 

Machinery Space. Prior to 1954, the rules for the construction 
and classification of ships lead to such liberal space for propelling 
machinery that all equipment, including facilities for servicing 
and inspecting the machinery, was easily and conveniently 
arranged. The British Merchant Shipping Act of 1954 and 
corresponding changes in the Rules for Construction and Classi- 
fication of Ships in the United States make reduced machinery 
space particularly adyantageous to the owner since they substan- 
tially reduce charges contributing to operating costs. Owners 
and builders are beginning to capitalize on the compactness of the 
steam-turbine plant. Not only has the obvious waste space in 
the older ships been eliminated but modifications in turbine 
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machinery and its accessory equipment are now sought to reduce 
space and allow further advantage to be taken of the new rules. 
The engine rooms in some of the new passenger-cargo ships seem 
nearly as crowded as in naval destroyers and servicing and inspec- 
tion is about as difficult. 

Steam Conditions. Steam pressures and temperatures for marine 
power plants have advanced in a succession of broad steps. 
The turbine designer sees a pattern in these advances that is 
linked to advances in land electric-utility plants and steam- 
turbine plants for vessels of the United States Navy. Land 
electric-utility plants are the first to take advantage of steam 
generation at increased pressures and temperatures and other 
changes in heat cycles that promise to reduce the cost of power. 
Because their saleable product is power, improvements in plant 
performance have a direct and proportionate effect on the cost of 
the product. They are therefore first to make the step and ac- 
quire experience in a new area. 

Some manufacturing businesses operate large power plants to 
serve their own needs for power and process steam and closely 
observe the experiences of the electric-utility plants with ad- 
vanced pressures and temperatures. As soon as the initial 
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850lb. per sq. in. gauge, 950 deg.F., four heaters, regenerative gas air heater 

—--—--—-- 1,200lb. per sq. in. gauge, 950 deg.F., four heaters, regenerative gas air 

eater 


problems have been overcome, they move up to the higher 
steam conditions. Turbines used in these power plants are sub- 
jected to highly variable operation due to large and frequent 
changes in load and steam flow. Designs must provide con- 
structions that will successfully withstand the transient tempera- 
tures and pressures encountered. Operation in plants of this 
type serves to establish the adequacy of designs for higher steam 
conditions. 

Higher steam pressures and temperatures make possible 
reductions in the fuel consumption and space and weight of 
propelling machinery. The great importance of these savings in 
the construction of naval vessels has led the Navy to shift to 
higher steam conditions as soon as reliable operation was demon- 
strated in land power plants and they were satisfied that equip- 
ment could be successfully built for their use. In this respect, 
the Navy's operating experience serves to demonstrate the 
feasibility of new higher steam conditions in marine service and 
generates basic information for the successful design of turbines 
for merchant ships. 

When shipbuilding activity in the United States revived in the 
late 1930’s the electrical-utility industry had advanced rapidly 
from steam conditions of 400 psig and 700 F in the early 1930’s 
to pressures of 800 to 900 psig and temperatures of 800 to 900 F. 
In starting its new fleet, the Navy chose 600 psig and 825 F 
for all combat vessels. The merchant-ship designers chose 440 
psig and 740 F to suit the smaller powers of these propelling 
plants. With a few exceptions, these conditions continued until 
1946. 

After 1946, the Navy advanced to 1200 psig and 1000 F for its 
postwar fleet. New merchant-ship construction used 600 psig 
and 850 F and has continued with this pressure and temperature 
even though turbine powers have increased from 12,500 shp to 
25,000 shp. 

In general, merchant-ship builders have been understandably 
slow to use high steam pressures and temperatures. In compari- 
son with land power plants, the gains from reduced fuel consump- 
tion are not as large a part of the total cost of the service per- 
formed. In comparison with the naval vessel, the value of 
reduced fuel consumption in extending cruising radius is negligible 
and the value of reduced space and weight is small. Because of 
extensive experience in other fields, many builders of marine 
turbines are prepared to supply reliable machinery for high 
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Effect of steam conditions and cycle on all-purpose fuel rate 


steam pressures and temperatures long before builders of mer- 
chant ships are ready to use them. 

At the present time, power-plant heat cycles for ocean-going 
merchant ships fall very nearly into a single pattern and there 
seems to be no trend to depart very much from it. Except for 
small ratings, steam conditions are near 600 psig and 850 F at 
the boiler and 1'/.-in. Hg abs in the condenser. The feedwater- 
heating system uses two feedwater heaters supplied with steam 
taken from the turbines, an economizer, and a steam air pre- 
heater. Steam to the low-pressure heater is taken from an inter- 
mediate stage of the low-pressure turbine, and that to the high- 
pressure heater from the crossover between the two turbines. 
This pattern has not changed in 10 years and is now being used 
for power plants with normal ratings of 25,000 hp. 

This situation seems to conflict with advances in steam power 
plants in other fields and has initiated careful re-examination of 
the marine power plant to be sure that all factors have been fully 
assessed. A recent study of a 25,000-hp power plant for tankers 
by Cheng and Dart [2]? indicates that the optimum steam con- 
ditions for maximum return on the investment is 600 psig and 
860 F. Some opinions, based on other studies, differ with this 
and conclude that steam conditions should be no lower than 850 
psig and 950 F and might well be 1200 psig and 950 F. 

Review of the long-term results of a large number of advanced 
design projects in the field of power generation has convinced the 
author that target points should always be selected somewhat 
beyond the optimum predicted by analyses made at the time of 
decision and particularly so when a definite step in progress 
appears imminent. Otherwise, the rapid advance in technology 
may quickly make the equipment obsolete. 

Fig. 1 shows the result of an extensive study of the effect of 
steam conditions and cycles on all-purpose fuel rate for merchant- 
ship power plants. It will be seen that there is a substantial 
improvement in fuel rate with steam conditions at 850 psig and 
950 F with four heaters and regenerative gas air heater as com- 
pared with 600 psig and 850 F with two heaters, an economizer, 
and a steam air heater. Over-all turbine and gear efficiencies are 
shown in Fig. 2. a 


Machinery Arrangement 
The two-cylinder cross-compound turbine with a single-flow 
2? Numbers in brackets designate References at end of paper. 
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Fig. 2 Over-all efficiency of marine propulsion turbine gear units 


Fig.3 Typical cross compound turbine gear arrangement in engine room 


low pressure turbine is the type used for most merchant ships. 
It is the design preferred for units with normal rated powers from 
6000 to 24,000 hp. The very compact arrangement of the tur- 
bines, reduction gears, and condenser is shown in Figs. 3 and 4. 
The small engine-room space occupied is an important advantage 
under the new rules. Separation of the turbine into two parts, 
one for the high pressure section and one for the low pressure 


Journal of Engineering for Power 


Fig. 4 Photograph of scale model of cross compound turbine, gear, and 
condenser 


section, allows the selection of a speed for each which will give 
optimum efficiency for the over-all unit. The reduced shaft 
spans between bearings permit smaller shaft diameters with a 
reduction in gland and packing leakage loss, a further contribu- 
tion to high over-all efficiency. i 
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Fig.6 Section of single-cylinder turbine 


The single-cylinder single-flow turbine, shown in Figs. 5 and 6, 
has proved economical for powers below 6000 hp. A number are 
in successful service in single-screw ships on the Great Lakes and 
they are well adapted to twin-screw ships with small powers. 
A desirable annulus area for the last stage can be obtained with a 
speed giving a good balance of efficiency of both the high pressure 
and low pressure sections of the turbine. The lower cost of this 
design makes it economically feasible for the smaller powers. 

For powers of 25,000 hp and above, the two-casing cross-com- 
pound design with a double-flow low pressure turbine, Fig. 7, 
retains the advantages of compactness and high efficiency by 
providing increased last-stage annulus area without reduction in 
speed. This type of machinery continues to be used for all the 
principal combatant ships for the Navy and has been brought to 
an advanced stage of development in this service. 

Athwartship position of the condenser is well suited to the 
cross-compound single-flow turbine design. The normal con- 
figuration of the low pressure turbine exhaust places the opening 
with its long dimension athwartship and lengthwise of the 
condenser. The distribution of steam leaving the turbine 
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exhaust tends to conform to the internal arrangement of the 
condenser and minimizes the distribution space needed over the 
tube bank. Engine-room space is reduced and performance 
is improved through a reduction in the pressure loss to the 
condenser. 

A trend developed in the design of early post-war machinery 
arrangements that led to mounting the low pressure turbines 
directly on the condenser and making the condenser serve as a 
foundation for the turbines. The advantages anticipated were: 
(a) A potential gain in sustained efficiency of the turbines by 
freeing the finely made moving machinery from carrying the dead 
load of static equipment; (b) a saving in the over-all cost of the 
machinery by converting the normal structure of the condenser 
into a suitable foundation for the turbine with simple modifica- 
tions to increase strength and stiffness; (c) a simplification of the 
gear casing by removing the load of the low pressure turbine 
and condenser from it. 

Increased misalignment between the turbine shafts and high- 
speed pinions was anticipated due to greater expansions and to 
weaving of the ship. However, experience with a modified 
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Fig.7 Section of double-fiow low pressure turbine 


Fig.8 High waa flexibile coupling and piece 


too®h form for the dental-type flexible coupling and extended- 
distance pieces had shown that these couplings would easily 
accommodate the misalignments expected. Fig. 8 is a photo- 
graph of a coupling of this type. The tips of the external 
teeth on the distance piece are machined to conform to a spherical 
surface. The elements of the tooth surface are not straight 
lines parallel with the axis but are slightly curved to form 
a barrel-shaped tooth. The balled top of the external teeth on the 
distance piece centers the coupling in the coupling sleeves on 
the turbine and pinion shafts. The relief of the tooth form permits 
the coupling to accommodate limited angular motion with 
normal tooth contact. These couplings have been very successful 
and are now used with all propulsion turbines and gears without 
regard to the method of support. ; 

The proportions of the double-flow low pressure turbine 
casings is better adapted to mounting on the condenser and this 
is proving to be an economical arrangement. 


Turbine Types 

A trend toward a single type of turbine for land turbine- 
generator units has been under way in the United States for some 
time. Generally, all builders of land turbines are now offering 
impulse-type turbines with wheel and diaphragm construction 
for all powers up to a maximum output equivalent to 25,000 
hp. Those builders who have historically made extensive use 
of reaction construction have changed to impulse designs. The 
latest product bulletins and current proposals put out by these 
manufacturers confirm the shift. The trend may well continue 
and be extended to include larger powers and other applications. 
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Because developments in land turbines have frequently forecast 
trends in design for marine turbines, and may again, this trend 
is of interest to marine-turbine users. 

At the present time, the individual builders of propulsion 
turbines for merchant ships use different proportions of impulse 
construction. All use impulse designs for the first stage in the 
ahead turbine, in the form of a one-row or a two-row wheel, and 
also for the astern turbines. The remainder of the ahead turbines 
vary from all-impulse to all-reaction. 

The United States Navy has for a number of years limited the 
type of construction for propulsion turbines by requiring impulse 
designs for all except the low-pressure turbines of multiple-casing 
turbine designs. For low-pressure turbines, either impulse or 
reaction may be used. 

Turbine Design. The economic value of turbines as well as other 
components of the complete propelling plant can be assessed in 
terms of safety, reliability, first cost including installation, 
efficiency as a measure of the direct effect on fuel cost, and main- 
tenance cost. The final evaluation must include consideration 
of the adequacy of the design and construction to meet not only 
the requirements of normal service, but also the unexpected and 
abnormal. Experience and knowledge acquired from the per- 
formance of many designs in a variety of ships and services is 
essential when advances are being made into areas requiring new 
design practices beyond present service experience. 

The design of propulsion steam turbines must include provision 
for accommodating the maneuvering requirements of the ship. 
The severest duties on all parts of the turbines occur during the 
crash-ahead and crash-astern maneuvers from a full-speed condi- 
tion in either direction. While this is an emergency maneuver, 
it must be successfully demonstrated during the trials of every 
ship. The time interval from full turbine speed in either direc- 
tion to full speed in the opposite direction will be between 20 and 
30 sec. 

During operation, many, parts of the turbines must adjust to 
large transient and, subsequently, large steady-state temperature 
differences. Higher initial pressures and temperatures increase 
these effects and designs must be arranged to accommodate 
increased temperature gradients and differences, both transient 
and steady-state. 

The major problems in designing turbines for operation at 
higher pressures and temperatures are related to the effects of 
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temperature rather than the effects of pressure by itself. Higher 
steam pressures lead to generally heavier wall sections and, at the 
same time, increase surface-heat-transfer rates. Both effects 
lead to increased temperature gradients in the structure and 
proportionately larger expansions and stresses. To these must be 
added the much greater effects produced by higher levels of oper- 
ating temperature with further increase in the steady-state and 
transient-temperature differences. 

Suitable alloying can substantially offset the decrease in 
strength of materials at higher temperatures. Nevertheless, 
working stresses are usually lowered due to changes in the 
properties of the materials under operating conditions. Thick- 
nesses of members must be increased to compensate and add 
further to the temperature gradients. A departure from con- 
ventional design is indicated to hold stresses at suitable levels 
and at the same time retain the simplicity of construction charac- 
teristic of machinery for lower pressures and temperatures. 

One approach is to modify the construction for the lower 
steam conditions to retain its advantages and yet allow for the 
more severe duty: (a) By proportioning the rotating and station- 
ary parts to minimize differential expansion between them; 
(b) by removing points of restraint in the structure and allowing 
free but guided expansion of parts; and (c) where restraint cannot 
be removed, by providing increased flexibility in the members to 
reduce total stress. 

This approach has been applied to the design of land steam 
_ turbines operating with steam conditions up to 1450 psig and 
1000 F and propulsion turbines for the Navy operating with 
steam conditions up to 1200 psig and 975 F. In these particular 
applications, temperature differences were further increased by 
the action of sequentially operated steam-control valves ar- 
ranged in a valve chest integral with the main turbine casing. 
Service experience on a large number of machines has fully demon- 
strated the soundness of the design. 

These same design principles have been applied to turbines 
developed for operation on merchant ships with steam pressures 


Fig.9 Section of high pressure turbine 


and temperatures above 600 psig and 850 F. The embodiment 
of these will be indicated in discussing the details of construction. 

Figs. 9 and 10 are cross-section drawings of a high pressure and 
low pressure turbine, respectively, for a 20,000-hp cross-compound 
machine and are typical of turbines for service at these conditions. 
(These views show the turbines arranged for a top crossover 
connection but other crossover arrangements are provided. ) 

As can be seen in the drawings, the turbines use impulse design 
with wheel-and-diaphragm construction throughout. With 
higher pressures and temperatures this design offers many 


Fig. 10 Section of single-flow low pressure turbine 
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advantages. The impulse design gives better efficiency with the 
smaller nozzle areas needed for the higher density steam. The 
axial thrust load is small enough to avoid special equalizing 
means with the associated leak losses. The small shaft diameter 
keeps leakage losses small and transient expansions have less effect 
onthem. With the gashed rotor, the relative rates of expansion 
of the rotor and casing can be better matched by proper propor- 
tioning and axial clearances set at more favorable values even 
though axial clearances have a minor effect on efficiency. 
High-Pressure-Turbine Casing. From the standpoint of simplicity, 
it is desirable to retain the main valve chest as an integral part of 
the high-pressure-turbine casing, as shown in Figs. 9 and 11, and 
provide means of coping with the greater expansions. Experi- 
ence with progressively higher steam conditions have shown that 
the usual construction with the chest, nozzle passages, and the 
outer walls of the head in one solid structure down to the hori- 
zontal joint in the casing, would make it difficult to maintain a 
leak-free joint across the forward wall of the head. The steam 
passages from the valves to the nozzles have, therefore, been 


Fig. 11 Section of valve chest and nozzle passages 


formed into a separate structure and freed from the outer casing 
walls at the front and sides except for the attachment at the floor 
of the chest. This will be clear if one visualizes walking com- 
pletely around the outside of the steam passages just below the 
floor of the valve chest where the valve seats are located. Vertical 
keys at the level of the horizontal joint guide the lower ends of 
the steam passages and hold axial alignment. The lower portion 
of this inner structure is thus free to expand radially and is free 
from the strong heavy flanges at the casing horizontal joint. 

Having been separated from the relatively strong structure 
formed by the nozzle passages, the main casing walls at the sides 
and front, between the floor of the steam chest and the horizontal 
joint, can be proportioned and contoured to accommodate readily 
the greater expansion of the steam chest due to its higher tem- 
perature, as well as performing the primary function of containing 
the pressure. 

As previously indicated, this design arrangement has been well 
proved in service under more severe conditions than are encoun- 
tered in merchant-ship service at 1000 F. 

The high-pressure turbine casing is a steel casting designed to 
meet all possible operating conditions of the particular service for 
which it is intended. The material compositions and properties 
used are given in Table 2. The development of each new casing 
includes special tests of a sample casting in addition to the usual 
chemical and physical tests. After cleaning, this sample casting 
is carefully measured for dimensional correctness and thoroughly 
examined by the magnetic-powder method and by radiography 
to assess the quality of the casting process and as a guide for 
possible modifications to improve the quality of the basic casting. 
Questionable areas are carefully explored. Any faults are 
corrected and the normal heat-treating cycle completed. 

Following semifinish machining, a special hydrostatic pressure 
test is applied and stresses measured at all critical points. Sur- 
face-mounted wire resistance strain gages are used for these 
measurements. The test is carried out at room temperature at a 
test pressure determined from the working pressure and tem- 
perature and the material properties by the relation 


rupture strength at room temperature 
™ rupture strength at working temperature 


P, = 2P 


where 


P, = test pressure, psig 
P,, = maximum working pressure, psig 


m 


Following this test the casting is carefully measured to find any 
dimensional changes not indicated by the strain gages. Modi- 


Table 2 Cast casing materials for marine turbines 


steel 


Material | 


Medium carbon 


2} chromium 
1 molybdenum 


1 chromium 
1 molybdenum 


1 chromium 
molybdenum 


Temperature range, deg. F. | 775 


G.E. specification 


Composition 
Carbon, maximum 
Manganese 
Silicon 
Phosphorus, maximum 
Sulphur, maximum 
Chromium 
Molybdenum 
Vanadium 


0:30 


0-040 


Physical properties 
Tensile strength, Ib. per sq. in. (minimum) 
Yield strength 0:02 per cent offset, Ib. per 
$q. in. (minimum) 
Elongation in 2 in., per cent (minimum) 
Reduction of area, per cent (minimum) 


BSOA M380B 


800 - 1,000 
BSOAM266A 


800 — 1,000 
BSOAM269A 


775 — 850 
BSOAM333A 


0-70 (maximum) 
0-80 (maximum) 
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| 
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— te, ' 
| 
aa 
— | 
| | 
0:20 0:20 0-18 
0-50 — 0-80 0-50 0-80 0-40 — 0-70 
0:30-0:50 | 0:30-0:50 0-20 0-60 
0-040 0:035 0-035 0-035 
0-035 0-035 0-035 
| 0-85-1415 2:00 - 2:75 
0-45-0-65 | 0:90-1:20 0-90 1:20 
65,000 70,000 | 80,000 80,000 
35,000 45,000 | 50,000 50,000 
24 2 | 18 30 
35 45 45 45 


fications are made in the design as may be required to bring the 
stresses within the limits established by experience. 

Production castings are checked by the usual physical and 
chemical tests and the finished casting is hydrostatically tested to 
the requirements of the classification rules. In addition, the 
entire surface of the casting is carefully surveyed by the magnetic- 
powder method. 

Low-Pressure-Turbine Casings. As can be seen in Figs. 7 and 10, 
the low pressure casings are mainly welded structures of plate 
and bar stock. Material compositions and properties are given 
in Table 3. New designs are put through a series of tests similar 
to those for the high pressure turbine casting previously discussed. 


Table 3 Plate material for welded low pressure turbine casings 


Material Low Carbon 
Steel Plate 
Temperature Range, deg. F. 700 (21) 
G. E. Specification B4AD6A 
Composition 
Carbon 0.15 - 0.22 
Manganese 0.30 - 0.60 
Silicon 0.15 - 0.30 
Phosphorous, maximum 0.040 
Sulphur, maximum 0.050 
Physical properties 
Tensile strength, lb. per sq. in. (minimum) 50 000 
Yield strength 0.02 percent offset 
lb. per sq. in. (minimum) 25 000 
Elongation in 2 in. percent (minimum) 25% 


(2 
May be used at higher temperatures with suitably reduced 


working stresses. 


Astern Turbines. The astern turbines are in the exhaust chambers 
of the low pressure turbines as shown in Figs. 7 and 10. This 
arrangement is in operation with steam at temperatures up to 
1000 F. The steam is taken directly to the astern turbines from 
the main steam line at full temperature. Operation has been 
entirely successful and this is a basic design arrangement. 

Rotors. Rotors are the most critical parts of the turbines. In 
addition to being designed with high stresses, variable-speed 
operation imposes variable forces on them through a wide range 
of frequencies. Coincidentally, resonances may occur with 
great amplification of stresses and large thermal gradients de- 
velop from maneuvering. Skillful design and construction of 
rotors is necessary for safety, reliability, good mechanical opera- 
tion, and minimum loss in efficiency. 

All the rotors for turbines being discussed are made with the 
wheels and shaft integral and are machined from solid forgings. 
The materials used at different temperature levels are shown in 
Table 4, together with the chemistry and the physical properties. 
Rotors are delivered from the forge shops to the machine 
shops as heat-treated drum forgings with extensions for the 
shaft ends and with the surfaces turned for ultrasonic testing. 

Beyond proportioning rotors to meet allowable working stresses 
and factors of safety by the usual methods, close attention is 
given to the proportions that will give excellent operating charac- 
teristics at all speeds. These are assessed in terms of low ampli- 
tudes of vibration and minimum response to unbalance. This 
places the first critical speed of the rotors operating in the 
assembled turbine within the running range. 
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It was observed long ago that the operating critical speeds 
were depressed below the predicted values calculated with the 
assumption of no elasticity at the bearing points. It was also 
observed that reducing the stiffness of the shaft did not adversely 
affect the operating characteristics, and the practical effect was 
to make refinement of balance during final tests of the machines 
easier. Hundreds of machines are running with the so-called 
rigid bearing critical below running speed and the over-all 
operating characteristics are indistinguishable from the higher 
critical machines. Incidences involving the loss of buckets or 
shroud bands show no differences in operation assignable to the 
stiffness of the rotors. There is considerable indication that. 
reduced stiffness of the rotor increases its tolerance of abnormal 
conditions. 

No cases of bent rotors have occurred in service. Operating 
experience indicates that good operating characteristics in 
normal service as well as the capacity to sustain unusual or 
abnormal conditions are not dependent on a shaft design that 
places the first critical on rigid bearings above the running range. 
Spring-backed packing throughout, relief grooves in the shaft at 
the ends of the packings, and shaft proportions that place the 
critical speed at a lower point, are the important criteria. 

Extensive experimental and analytical investigation of the 
behavior of rotors [3] clearly shows that a rotor cannot be 
treated independently but must be dealt with as a part of a sys- 
tem, including all the pieces in any way connected to it. With 
the aid of empirical data on the characteristics of rotors, bearings, 
and supporting structures and large-scale electronic digital com- 
puters, it is now possible to predict the behavior of a complete 
rotating system with a high degree of accuracy when compared 
with observed action. ; 

In practice today, the final proportions of a turbine rotor are 
based on a complete analysis of the rotating system consisting of 
the turbine rotor, the coupling, and the pinion. The procedure 
takes account of the effects of: (a) The mass and elastic charac- 
teristics of each piece; (b) friction in the hinged connections at 
the ends of the coupling; (c) elasticity and damping in the 


Table 4 Forged rotor materials for marine turbines 


Nickel Chromium 
Material molybdenum molybdenum 
vanadium vanadium 
Temperature range, deg. F. 875 (max.) 1,050 
G.E. specification BSOAM258 BSOAM259 
ition 
Carbon 0-32 (max.) 0-27 - 0-37 
Man: 0-50 — 0-80 0-70 — 1-00 
Phosphorus (maximum) 0-040 0-040 
Sulphur (maximum) 0-040 0-040 
Silicon 0-15 - 0-35 0-15 — 0-35 
Chromium 1-25 (max.) 0-85 — 1-25 
Nickel 1-75 — 2-75 0-50 (max.) 
Molybdenum 0-40 - 0-60 1-00 -— 1-50 
Vanadium 0-04 - 0-12 0-20 -— 0-30 
Physical properties 
Tensile strength, Ib. per sq. 
in. (minimum) 105,000 105,000 
Yield strength, 0-02 per cent 
offset,Ib.per sq.in.(minimum) 80,000 80,000 
Elongation in 2 in. per cent 
(minimum) 16 16 
Reduction of area, per cent 
(minimum) 30 
Impact V-notch Charpy, ft. 
Ib. (minimum) 12 6 
Percentage fibrous fracture 
transition temperature,deg.F. 
(minimum) 185 250 
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bearings and oil films; and (d) mass, elasticity, and damping of 
an equivalent supporting structure. 

A first approximation to the proportions of each rotor is made 
from empirical rules. The response of the entire rotating system 
is then calculated over the full operating-speed range with an 
arbitrary unbalance placed at a large number of successive posi- 
tions along its length. The results reported include all critical 
speeds, i.e., points of resonance, and the amplitude of lateral 
vibration of the system. Successive trials lead to an optimum 
design with a good practical balance between low response to 
unbalance forces and other necessary design criteria. Gains from 
increased stiffness of the rotor rapidly diminish due to the effects 
of the other factors in the system, and there is no practical im- 
provement in operation when the rigid bearing critical speed 
is above the running range. 

Buckets (Blading). The configuration of the buckets is similar to 
the conventional impulse designs but has been modified to in- 
crease strength and aerodynamic efficiency to meet the require- 
ments of present-day service. All buckets are machined from 
bar stock. The materials used for different temperature ranges 
are shown in Table 5, together with the chemistry and physical 
properties. Generally, buckets are attached to the wheel with 
multiple-hook circumferential dovetails with the base of the 
bucket fitted over the wheel rim. Segmental covers (shroud 
bands) are fitted over tenons on the ends of the buckets and 
secured by riveting. 


Table 5 Bucket materials for marine turbines 


| Modified 12 CR 


Material 12 CR 
| 
Temperature range | Up to 900 deg.F  750—- 1,000 deg.F. 
G.E. specification | BSOAM265A | BSO0AM217B(1) 
Composition 
Carbon 0:06-0:13 0:13-0:18 
Manganese 025-0:830 0:-40-0-60 
Silicon, maximum | 0-50 0-50 
Phosphorus, maximum | 0-030 0-040 
Sulphur, maximum | 0-0 | 0-030 
Chromium | 11-50-13-50 11-50 13-00 
Nickel, maximum 0-50 0-50 
Tin, maximum 0-05 _— 
Aluminium, maximum 0-05 — 
Physical properties 
ensile strength, lb. per sq. in. , } 
(minimum) 100,000 100,000 
Yield strength, 0°02 per cent | 
offset, Ib. per sq. in. (minimum) | 70,000 70,000 
Elongation in 2 in. per cent | 
(minimum) | 20 20 
Reduction of area, per cent. | 
(minimum) | 60 | 60 
Rockwell hardness | 
(maximum) | 24 25 
Impact, V-notch Charpy, ft. Ib. | 
25* 


(minimum) 50 | 


*Keyhole Charpy 


The design of buckets is without doubt the most complex 
engineering operation in the construction of ship-propulsion 
turbines [6]. It is made particularly complex by variable-speed 
operation ranging from full-speed ahead to full-speed astern. 

The forces exerted by the steam on each bucket as it passes 
by the nozzles are nonuniform, due primarily to the wakes behind 
the nozzle edges. When the frequency of passing of nozzles 
coincides with the natural frequency of the buckets, the buckets 
will vibrate in resonance with a great amplification of the stresses. 
Since the stimulus from the nozzles is nonsinusoidal in character, 
the magnitude of the stimulus at the higher frequencies corre- 
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sponding to the second and third harmonics may also be large 
and the effects must be allowed for in the design. 

Observations and measurements of a great many buckets 
[4, 6] show that the buckets in each wheel will be in resonance 
with some mode of vibration at one or more rotor speeds. The 
buckets on some wheels will have a great number of resonance 
points, and some of these may be in complex modes of vibration. 
Certain of these modes are easily stimulated to amplitudes of 
vibration which produce high vibratory stresses many times those 
corresponding to the average driving force. 

Buckets operating in steam just below the saturation line in 
the region of first condensation are weakened by the corrosive 
action of the newly formed water [1] and this must also be allowed 
for in design. ; 

Methods are now available for calculating the vibration fre- 
quencies and stresses of banded groups of turbine buckets [4]. 
With the aid of modern large-scale electronic digital computers, 
it is practical to apply these methods to normal design work. 
When supported by tests to measure the vibratory characteristics 
of buckets on a great number of assembled wheels, representative 
of the full range of application, the modes and frequencies of 
vibration can be quite precisely predicted for any particular 
design. 

With the vibratory characteristics predictable, the bucket 
design can be selected or adjusted in the best way to meet all the 
operating conditions for a particular application and keep the 
vibratory stresses within the capacity of the materials. In 
working out a stage design, the following characteristics can be 
used in arriving at a suitable bucket design: (a) Modes with 
high amplification factors can be tolerated when placed in the 
low-speed range where the stimulus is low, (b) modes with low 
amplification factors can be tolerated in the high-speed range, 
(c) the stimulus from the nozzles can be reduced by modifications 
in the design details of the nozzles and buckets with some minor 
sacrifice in stage efficiency, (d) the grouping of the buckets under 
the shroud bands will alter the modes and frequencies of vibra- 
tion, (e) materials with high internal damping may be used—13 
per cent chromium iron has high internal damping relative to 
other available materials, (f) dovetail designs may provide more 
or less structural damping—for instance, observations indicate 
that the multiple-hook circumferential dovetail has high struc- 
tural damping in comparison with other types. 

Bucket problems by actual record have occurred no more 
frequently than other problems connected with the design and 
operation of ship-propulsion turbines and have been no more 
restrictive of operation than other troubles. Bucket problems 
have attracted more attention and caused more concern in the 
past because designers could not clearly explain the cause of 
troubles and could not say with any certainty how to correct them 
except by a statistical approach. Modern methods put bucket 
design on a sound working basis comparable with other design 
operations. 

Diaphragms. The diaphragms are complex structures with large 
surfaces presented to the surrounding steam in relation to the mass 
of its various parts. In addition, the steam in contact with 
various parts is at quite different temperatures. Consequently, 
the diaphragms expand and contract very rapidly in response to 
the varying temperatures arising during speed changes. Each 
one acts differently because each has different proportions. 

Each diaphragm needs to be free to expand radially and yet be 
held in close alignment with the shaft to keep packing clearances 
to a minimum for reasons of efficiency. This is accomplished 
by radial center-line supports. The details are shown in Fig. 12. 
Each half is carried near the horizontal split by lugs bolted into 
recesses in the casing-joint surfaces and projecting into slots in 
the diaphragm. A slot in the diaphragm at the bottom fits over a 
key attached to the casing. The upper half of the diaphragm 
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Fig. 12 Section through turbine casing and nozzle diaphragm, showing 
supports 


is keyed to the lower half to hold the two in alignment. Adjust- 
ing screws in the diaphragms bear on the lugs and are set to bring 
the diaphragms central with the shaft. The diaphragm is free to 
expand but stays in close alignment with the shaft. Measure- 
ments of packing wear in many machines show that this ar- 
rangement is effective. 

Shaft Glands. The inner packing rings of the high-pressure shaft 
gland in the high-pressure turbine that are subjected to high 
temperature are carried in a separate inner casing which is also 
center-line supported in a manner similar to the diaphragms. 
These are thus free to expand radially. 


Conclusions 


Trends in ship design indicate that steam conditions above the 
present level of 600 psig and 850 F will come into use in the not- 
distant future, particularly for the greater powers required by 
larger or faster ships. Turbine designs suitable for any new 
conditions that may prove economic in ship construction are 
available. That operation will be reliable and efficient at ad- 
vanced conditions is well supported by actual shipboard service. 
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DISCUSSION 
M. D. Wheeler* 


This paper augments an earlier one* by concentrating upon the 
design and construction of the steam turbine units of the main 
propulsion machinery with respect to present status and future 
trends. The two papers form a valuable basis for the design of 
modern propulsion turbines. 

Strong emphasis should be placed on the care with which de- 
sign axial clearances are chosen for the l-p turbine, particularly for 
the maneuver of a quick reversal from astern to ahead after pro- 
tracted running astern. The danger of shrinking the light outer 
casing, which quickly assumes the thermal condition correspond- 
ing to the cool ahead steam, onto the heavy rotor, which remains 
extended corresponding to the previous windage and the hot 
astern exhaust steam, must be avoided. 

There are certain advantages to supporting an athwartships 
condenser from the l-p turbine. The long dimension of the ex- 
haust opening lies athwartships and the longitudinal turbine 
girders are then widespread to accommodate the opening and there- 
fore heavier to give the turbine support box strength against rack- 
ing. The wide stance offers advantageous support of the conden- 
ser against the athwartships dynamic forces imposed by the roll- 
ing of the ship. The lesser dynamic forces due to pitching of the 
ship can be resisted by sway braces. Since the turbine girders 
are already heavy to provide strength against racking, a better 
and lighter design of machinery may result from the |-p turbine 
supporting the condenser rather than increasing the strength of 
the condenser in order tosupport the l-p turbine. A lesser amount 
of foundations may also obtain in this instance. Also, the rel- 
ative locations of turbine and pinion centers may be more readily 
calculable if the turbine aft end rests on the gear case, which is 
normal construction when the condenser is hung. 

L-p turbines designed with impulse and reaction stages have 
proved to be very successful in service. The first three stages 
are of impulse design, the fourth stage is a transition stage with an 
impulse nozzle and a reaction blade, and the remaining stages are 
of reaction design. Impulse design is used in the initial stages 
of the turbine where blade heights are short. Interstage leakage 
is limited by reduced diameters with correspondingly smaller radial 
clearances. In the part of the turbine where the blade heights 
are of such size that the leakage area past the fins at the blade 
tips is reduced to acceptable values, reaction type stages are used. 
This mixed design places the type of stages in the part of the tur- 
bine where it is most effective and develops its highest efficiency. 
Also, the axial thrust is small enough to avoid fitting pressure 
balancing dummies, a rotor profile is obtained which increases in 
size quite uniformly from bearing to drum diameter and several 
complicated and costly diaphragms are eliminated. 


3 Newport News Shipbuilding and Dry Dock Company, Newport 
News, Va. 

*M. L. Ireland, Jr., F. A. Ritchings, and S. Crocker, ‘‘Comparison 
of Land and Marine Steam-Power-Plant Practice,’’ ASME Paper No. 
53—A-99. 
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Decentralized Peak-Shavins—Its Economic 


Significance to Electric Utilities 


CONSTANTINE W. BARY 


Economic Analysis Engineer, 
Philadelphia Electric Company, 
Philadelphia, Pa. 


This paper discusses the procedure used in determining the possible economies to be 
obtained on an electric utility system through the establishment of an expansion policy 
for power production facilities wherein a certain amount of decentralized peak-shaving 
capacity is periodically installed. Many factors are considered in determining the 


amount of peak-shaving capacity and the possible effect of changes in future conditions. 
A simplified equation of cost savings under a stated peak-shaving policy is presented. 
Also included is a theoretical analysis which indicates the portion of savings attribut- 
able to the peak-shaving function as contrasted with that attributable to reduction 
in average reserve margins possible with the use of the smaller sized units under a decen- 


Tax simultaneous interaction of demands for, and 
the production of, electricity has been always a unique economic 
feature of the electric utility business. As a result, the peak-load 
requirements over short intervals of time, measured in minutes, 
have always determined its capacity needs. Over a third of its 
production capacity is provided to meet reserve requirements to 
assure uninterrupted supply and to carry the upper 10 to 20 per 
cent of the load during a few hundred hours a year, spread over 
three to four scores of days. 

In the past, these reserve and peak-load requirements of a 
growing utility system were usually met through an automatic 
displacement of the older and less efficient units from their original 
position as base-load plants to peaking operations by the installa- 
tion of new and more efficient generating units. All this proceeded 
under the well-established concepts and practices of central sta- 
tions, with resulting economies due to capacity concentration, 
large unit sizes, higher efficiencies, and continuously improving 
system annual load factors. These practices should continue for 
the major portion of systems’ expansion requirements, because 
of inherent economies of central stations, especially for base load 
operation. But, since the rate of improvement in efficiencies of 
new steam plants is much less than in the past, it is becoming 
evident that there may be no economic advantage in forcing 
already high efficiency conventional steam units into the peaking 
region of operation by installing for load growth new ones of only 
slightly better efficiency or improved operating economy. Simi- 
larly there may be no economic advantage of forcing into peak 
regions nuclear plants whose over-all economies require them to 
operate on base load to offset high fixed costs. 

The base load of a modern utility system is between one quarter 
to one third of its peak load. Under a uniform growth, therefore, 
ordinarily only this proportion of new capacity is needed by the 
load additions to the base portion, and the remainder—by the 
load growth of the other portion. But, since all of the added 
capacity of a new unit is usually more efficient than the existing, 
it, therefore, pushes the old one up into the peak region of opera- 
tion. However, if it were possible to split the new capacity addi- 
tion into, say, two completely independent parts, without losing 
the benefits of low unit investment costs, one to function on 
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base load the other in the peak load region, it would be theoreti- 
cally possible to keep each of such parts in its functional region 
of operation over most of its life expectancy. 

It, therefore, occurred to the author a few years ago to investi- 
gate whether over-all economies could be obtained on a utility 
system through the introduction of a new policy in electric power 
production, by injecting periodically into future capacity addi- 
tions a certain amount of decentralized peak-shaving capacity. 
The basic economics of present-day central station steam plants 
do not offer attractive possibilities for cost savings by substitut- 
ing less efficient and only slightly lower investment cost plants 
for the more efficient ones. To take advantage of the largest 
possible potential cost savings, such peak-shaving capacity has 
to be sought in the concept of decentralized installations, com- 
prised of package-type, unattended, remote-controlled, low first- 
cost electric generating units installed close to the load through- 
out the distribution system. 

The establishment of such a decentralized peak-shaving policy 
in effect provides means for transferring a certain portion of 
capacity expansion, from the “tailor-made” construction prac- 
tices of central station plants, to the principles of mass production 
of factory-assembled units, requiring the minimum of installation 
effort in the field and decreasing significantly the time lead for 
planning additions. These units should be capable of frequent 
start-ups and short runs without elaborate procedures or excessive 
maintenance. 

Obviously, for such new policy to be acceptable, it would have 
to provide at the outset definite indications of substantial cost 
savings over the established conventional practices, since there is 
no sense in substituting a new idea simply to break even with a 
well-established practice. It must also provide economic margins 
of sufficient magnitude to cover foreseeable eventualities that 
could happen if past trends continue in respect to increasing sys- 
tem load factors, increasing levels of fuel prices, and so on, and 
should offer attractive incentives for taking the risk which is 
inherent in any new and untried idea. Accordingly, many com- 
binations of the more important economic factors need investiga- 
tion to show the significant economic effects of possible variations 
in the more important parameters. 

The object of this paper is to set forth the salient features of a 
comprehensive analysis which has been found effective on the 
system of the Philadelphia Electric Company in establishing the 
economic significance of decentralized peak-shaving. 

This paper will cover a description of a comprehensive proce- 
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dure which has been employed in making such an economic study, 
a generalized discussion of the more important factors considered 
and their effects, and a simplified rationalization of them under 
several variations of the more important parameters. 

All data used in this paper reflect the results of experience in the 
economics of electric power supply of Philadelphia Electric Com- 
pany, under present-day load and economic conditions. They 
reflect well-tested techniques which have been used successfully 
in the preparation of budgets and forecasts, and in studying 
various economic problems of electric power production. While 
the results obtained will undoubtedly differ in detail from those 
that may be derived for other systems, the general concepts 
underlying such evaluations are fundamental in nature and should 
be useful to others. 

The words “‘fixed charges’’ [1]! refer to the levelized values of 
the allowable return on plant net investment costs, the annual 
depreciation accruals, insurance expense, and taxes which depend 
upon such return, and on the total of such fixed charges. 

The words “cost savings” refer to the difference between the 
total of operating expenses and fixed charges for the system 
without peak-shaving as compared to the same system utilizing 
a particular degree of peak-shaving. 


Procedure Employed 


General Principles. The general procedure employed in the con- 
duct of the comprehensive study is basically the same as for most 
economic studies involving the annual costs of both fixed charges 
and operating expenses. The base for comparison is the total 
annual costs associated with a system expansion program in- 
volving no peak-shaving installations. Compared with this base 
are the total annual costs resulting from an expansion program 
employing various combinations of decentralized peak-shaving 


1 Numbers in brackets designate References at end of paper. 


Table 1 Major facters and their variations affecting the economic 
significance of a peak-shaving policy 


Load Growth 


Slow Growth At @ constant annual rete of 120 My. 


At @ compound annual rate of 5% for 10 
years, and at a constart annual rate of 
226 Mw. thereafter. 


Paster Growth 


Annus] Load Factor Trends 
Constant level 
existing load shape. 


Declining gradually to 51% 
curve. 


increasing 
the load 


Increasing gradually to 69% wi ee 
fullness in the peak portion of the load curve. 
The indicated portion of the estimated peak 
load for which the need to install central 
station generating capacity is eliminated by 
the anticipated installation of decentralized 
peakeshaving capacity. 


Amounts by which the installed first cost of 
peak-shaving units is less than that of central 
station steam plants and their associated bulk 
transmission. 


100 Cost Unite per Kilowett 
125 Gost Unites per Kilowtt 


Incremental Cost-of-Energy 
Production on ke ts 
Low Rate 20% less than medium. 


Medium Rete 73 x 107? cost unite per Kwhr. and 6.74 cost 
Prepared-For. 


units per Kw. of Peak- 
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Price Levels of Fuel, Labor, 
Supplies and Construction 
Unit costs continue at existing levels. 


Unit costs increase at @ compound annual rate 
of 3%. 


Constant Price Level 
Increasing Price Level 
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and central station steam plants. The alternate schemes are 
studied over long enough period of years into the future, not less 
than 20, to assure statistical stability. To provide significant in- 
dications on the possibilities of variations for unforeseeable even- 
tualities, this span of years is treated in 216 separate ways, each 
treatment representing one combination of several economic fac- 
tors and their variations, as shown in Table 1. 

With no peak-shaving and for each degree of peak-shaving, 20- 
year programs of installation of central station steam units and of 
various amounts of peak-shaving capacity, under each of the load- 
growth patterns, are established based on the load-capacity rela- 
tion existing at the beginning of the forecast period. For each 
year of the forecast period, fixed charges and the fixed component 
of operating expenses are computed for the new steam-capacity 
additions with their associated new bulk transmission facilities 
and for the peak-shaving installations at the indicated investment 
cost differentials. The variable components of operating ex- 
penses are computed for the new and for the existing capacity for 
all three of the load-factor trends and for all three levels of incre- 
ment cost of energy production on peak-shaving plants. This 
latter work is accomplished most effectively with the aid of a 
digital computer such as an IBM 650. The sum of these annual 
costs for each year of the 20-year period for each of the programs 
and for each of the combinations, together with the fixed costs 
on that part of the system existing at the beginning of the fore- 
cast period, comprises the total costs of the system’s production 
and bulk transmission. 

With this information, annual cost savings for the 20-year 
period and for the average year of that period are computed for 
each combination. With additional work, weighted averages re- 
flecting the well-known ‘‘present worth’ concept can be com- 
puted. Investigations disclosed, however, that this refinement 
was not warranted for this study. 

Method of Computation. In accordance with established prac- 
tices, the operating expenses of a generating station can be ex- 
pressed by the basic cost formula [2, 3] set forth in the statement 
in Table 2. 

Fig. 1 shows typical load occurrence curves [4] for three system 
load factors. To facilitate their use, these curves reflect the ordi- 
nary adjustments required to account for an average capacity 
availability of 92 per cent, with the base units at an availability 
of 87 per cent. The adjusted curves are used to assign annual 
energy production to generating-station load blocks in order of 
their incremental production costs. An example of such as- 
signment is shown in Fig. 1. Knowing the incremental operating 
cost per kilowatthour of each block and the total kilowatthours 


Table 2 General formula for determining operating expenses of electric 
production plants of a utility system 


Genera) Formula 


Total Annual Expense, 


"Fixed Component" comprising expenses which are 
fixed in nature and are independent of either the 
installed capacity, or the peak-prepered-for, or 
the amount of energy generated. 


"Capacity Component" comprising expenses wich are 
caused by the total installed capacity in a plent, 
expressed per kilowatt of such capacity K. 


"Peak-Prepared-For Component" comprising expenses 
which are caused by requirements to be ready to 
carry loed, without producing an energy output to 
the system, expressed per kilowatt of average peak- 
prepared-for requirements P. 

"Energy it” comprising increment expenses, 
primarily in the use of fuel and maintenance, which 
are caused by the generation of energy output E to 
the systen. 
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produced by each block, annual costs for the production of 
energy may be determined for each block and for the total. 

Similar curves have been developed, as shown in Fig. 2, from 
which peak-prepared-for costs can be determined in a manner 
parallel to that.used for energy costs. 

It has been assumed that the decentralized peak-shaving units 
will be of relatively small size, and will be installed near distribu- 
tion load centers which eliminates the need for bulk transmission 
associated with the equivalent central station steam capacity 
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Fig. 1 Load occurrence curves (adjusted for 92 per cent average equip- 
ment availability) used in assigning energy production to generating 
station load blocks in order of their incremental cost 
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Fig. 2. Peak-prepared-for curves (adjusted for average availability and 
installed reserve) used in assigning average peak-prepared-for to in- 
dividual sections of generating stations in order of their annual plant 
load factor 
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that they displace. They further offer the possibility of making 
cost savings by reducing the amount of high-tension distribution 
and substation facilities through the use of these units as reserves 
for protection of local area loads. No computations of specific 
applications are made of the latter feature because it is a matter of 
details of distribution-system planning and thus beyond the scope 
of this study. 

If individual peak-shaving units could be started, synchronized, 
and fully loaded in the same or less time than takes to pick up load 
on a central station steam unit, their capacity could be counted as 
“spinning reserve’ even when not running provided they are in 
condition to operate on demand of central-control dispatching or 
under-frequency relay. This possible feature with its resultant 
saving in stand-by fuel was not reflected in the study. 

The potential of these two additional cost savings should be con- 
sidered as plus values in the use of decentralized peak-shaving 
equipment susceptible to these features. 


Factors Considered and Their Effects 


It is recognized that the results of a study of this nature could 
be influenced, in varying degree, by the assumptions made in 
some of the more important parameters. Accordingly a number 
of variations in the more important ones are studied. 

Load Growth. To indicate the effects of load growth, the study 
employs two patterns, selected to give as broad a range as prac- 
tical. The first, reflecting slow growth, is at the rate of 120 Mw 
per year for the 20-year period; the second, reflecting faster 
growth is at a cumulative annual rate of 5 per cent for the first 
10 years, and at a constant annual kilowatt rate thereafter at the 
amount of growth in the tenth year, or 226 Mw. The two pat- 
terns are plotted in Fig. 3. 


SYSTEM PEAK LOAD— MW 


TIME — YEARS 
Fig. 3 System peak load under two patterns of growth 


The results of the study show that, with other things equal, the 
growth pattern affects little the cost savings per kilowatt of peak- 
shaving capacity provided. But since for a given per cent of 
peak-shaving the amount of it is bigger under the faster growth 
than under the slower, the dollar cost-savings will be bigger with 
a faster growth than with a slower one. 

System Load Factor. A major factor which profoundly affects 
the economics of a peak-shaving policy is the future trend in 
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Fig. 4 Detail of upper portion of load occurrence curve 


system annual load factors with a concomitant change in the 
shape of the peak region of the system load For a given in- 
stalled capacity of peak-shaving units, the annual load factor 
establishes the amount of energy and peak-prepared-for which 
are produced by, or on, the lower efficiency equipment. 

Fig. 4 shows the details of the upper portion of typical system 
load-occurrence curves (unadjusted for equipment availability) 
for three system load factors. Such curves show that units which 
sare run to shave, say, 10 per cent of the peak load are required to 
produce only 0.15 per cent of the annual energy when the system 
foad factor is 51 per cent, but 1.90 per cent when it reaches 69 per 
cent. Since the total energy at higher load factors is bigger than 
at the lower values, the amount of energy produced on peak- 
shaving equipment at 69 per cent load factor is 17 times bigger 
than at a 51 per cent load factor. 

Load factors have a similar effect on the amount of peak-pre- 
pared-for to be carried on peak-shaving units, but to much lesser 
degree. 

To cover possible variations in system load factors, each pattern 
of load growth is assumed to occur in three ways—(a) at a con- 
stant value of 60 per cent; (b) declining uniformly from 60 per 
cent to 51 per cent, and (c) increasing uniformly from 60 per cent 
to 69 per cent. To simplify calculations the changes in load fac- 
tors are assumed to occur at the end of each of the 5-year periods 
in steps of 3 percentage points. 

The results of the study show that, in comparison with the 
cost savings obtained through the use of peak-shaving under a 
constant load factor, increasing load factors provide smaller cost 
savings and decreasing load factors provide bigger ones. 

Amount of Peak Shaved. The relationship of installed peak- 
shaving capacity to the total also influences the savings in fixed 
charges and the amount of energy production on the less efficient 
units. It is evident from Fig. 4 that, at a given load factor, 
units which are run to shave twice as much of the peak load, i.e., 
20 per cent, are required to produce considerably more than twice 
as much energy as those run to shave 10 per cent of the peak load. 
Thus, the magnitude of cost savings will vary with the degree of 


122 / sANUARY 1961 


peak-shaving. To show the effects, computations are made for 
each load-growth pattern and for each of the system load-factor 
trends, with amounts of peak-shaving capacity of 0, 10, 15, or 20 
per cent. 

The results of the study show that the dollar amounts of cost 
savings increase rapidly from zero to about 10 per cent peak- 
shaving, reach a maximum and then decline, and at high levels of 
peak-shaving turn into losses. 

Future Trends in Central Station Steam Unit Sizes and Efficiencies. 
An assumption has to be made with respect to the sizes and effi- 
ciences of new central station steam units to be provided in the 
expansion programs. For the size system involved, the following 
unit sizes are used: 450 Mw, 550 Mw, and 700 Mw with the size 
of a new unit added in any expansion program limited not to ex- 
ceed 15 per cent of the peak load on central stations for the year in 
which the unit is required. The heat rates of the units are as- 
sumed to improve progressively with size; the 450-Mw units 
having a net heat rate of 8400 Btu per kwhr, the 550-Mw units— 
8000 Btu, and the 700-Mw units—7500 Btu. Under this assump- 
tion, the installed ‘cost per kilowatt should reflect the increased 
cost of obtaining better efficiency. Accordingly, such costs per 
kilowatt for all new central station steam units, regardless of size, 
are held constant, the usual reduction in unit cost per kilowatt of 
larger units being offset by the increased cost to obtain the better 
efficiency. 

Decentralized peak-shaving installations are assumed to have 
a nameplate net capacity of 5000 kw and an effective capacity in 
comparison with a central station steam unit, due to reduction in 
station use and system losses, of 5500 kw for purposes of displacing 
the gross capacity under the central-station program. The re- 
sults of this study, however, should be equally valid for installa- 
tions of either smaller or somewhat larger sizes, provided they are 
commercially available for decentralized installations under the 
unit costs requirements. As indicated in Table 1, three levels of 
unit cost of operating expenses of the peak-shaving units are used 
to show their effects upon the economics of the new concept. 

The results of this study show that at the optimum level of 
peak-shaving, and within the 20 per cent variation, plus or minus, 
trom the medium increment operating expenses of peak-shaving 
units, the cost savings are not affected too much by such varia- 
tions; but installed cost per kilowatt differentials between central 
station capacity including associated bulk transmission and de- 
centralized peak-shaving capacity affect significantly the total 
cost savings under a peak-shaving policy. 

Future Trends in Prices. While the principal study is conducted 
on the basis of constant system average prices of fuel, labor sup- 
plies, and construction, it is recognized that an equally valid 
assumption, and perhaps even closer to what might actually 
happen, could be that these prices would constantly rise. Ac- 
cordingly, supplementary calculations are made to determine 
the effects of escalation in such prices at a compound annual rate 
of 3 per cent, a figure frequently mentioned in discussing long- 
term inflationary trends. 

The results of the study show that an increasing trend in fuel 
prices tends to decrease considerably the cost savings of decen- 
tralized peak-shaving from levels obtained under constant fuel 
prices, the reduction being greater under increasing load-factor 
trends than under either constant or declining load factors. An in- 
creasing trend in the price level of labor, supplies, and of construc- 
tion costs, however, tends to increase slightly such cost savings. 

Additional Capacity Requirements. ‘The manner of providing ad- 
ditions to capacity of central stations can have a considerable 
bearing on the economics of peak-shaving. Established practices, 
for example, contemplate for planning purposes an installed re- 
serve of, say, 15 per cent, and when the installed reserve is less 
than 10 per cent in a year the system is considered deficient. 
For the purpose of this study it is assumed that the minimum in- 
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stalled reserve in any year approximates the average of these re- 
quirements, and will not fall below 12 per cent of the peak load 
of the year. 

For a system combining central station and peak-shaving in- 
stallations, it is assumed that, while the total reserve would not 
fall below 12 per cent, the amount on central stations could at 
times drop to 10 per cent without impairing the maintenance pro- 
gram of the steam units. In other words, in addition to shaving 
the peak load, peak-shaving capacity also shaves reserves on the 
central-station system. 

With the use of small-size peak-shaving units, which afford the 
ability to match more nearly the installed capacity with the 
capacity requirements, the foregoing assumption results in an 
average reserve over the 20-year period of from 14!/, to 151/2 per 
cent, depending on the proportion of peak-shaving capacity em- 
ployed. However, under the installation of large-size central-sta- 
tion units only, which do not permit such close matching, a higher 
average reserve of 181/2 per cent results. Therefore, some portion 
of the cost savings of decentralized peak-shaving will be due to the 
fact that the average installed capacity over the 20-year period 
is lower under the peak-shaving conditions than under the all 
central-station conditions. 

In order to provide an indication as to what portion of the cost 
savings is attributable exclusively to the functions of peak- 
shaving, and what portion to the difference in the average re- 
serve margins of one policy as compared with the other—a second, 
purely theoretical study is made in which the reserves in every 
case are fixed at 15 per cent of the peak load and, to keep peak- 
shaving comparable to the conditions reflected in the first study, 
the reserves on central station steam capacity in this second 
study are taken at 12 per cent. This is accomplished by assuming 
that the central station unit sizes could be made infinitely varia- 
ble, as small as required, yet with no sacrifice in unit investment 
costs, unit operating costs, and heat rates over those obtainable 
from the large-size units. Since this situation can never be at- 
tained in practice, the actual cost savings will be greater than 
those indicated by this second study. But they might be either 
slightly smaller or slightly bigger than those indicated by the 
first study, which is affected by the assumption of sizes of central 
station steam units. 

The results of the second, or theoretical, study show that a 
large portion of the cost savings in the first study is due to re- 
duced average reserve margins under a decentralized peak-shav- 
ing policy. This proportion increases with increasing system load 
factor trends and with decreasing installed cost differentials in 
favor of peak-shaving equipment. The opposite obtains with 
decreasing system load factor trends and with increasing in- 
stalled cost differentials. This is an important practical con- 
sideration. It is one of the reasons why economic margins of 
sufficient magnitude in cost savings under a peak-shaving policy 
are needed, so as to provide for the eventuality that average 
system reserve margins may be decreased with conventional! cen- 
tral station additions of large-size units through, for example, stag- 
gered construction of central stations on interconnected systems, 
if contractual arrangements can be devised for an equitable com- 
pensation of all parties involved, over long periods of time under 
numerous economic conditions encountered in practice. This 
may be difficult to accomplish, and at best would provide no 
greater cost savings than are possible with one’s own decentralized 
peak-shaving capacity. 


Rationalization of Results 

To illustrate the economic effects of possible variations in the 
more important parameters, and to permit their rationalization, 
the results have been simplified by confining the analysis to the 
average conditions of the 20-year forecast period, to the average 
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Table 3. General equation of cost savings under a stated peak-shaving 
policy 


Anticipated Long-kange 

Average Annual Cost Savings 
in Production and Bulk Trans- 
mission Systems under a Par- 
ticular Policy 


Anticinated Long-Yenre 
Average Annual ost 
Penalties in Auel 
Expenses 


Anticipated Long-"ange 
Average Annual Cost Sevings 
in Fixed Charges and Oper- 
ation & Exvenses 


Kel€e fe Te * Sic Me) 
| 
= fp Ty * My) 


Definition of quantities in General Zoustion 


oy = the anticipated long-rance average annual cost savings in oroducticn and bulk 
transmission systems under a particular -eak-shavine volicy. 


the articinated long-range average central station steam cavacity (gross) in kil- 
owetts which is expectz¢c to te displaces under s particular pesk-shavine policy. 


the longerange averayc neakeshaving capacity (met) which is requircc to disolace 
the central station steam capscity K, under a varticular peakeshaving olicy. 


the factor for central station steam vlants and their associated bulk trensmis- 
sion investsent, and for peak-shaving investment, respectively, which reflects 
averere orice escalation for future plant additions over a long-range >eriod. 


the annual levelized fixed charge rete: on central stavion- steam plants and their 
associated bulk trensmission 1 tment, and on > z t, ree 
spectively. 


the estimated unit investment cost per kilowatt of central station steam capacity 
(grose) and associated bulk which pated to be dis>laced 
under a particular peakeshaving policy. 


the estimated unit investment cost per kilowett of capacity (net) of the re= 
quired peak-shaving plants under s particular peekeshaving policy 


= the factor for central station steam plants and their associated bulk tranamis- 
sion, and for peakeshaving facilities, respectively, which reflects averace orice 
escalation on future maint and op ng costs over a long-range veriod. 


expenses per kilowstt of central 
ion, end of peak ing capacity 


the anticipsted annual ti and 
steam capacity (gross) ane associatec t 
(net), respectively. 


the factor for fuel costs of central station steam plants and of pveak-shaving 

plants, respectively, which reflects average price escalation over a long-range 

period. 

the long-range average annual increase in wega Btu's of fuel use in central sta- 

tion steam plants due to postponement of installation of higher efficiency ca- 

pacities under a particuler peakeshaving policy as compared to no oeak-shaving. 
> = the long-range average annual mega Stu fuel use by peak-shaving plants. 


Pos ¥, = the anticipated unit fuel cost per mega Btu of central station steam plants and 
of peakeshaving plants, respectively. 


Table 4 Physical faotors affecting the economic significance of peak- 
shaving (reflecting average conditions used in study) 


Pucl-Use 2 ent Mega Atu x 10 

Tnder Declining Fixes Under Increasing 
Load Factor Trend 


Cepacity 
Somponent 
kw x 102 
Peak-Shaving 


=f 2 


Degree of Load Fector Trend | ioad Factor Trend 
B B 


A_- Projected Conditions 


106 Peak-Shaving 416 6.04 1.43 6.681 2.58 


158 Peak-Shaving 605 7.L5 2.LO 7.80 5.21 


20% Peak-Shaving ’ 780 6.19 5.77 7.25 9.12 


B = Theoretical Conditions Peflecting 
Equelization of Average Peserve Margins 


"with" and "without" Peak-Shav 
154 Peak-Shaving 5 oe 5.06 3.66 7.92 


20% Peak-Shaving . 1.95 12.L5 


Notes 

The variations in the Puel-Use Component with changes in the derree of 7eake 
shaving and with changes in loac factor trends can vary for different utility systems. 
They are influenced by such features ase 


a) the basic shapes of the annual load curves underlying each of the assuned 
load factors; 


b) the adjustment of losd occurrence curves for increased availability of cen- 
erating units whose periods for overhaul do not conflict with the ~eriods in 
which they can be economically loaded; 
the portion of central station steam capacity existing at the herinnine of 
the forecast period which is unloaded by decentralized pveak-shavine canscity; 
and 
heat rates of existing and future capacity installetions, us well us 
relative fuel prices. 

conditions reflected by the two load growths used, and to the 
medium incremental operating expenses of decentralized peak- 
shaving equipment. 

With these simplifications the results can be expressed by the 
general equation shown in Table 3, under the numerical values 
of the basic parameters shown in Table 4. An analysis of the 
equation and the parameters shows that the net cost savings re- 


JANUARY 1961 / 123 


i 
} 
Pp ransmiss 
5.85 | 4.90 
5.25 | 9.02 
| 
| 
| ho 
| 13.00 
| 19.35 


su t from substantial reduction in the system’s fixed charges and 
a smaller increase in fuel expense. 

Information shown in Table 4 permits making the following 
observations: 
Under the Projected Program Conditions: 


1 On the average, the amount of displaced capacity of cen- 
tral stations is between 35 and 45 per cent bigger than the added 
capacity of peak-shaving units. Ten percentage points of this 
difference are due to reduction in losses and station use when 
peak-shaving equipment is used. The remainder is due to the fact 
that on the average a better balance between installed capacity 
and capacity requirements can be obtained with the smaller size 
decentralized peak-shaving units than is possible with the pro- 
gram involving large-size central station units only. 

2 For any given system load factor trend, cost penalties due to 
bigger fuel use of central station steam plants, as a result of post- 
ponement of new efficient central station capacity, change but 
slowly; but the cost penalties due to added fuel use of peak-shav- 
ing units increase rapidly with the amount of peak-shaving 
provided. 


Under the Theoretical Conditions reflecting the equalization 
of average reserve margins: 


1 On the average, the amount of displaced capacity of central 
stations is about 10 per cent bigger than the added capacity of 
decentralized peak-shaving units, which is due entirely to the 
reduction in losses and station use when such peak-shaving equip- 
ment is used, an inherent feature of that policy. 

2 For any given system load factor trend, cost penalties due 
to bigger fuel use of central station plants, as a result of post- 
ponement of new efficient steam capacity, are somewhat lower 
than under the Projected Program conditions; but cost penalties 
due to fuel use of peak-shaving plants are bigger than under those 
conditions. 

3 The reduction in cost savings from those reflected under the 
realities of the Projected Program conditions is primarily due to 
the reduction in savings on account of fixed charges. 

The general economic significance of a peak-shaving policy can 
be best understood from the summarized information shown in 
Fig. 5 where the average annual cost savings are expressed per 
kilowatt of the average annual system peak load under the two 
load growth patterns of about 4500 Mw. To illustrate the princi- 


DECLINING LOAD FACTOR 


CONSTANT LOAD FACTOR 


ples involved, recourse is made to the use of numerical values for 
various unit costs reflected in the general equation under the 
parameters applied to the system’s load and capacity configura- 
tions. However, since use of specific dollar values for such unit 
costs, no matter how qualified, would likely create an impression 
of a definiteness which in reality is very much limited in applica- 
tion, the quantitative relationships derived are based upon the 
concept that the unit investment cost per kilowatt of decentral- 
ized peak-shaving capacity represents 100 cost units, and all 
other costs bear the indicated relationships to that value. The 
unit costs and related factors used are shown in Table 5 

The following economic features are clearly revealed by these 
relationships and the underlying data: 


1 In comparison with a constant load factor, increasing sys- 
tem load factors decrease the cost savings with peak-shaving; 
conversely decreasing load factors increase them. 


Table 5 Illustrative cost values used in general equation in Table 3 


Decentralized Steam Capacity 
Peak - Shaving And Associated 
Capacity Transmission 
at ‘ice 1 
Investaent per Kw. I, =100 I, =230 
Operation and Maintenance per Kw. a, = 3.00 
= 2 = 1072 
Fuel Cost per Mega Btu. F =8x 10" 35 x 
Fixed Rate on t =13% =12% 
Average Cost Escalstion Factors** 
Applicable to Investment Costs =1.1 e, 
Appliceble to Operation-Maint. Costs “Xo =1.4 e Me 
Applicable to Fuel Costs "mp = 1b ~ =1.4 


"These unit costs vary with load factor trends as follows: 
For Declining Load Factor - 2.00 
For Constant Load Factor - 2.50 
For Increasing Loed Factor - 3.50 


**these factors vary slightly with amount of peak-shaving, type of capacity, and 
load factor trends; but the variations are too small to be considered significant 
for purposes of this paper. 
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Fig. 5 Relationship of average annual cost savings per kilowatt average system peak with amount of peak- 
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2 Increasing price levels decrease cost savings with peak-shay- 
ing under the constant and increasing load factor trends, but are 
almost unaffected under declining load factors. 

3 With other things equal, cost savings with peak-shaving are 
bigger under lower fuel prices than under higher ones. 

4 Cost savings resulting from a reduction in reserve margins 
with the use of peak-shaving account for a substantial portion of 
the total. 

5 Under the basic assumption used in the study, the establish- 
ment of a 10 per cent peak-shaving policy should provide the 
necessary economic margins sufficient to cover foreseeable even- 


tualities. 


Conclusion 

It should be evident that potential cost savings of significant 
magnitudes are possible on electric utility systems through the 
adoption of a decentralized peak-shaving policy, provided equip- 
ment for this purpose is available at low first cost per kilowatt of 
its capacity, simple and flexible in operation under unattended 
and remote-control conditions, and low in maintenance cost. To 
be considered for decentralized locations such equipment must 
have noise levels and exhaust-gas odors of a tolerable nature. 

In the past year announcements by the larger manufacturers 
indicate that equipment approaching these requirements is now 
available in the form of diesel and simple-cycle, gas-turbine units. 
The former comprise package-type installations that could range 
from 2 to 8 Mw in size, well suited for installation at primary dis- 
tribution centers; the latter in sizes of 20 to 25 Mw, well suited for 
installation at subtransmission centers. 

Significant cost savings can only be obtained when advantage 
is taken of installing at one time a sufficient amount of decentral- 
ized peak-shaving capacity, within a substantial percentage of 
the system’s peak load, to meet load growth and thus defer the 
installation of a relatively large block of central station capacity 
with its associated bulk transmission facilities. Piecemeal, un- 
co-ordinated additions of this type of capacity will contribute 
nothing to the economies of power production on electric utility 
systems. 
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DISCUSSION 
W. W. Brown? 
The author has presented a most thorough and comprehensive 
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economic analysis of the factors leading to the conclusion that a 
certain percentage of generation load growth should be of the 
peak-shaving variety. This conclusion would seem also to apply 
to other generating systems whose economic factors may vary 
from those presented. Our studies at Detroit Edison confirm this. 

We feel that decentralized peak-shaving is a useful tool for the 
system planner, enabling him to stagger construction of generat- 
ing units. This results in optimizing reserve margins, seldom 
possible when large conventional thermal units only are added. 

We have several comments relative to some of the points made 
in the paper: 

1 Can we infer that centralized peak-shaving (gas turbines, 


‘diesels) is economic and may have some application in a system 


where the number of decentralized peak-shaving locations is 
limited? 

2 In our economic studies we feel that investment escalation 
trends may exceed fuel cost trends; this would have the effect 
of making peak-shaving more economic. 

3 Is the higher fixed charge rate for decentralized peaking 
units due to a shorter depreciation period? 


It would appear that to take full advantage of peak-shaving 
economies it would be necessary to adhere to a long range system 
plan embracing peak-shaving, highly efficient thermal units and 
nuclear units. It would also seem necessary to review this pro- 
gram from time to time to observe the effect of changing condi- 


tions. 


B. B. Brownell’ and B. H. Hefner‘ 

Mr. Bary’s paper is important to the utility industry because it 
deals most effectively with the economics underlying adaptation 
of decentralized peak-shaving equipment policy by utilities. 
While not mentioned in his paper it is known that Mr. Bary 
and his associates began their study during the summer of 1957. 
Few utilities at that time had acknowledged the coming eco- 
nomic need for decentralized peak-shaving equipment. Since 
then more and more companies have recognized the economic 
significance to their systems and many studies are underway. 
This is the first such comprehensive paper to be presented. Mr. 
Bary’s significant pioneering effort shows that important cost 
savings can be accomplished with decentralized peak-shaving and 
sets a pattern of procedure to evaluate the magnitude of these 
savings on other systems. 

The Philadelphia Electric Company has made a substantial 
contribution to the development of decentralized peak-shaving 
plants. First, it provided the facilities and people for Mr. 
Bary’s comprehensive study from which the paper is taken. 
Secondly, it has purchased and is testing such plants. The 4200- 
kw prototype of the EMD line has been running on its property 
since February, 1959. Mutual research and operation by user 
and manufacturer is a vital factor in any development. Much 
credit should be given to Philadelphia Electric for its pioneering 
role in an equipment concept which should have wide future 
acceptance by the industry. 

Mr. Bary’s paper confirms the optimum design characteristics 
which have been Electro-Motive’s design criteria for the past 6 
years. EMD has been designing equipment with the goal of a 
final product which has these features. 


(a) Installed cost of under $100/kw without any reduction in 
reliability. The reliability factor of a group of MU peaking 
plants is inherently greater than an equivalent single large peak- 
ing unit. 

(b) Size that will permit location at decentralized load centers 

3 Director of Research & Engineering, Electro-Motive Division, 


General Motors Corporation, La Grange, IIl. 
4Chief Electrical Engineer, Electro-Motive Division, General 


Motors Corporation, La Grange, LI. 
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— ALL STEAM PLAN 


MEGAWATTS 


to provide (increments of 2 to 8 megawatts) the greater “cost 
savings” indicated by Mr. Bary’s paper. 

(c) Unattended operation. 

(d) Fully automatic remote control. To make possible 
power dispatcher push button operation. 

(e) Standardized mass produced packaged type unit. To 
provide short lead time thus making it possible to operate with 
less surplus capacity. 

(f) Sufficiently fast start to qualify for some portion of the 
spinning reserve even though not actually spinning. 

(g) Automatic dead load pickup. To qualify for area protec- 
tion in case of line outage. 

(h) Fuel cost and maintenance costs sufficiently low to retain 
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economic advantages when used in decentralized peak-shaving 
service. 

(i) Sound and exhaust control to provide good neighbor 
characteristics. 


These criteria collectively were a severe challenge requiring 
serious engineering consideration of major components to be used 
and of the methods by which they were to be controlled. For 
example, the requirements for fast start with intermittent opera- 
tion and low maintenance costs qualified the railway type diesel 
engine above all other priine movers. The requirements of de- 
centralized locations and size qualified boxed, unitized plants 
above large single unit plants requiring buildings to be con- 
structed on location, etc. 

Studies of individual systems will develop the added economic 
significance of transmission savings, reserve, especially “Spinning 
Reserve,”’ savings, and the value of automatic area protection. 
Electro-motive plants while designed primarily as peak-shaving 
equipment are equipped to take advantage of the additional cost 
savings categories of transmission, reserve, and area protection. 

Two of the most interesting factors in Mr. Bary’s paper are the 
computation of savings relative to the schedule of capacity addi- 
tions and the computation of system fuel costs with and without 
decentralized peak-shaving equipment. Of particular sig- 
nificance are Mr. Bary’s statements that “peak-shaving capacity 
also shaves reserves on the central system’’ and “Significant cost 
savings can only be obtained when advantage is taken of installing 
at one time a sufficient amount of decentralized peak-shaving 
capacity, within a substantial percentage of system’s peak load, 
to meet load growth and thus defer the installation of a relatively 
large block of central station capacity with its associated bulk 
transmission facilities.’ They should be heeded and understood 
by the entire industry. These are the fundamental truths from 
which all economic, decentralized peak-shaving policies must 
evolve. When, and only when, this step is reached can individual 
situations be adequately analyzed. 

The observations permitted by the information contained in 
Table 4 are spectacularly important. These data emphasize the 
fact that, under a decentralized peak-shaving policy, cost savings 
are augmented because of possible reduced average reserve 
margins. There can be a substantial reduction in kilowatt 
capacity years over an extended period while providing adequate 
coverage of growing peak demands. It is most interesting that in 
this case approximately 10 per cent is due to decentralized loca- 
tion offsetting losses and central station use. Also that the re- 
maining 25 to 35 per cent long term average reduction is at- 
tributable to closer adherence to desired reserves through the 
use of small, short lead time plants at decentralized load centers. 
While it is understood that these figures will vary from system to 
system their magnitude is particularly significant. 

The significance to the Utility industry of Mr. Bary’s paper 
and the economic philosophy contained in it will become in- 
creasingly apparent through the years as decentralized peak- 
shaving policies are generally adapted. It is a great pioneering 
effort for which the industry should be most thankful. 


W. J. Burns? 


The author has presented a very convincing case for peaking 
units, employing a procedure that embodies all of the pertinent 
factors involved in planning for future generating installations. 
Similar studies made by Long Island Lighting Compaiy have 
led to many of the same conclusions. However, in certain areas 
our findings are somewhat at variance with Mr. Bary’s. These 
differences possibly are due to dissimilarities in the two electric 
systems and standards for normal steam plant design. 


5 Manager of Mechanical Engineering, Long Island Lighting Com- 
pany, Hicksville, N. Y. Mem. ASME, 
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Long island Lighting Company has reached the following 
similar conclusions: 


(a) 1/, to '/s of system capacity should consist of peaking 
equipment comprised of existing relatively low efficiency equip- 
ment plus new peaking equipment. 

(b) Substantial cost savings will be realized only if the ca- 
pacity of the peaking installation is sufficiently large to defer 
construction of a large, highly efficiency unit. 

(c) Cost savings are almost exclusively the result of reduction 
in fixed costs, with added fuel cost being offset essentially by 
operating and maintenance labor fixed costs. 


Conclusions that differ are as follows: 


(a) Peak-shaving savings can be realized with a low cost steam 
plant of a size equal to the system annual load growth. 

(b) The cost of a peak-shaving steam plant can be made 
comparable with smaller, decentralized type equipment such as 
diesel generators and gas turbines. 

(c) Small decentralized peak-shaving units are applicable in 
large quantities only if the system has suitable locations for such 
installations. In many areas site restrictions pose limitations. 

(d) The use of present worth in economic studies involving 
predictions 10 to 20 years in the future tends to reduce the effect 
of errors in the basic assumptions. 


Attention is called to Mr. Bary’s statement on page 122 under 
“Future Trends in Prices” to the effect that ‘An increasing trend 
in the price level of labor, supplies, and of construction costs, 
however, tends to increase slightly such cost savings.’’ Our own 
opinion is more consistent with the author’s rationalization of re- 
sults listed as Item 2 on page 125 that “Increasing price levels 
decrease cost savings with peak-shaving . . .” 


Frazer W. Gay® 


Mr. Bary has made a substantial contribution to the utility 
industry by his careful analysis of peak-shaving. 

It may be, however, that lowest costs and greatest over-all 
advantages may be obtained by locating huge peak load plants 
at those points where systems are interconnected. The relatively 
small interconnection points we have today will support com- 
paratively large peak load stations without any substantial 
transmission expense. Any additional transmission expense will 
add both to the economical interconnection capability and to 
peak load capability. By the method herein detailed, it is be- 
lieved that peak load can be had at a cost of less than $100.00 
per kw of capability and with heat consumption on the order of 
10,000 Btu per kwh. 


R. T. Nalle, Jr.” 


We wish to compliment Mr. Bary on his thorough analysis of 
decentralized peak-shaving and its economic advantages over the 
more conventional approaches to meeting the peaks. The sub- 
stantial savings available with the use of decentralized peak-shav- 
ing warrant serious consideration by all utilities. We estimate 
these savings to be in the order of $40-$110 pr installed kw. 

The use of gas turbines for peak-shaving is not new to Westing- 
house; in 1954 a 1250-kw gas turbine generating unit was 
installed in a small mid-West community (Fig. 9). By ab- 
sorbing the suburban load growth it deferred the installation of a 
larger capacity high line. The unit is started daily during the 
summer months and operated 10 to 12 hours per day. In winter 
the station is shut down and is used only in the event of an 
emergency or when central station equipment is being main- 

* Consulting Engineer, Belvidere, N. J. Mem. ASME.. 
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Fig. 11 


tained. Although not remotely operated this gas turbine sta- 
tion has proved the economic advantages of stand-by peak power, 
that is, low installed cost, low operating cost, low stand-by cost, 
and quick starting ability. 

Another application where the peak-shaving concept has been 
employed is in Beirut, Lebanon, where a 5000-kw gas turbine 
(Fig. 10) is installed in a diesel plant. The gas turbine is started 
daily to shave the peak load while diesel engines are used to carry 
the base load; both prime movers burn distillate oil. One of our 
service engineers, recently returned from a station turnaround 
at Beirut, reported that the unit has been started some 354 times 
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and has operated some 3331 hours in the past year and a half. 
We might add that the unit was placed back in service with sub- 
stantially no repairs or replacements. 

On Wesnesday afternoon here at Atlantic City, our Mr. D. F. 
Bruce discussed the operation of Mene Grande Oil Company’s 
isoiated electrical grid system where gas turbine generating units 
supply both the base and peaking load requirements. This 
system has been in operation since 1954, when the first three 
5000-kw units were installed (Fig. 11). 

As this oil field expanded the load requirements increased; two 
duplicate units were added making a total installed capacity of 
25,000 kw. The maintenance figure for these gas turbines over 
the past five years of operation has averaged 0.3 mils per kwhr 
generated. 

Applications of the gas turbine to various other generation re- 
quirements, such as base load operation (Fig. 12), an end-of- 
line installation (Fig. 13), a completely remote-controlled 
central station (Fig. 14), and a mobile power plant (Fig. 15), 
have served to demonstrate the feasibility and flexibility of gas 
turbines in the field of power generation. 
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Using this background of power generating experience we are 
currently designing a peak-shaving gas turbine to fulfill the re- 
quirements set forth in Mr. Bary’s paper. This unit is a 22,000- 
kw gas turbine directly driving a 3600-rpm air-cooled generator 
(Fig. 16). This is followed by the exciter and starting motor. 
Since the unit is to be remotely operated we have gone to an air- 
cooled generator rather than the conventional hydrogen-cooled 
machine. 

Figure 17 shows an artist’s conception of the complete power 
plant. The plant is capable of being started, synchronized, 
loaded, and shut down from a remote location. The compact- 
ness of the installation, 30 ft wide, 32 ft high, and 85 ft long, 
offers a flexible package for incorporation throughout an entire 
utility system. Its appearance and noise level also lend them- 
selves to residential acceptance. 

To capitalize on the low load factor requirements of decentra- 
lized peak-shaving we have increased the turbine operating tem- 


— 


Transactions of the ASME 


; 
| 
5 
14 
Fig. 12 
eatias Fig. 13 Fig. 15 
Fig. 16 


perature from 1350 F to 1450 F. This increase in temperature 
when operating under base load conditions would have until re- 
cently resulted in a 5:1 reduction in the life of the high tempera- 
ture parts. However, with the incorporation of improved alloys 
to the first stage blading together with a proved rotor cooled de- 
sign, we do not expect maintenance to be materially increased 
over the 0.3 mil per kwhr that has been experienced to date. 
Initially we will recommend inspection of the blade path after 
1000 hr of operation to insure that the cycling duty of peak load 
operation has not created new and unforeseen problems. After 
the first inspection we expect to be able to recommend a 5000-hr 
operating period between inspections. 

Our studies show that this complete site can be placed in service 
for about $110 per kilowatt based on a rating of 22,000 kw or in 
low ambient application where the maximum rating of 27,000 kw 
can be utilized the figure becomes nearer $95 per kilowatt. To 
illustrate the building block feature of these gas turbine units, 
Fig. 18 shows an artist’s conception of a two-unit station capable 
of developing, depending upon ambient, between 44,000 and 
55,000 kw. 

We realize each utility has its own pecularities due to such 
things as location and particular types of loading but one thing 
akin to all electric utility systems is the peaking problem. The 
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Edison Electric Institute in its semi-annual survey this Oc- 
tober shows that there are approximately 159 million kilowatts 
of installed capacity in the United States today. By 1962 this 
figure will approximate 192 million kilowatts. With this kind of 
growth facing the utilities the consideration of decentralized 
peak-shaving should be of paramount importance. 

We offer that gas turbines ranging in capacity from 6500 kw to 
27,500 kw provide a very practical solution to the utilities that are 
faced with this growing problem of peak-shaving. 


Author’s Closure 


I am grateful to Messrs. Brown, Brownell, Hefner, Burns, Gay, 
and Nalle for their discussion of my paper. Each is a valuable 
contribution to the relatively new subject of decentralized peaking 
plants on electric utility systems, a concept which is becoming of 
ever greater importance in the economics of electric power pro- 
duction to meet peak-load requirements and provide reserves. 

It is gratifying to learn from Mr. Brown that The Detroit 
Edison study confirms our findings. Replying to his queries I 
can say that, while centralized peak-shaving with package-type 
units may be economical under some conditions, the savings re- 
sulting therefrom, I believe, under most conditions, would be 
much smaller than is possible with such units on a decentralized 
basis; however, their use in large quantities on the latter basis 
introduces problems of site locations. The higher fixed charge 
rate for decentralized peak units employed in the paper is due to 
the assumption of their shorter depreciation period requirements. 

I am grateful to Messrs. Brownell and Hefner for their com- 
plimentary remarks; in turn, I compliment them and the Electro- 
Motive Division of General Motors for the intelligent approach 
they have made with their equipment toward solving the im- 
portant problem of peak-shaving which is facing the electric 
utility industry now; and want to express hope that they will 
not rest on their laurels of past accomplishments but will con- 
tinue improving their product so that, at its present low cost, it 
will become, on a decentralized basis, a ‘good neighbor” to the 
millions of customers on the utility systems throughout the land. 

I was pleased to learn from Mr. Burns that Long Island Light- 
ing Company’s studies show similar results to ours. While I 
do not disagree with his conclusions that differ from mine, I am 
inclined to believe that the difference is only in the degree of 
savings possible under one condition as compared to the other. 
To clarify his last sentence, however, I refer to my complete 
statement under the section on “Future Trends in Prices.’’ Our 
studies show that while increasing trend in the price level of 
labor, supplies, and construction tends to increase slightly the 
cost savings of peak-shaving, an increase in the price level of 
fuel reduces them; the over-all effect being a decrease in cost 
savings with peak-shaving. 

I appreciate Mr. Gay’s comments and would agree with him 
on the feasibility of his idea of large-size peak-load plants on 
interconnected systems (the economic significance of which was 
pointed out in my paper) if means can be found to overcome the 
practical difficulties of devising contractual arrangements equi- 
table to all concerned, over long periods of time, under numerous 
economic, operating, engineering, financial, and regulatory condi- 
tions. 

I am pleased to learn of Mr. Nalle’s keen perception of the 
problems confronting the utilities in providing decentralized 
peak-shaving generation equipment, and of the forward-looking 
attitude Westinghouse Electric Corporation is taking toward 
meeting that requirement. 
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Recent Improvements in Load Capacity 


Engineer, Large Steam 
Turbine-Generator Department, 
General Electric Company, 
Schenectady, N. Y. Mem. ASME ‘ 
shoe designs. 


of Large-Steam-Turbine Thrust Bearings’ 


The load capacity of tapered-land and pivoted-shoe thrust bearings has been increased 
significantly by the use of materials with high thermal conductivity and by modified 
Results of full-scale maximum-capacity tests at 3600 rpm and at 1800 


rpm are presented. Improvements in bearing performance have been made possible 
by an apparent reduction in thermal distortion and bearing temperature. 


asia SIX YEARS AGO, the author’s company 
initiated a testing program to determine the load capacity of 
thrust bearings then being used for large-steam-turbine applica- 
tion, and to consider methods of increasing bearing capacity. 
Extensive tests were conducted on various size tapered-land 
thrust-bearing assemblies, and several tests also were made on a 
large pivoted-shoe-type bearing. Typical test results on bear- 
ings, as reported previously [1 and 2],? indicated ultimate load 
capacities in the order of 1000 psi for large tapered-land bearings 
and 700 psi for a 254-sq-in. pivoted-shoe bearing with centrally 
located pivots. These investigations indicated that further 
improvements could be made in bearing performance. 

Recent advances in the size of large steam turbines have re- 
sulted in increased potential thrust, and it appeared desirable to 
develop thrust bearings of higher load capacity either to provide 
greater margin or to minimize bearing size. Previous tests 
had furnished considerable evidence that thermal distortion was 
an important factor in the determination of ultimate load-carrying 
capacity. Accordingly, further investigations have been made 
to determine methods of minimizing the harmful effects of ther- 
mal distortion so as to achieve improved bearing performance. 

The test results from these investigations, described in this 
paper, have made it possible to increase significantly the per- 
formance of both tapered-land and pivoted-shoe bearings. By 
using bearing materials which are better heat conductors and 
modifying shoe designs, ultimate load capacities have been in- 
creased up to 75 and 125 per cent, respectively, for the two types 
of bearings. 


Test Procedure 


All tests were made with full-sized bearings installed in a special 
thrust test machine, Fig. 1. This machine, which is designed to 
foad hydraulically two opposed thrust bearings, has a capacity of 
450,000 lb, and may be operated from 1800 to 3600 rpm. The 
bearings under test were installed in a manner to simulate as 
closely as possible actual turbine-assembly conditions, and oil 
was supplied sufficient to produce a normal 25 to 30-F tempera- 


1 When this paper was written the author included information and 
expressed opinions believed to be correct and reliable. Because 
of the constant advance of technical knowledge, the widely differing 
conditions of possible specific application, and the possibility of mis- 
application, any application of the contents of this paper must be 
at the sole discretion and responsibility of the user. 

2? Numbers in brackets designate References at end of paper. 

Contributed by the Power Division and presented at the Annual 
Meeting, Atlantic City, N. J., November 29-December 4, 1959, of 
Tse American Society oF MECHANICAL ENGINEERS. 

Note: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, Au- 
gust 31, 1959. Paper No. 59—A-139. 
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ture rise of the oil. Light turbine oil (DTE-797) was used for 
all tests, with the following properties: 


154 SSU at 100 F 
89 SSU at 130 F 
43 SSU at 210 F 

0.821 at 210 F 


Viscosity, Saybolt seconds 


Ultimate load capacity has been used as a final criterion of 
bearing performance on the basis of short-term tests, ultimate 
capacity being defined as the load at which the bearing showed 
signs of distress as indicated by any wiping or melting of the 
babbitt. It is recognized that bearing performance and life will 
be affected by many factors, such as fatigue strength and wear of 
the bearing material, but in order to finally evaluate comparative 
designs the afore-mentioned procedure appeared most practical. 
One problem, however, inherent in testing full-scale bearings to 
the point of failure is to provide a load bearing of sufficient capa- 
city. The test machine was finally equipped with a 335-sq-in. 
tapered-land load bearing incorporating the company’s latest im- 
provements, which has satisfactorily carried the 450,000-lb capa- 
city of the machine. 

Bearing temperatures were measured by means of thermocou- 
ples embedded at the babbitt bond about !/; in. from the bearing 
surface, and also in the backing metal '/2 to */, in. from the 
bearing surface. Such thermocouples were arbitrarily located in a 
relatively hot position in each bearing land or shoe, usually on 
the mean diameter, and about one inch from the trailing edge. 
Oil inlet and discharge temperatures also were recorded, and were 
used as a means to determine horsepower loss. 


Tapered-Land Bearing 


The tapered-land bearing is basically a fixed-shoe type, con- 
sisting of a circular thrust plate in which the bearing surface is 
divided into lands by radial oil-feed grooves. The surface of 
each land is machined with a compound taper to provide an oil 
wedge, and the taper on all bearings described herein is 0.006 and 
0.009 in. deep at the leading edge. Representative of one of the 
bearings tested is the 275-sq-in. assembly shown in Fig. 2. In 
this instance the thrust plates are mounted in a separate casing 
which is supported on a spherical seat to provide proper align- 
ment. 

The earlier tests on the standard tapered-land thrust plates 
had indicated that improved bearing capacity might be obtained 
by one or more of the following methods: 


1 Reduce thermal gradients to minimize distortion. 
2 Use materials with low coefficient of expansion, to reduce 
distortion in spite of temperature gradients. 
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Fig. 1 Assembly arrangement of thrust bearing test machine 
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Fig. 2. Typical 275-sq-in. tapered-land thrust bearing assembly with 
separate bail-seat mounting 


3 Reduce temperatures to increase babbitt strength. 
4 Use bearing material capable of withstanding higher tem- 
peratures. 


In view of the foregoing observations, a bearing-plate material 
of high thermal conductivity appeared to offer distinct advan- 
tages. Accordingly, several tests were conducted on copper- 
backed babbitt tapered-land thrust plates, utilizing commercially 
pure soft-copper backing material (instead of steel) with tin-base 
babbitt cast on in the conventional manner. Several bearing 
assemblies were tested, ranging in size from 150 to 335 sq in. 
and operating at 1800 and 3600 rpm, Table 1. 

In all tests, the copper-backed plates carried higher loads than 
the regular steel-backed plates, ranging from a 25 to 75 per cent 
increase in capacity. Typical of the test results is the perform- 
ance of a 275-sq-in. 22*/s-in-OD tapered-land bearing at 3600 
rpm, Fig. 3. The original steel plate showed evidence of distress 
at 900 psi, with bearing babbitt temperatures approaching 
240F. An otherwise identical copper-backed plate, however, was 
loaded to 1570 psi before experiencing a light wiping of the 
babbitt, an increase of 75 per cent in load capacity. At a com- 
parable load of 800 psi, the babbitt temperatures of the copper- 
backed plate were 25-F lower than for the steel-backed plate, 
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Table 1 Test results on tapered-land thrust bearings of various sizes and 
materials 


Max 


Mean 
load, 


velocity, 


Area, 
pm 


sq in. Rpm Material 

(Steel and babbitt 

Copper and babbitt 

Invar and babbitt 

Copper and plated babbitt 

Steel and babbitt 

Copper and babbitt 

Steel and babbitt 

Copper and babbitt 

Copper and babbitt 

Steel and babbitt 

Bronze and plated lead- 
indium 

Aluminum and plated lead- 
indium 

Steel and babbitt 

Copper and babbitt 


150 3600 13,250 


3600 


3600 
3600 


18,000 


15,200 


335 16,250 


273 ~=1800 7,500 


285 1800 11,000 


2 Not tested to failure. 


COPPER PLA 


STEEL PLATE 
FAILED 900 


A 


TEMPERATURE (F) 


xX 


OTE-LIGHT OIL 
90 GPM - IIS F INLET 


0 200 400 600 600 1000 1200 1400 1600” 


BEARING LOAD (PSI) 


Fig.3 Plot of metal temperatures and losses for 275-sq-in. thrust bearing 
with copper-backed and steel-backed plates, 3600 rpm 
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Fig. 4 275-sq-in. tapered-land copper-backed thrust plate after carrying 
1570 psi; note wiped babbitt areas 


indicating a cooler operating bearing. Thermocouples embedded 
in the backing material '/, in. from the bearing surface, a location 
commonly used for bearing monitoring, also indicated a corre- 
sponding decrease in temperature. Within the accuracy of the 
tests, the horsepower loss for each bearing appeared to be the 
same. The copper-backed thrust plate is shown in Fig. 4; note 
the uniform appearance of the partially wiped babbitt areas after 
earrying 1570 psi. 

The 275-sq-in. thrust plates tested were of a thick-plate design 
1'/, in. thick in this particular bearing assembly. It was learned 
from previous tests [2] that such steel-backed plates might 
initially fail to carry 1000 psi, but it had been possible to increase 
the load capacity above 1000 psi by reducing the thickness of 
the plates. In this series of 275-sq-in. tests, however, no attempt 
was made to reduce plate thickness, and the original 1'/,in. 
thickness was maintained for both the steel-backed and copper- 
backed plates. 

Bearings made from other materials also were tested, although 
none of them appeared to offer the advantages of the copper- 
backed babbitt plate. Nevertheless, it seems appropriate that 
mention be made of some of the other results. On the theory 
that distortion might be minimized by the use of a material with 
low thermal expansion, a bearing plate consisting of an Invar 
backing with cast babbitt was evaluated. The Invar alloy has a 
coefficient of expansion about 14 per cent that of low-carbon 
steel, but any advantage from this was adversely affected by its 
low thermal conductivity. Although not tested to failure, the 
Invar plate ran considerably hotter than the conventional steel 
design, and for this reason it is questionable whether this material 
offered any significant improvement in load capacity. 

Thrust plates with very thin layers of bearing material were 
also subjected to maximum load tests. A 150-sq-in. copper- 
backed plate with 0.015-in. face of lead-base babbitt was run at 
3600 rpm and satisfactorily carried loads up to 1950 psi (compared 
to 2100-psi load on a similar copper-backed thick babbitt plate). 
Both a bronze and an aluminum 273-sq-in. thrust plate with a 
0.001 to 0.002-in. plating of lead-indium showed high load capaci- 
ty at 1800 rpm; the bronze carried 1575 psi and the aluminum 
1650 psi. Subsequent test operation with these materials, how- 
ever, indicated a tendency for the plating to wear or peel off due 
to over-heating. One of the bronze, plated bearings later failed 
during test and seized the rotating thrust collar to the extent that 
the thrust machine was stalled. It is quite possible that certain 
alloy platings would be capable of withstanding higher tempera- 
tures and may offer higher load capacity than the relatively thick 
babbitt bearings, particularly with respect to fatigue. There 
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Fig. 5 254-sq-in. pivoted-shoe thrust bearing assembly 


appears to be, however, an advantage in having a babbitt lining, 
which would tolerate a momentary localized rupture of the oil 
film and may well minimize shaft damage in the event of a com- 
plete failure; babbitt’s characteristics of embeddability and con- 
formability are also desirable. 


Previous tests on a 254-sq-in., 24°/,-in-diam, pivoted-shoe 
bearing at 3600 rpm had indicated a maximum capacity of 700 
psi; these bearings had eight conventional steel-babbitt shoes 
with centrally located pivots. This bearing is shown in Fig. 5. 
Earlier attempts to increase the ultimate capacity by improving 
oil circulation had been without success, and efforts were then 
directed toward means to improve the profile of the shoe bearing 
surface. It appeared that this might possibly be accomplished 
by any one of the three following approaches: (a) Use a shoe 
material which was a superior heat conductor so as to reduce 
temperature gradients, (b) provide a shoe support which was 
“insulated” from the hot bearing surface, (c) locate the shoe pivot 
support at an optimum point. 

In view of the success with copper-backed tapered-land plates, 
a set of pivoted shoes was first tested with the conventional steel 
shoe replaced with forged, oxygen-free high-conductivity copper. 
The '/;-in-thick babbitt bearing surface and the hardened-steel 
central pivot buttons were retained. This bearing failed at 1200 
psi, an increase of 70 per cent over the regular steel-backed shoes. 
At 700 psi, the babbitt temperature was reduced 25 F compared 
to the steel shoe; the plot of metal temperatures may be seen in 
Fig. 6. Horsepower loss was comparable to the steel shoe. 

Using the second possible approach, considerable improvement 
in load capacity was also achieved by means of a special set of 
two-piece shoes. Utilizing the conventional steel shoe with 
central pivots, a '/:-in-thick plate or segment of copper, faced 
with babbitt was mounted on the shoe in a manner to permit 
freedom of movement, Fig. 7. The intention here was to main- 
tain a relatively cool backing with minimum thermal distortion, 
which would adequately support the thin copper plate. The 
merits of this arrangement are evident in the fact that the bearing 
was loaded to 1575 psi, at which point the babbitt failed by a 
light wiping; this represented an increase in capacity of 125 per 
cent. Babbitt temperatures were reduced significantly, being 
lower than any of the other shoes tested, Fig. 6. To facilitate 
cooling of this shoe assembly, radial oil grooves had been cut in the 
steel face of the supporting shoe. This arrangement permitted 
the steel backing to operate at a more uniform temperature and 
to thus maintain a more nearly flat supporting surface. The 
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oil-film pressure readily forces the thin copper bearing plate 
against the steel-shoe surface. 

A final test on the 24%/,-in-diameter pivoted-shoe bearing was 
made to investigate the possible benefits to be gained by optimum 
location of the pivot point. Other investigators [3] and [4] 
have predicted that the flat pad with optimum pivot would carry 
considerably more load than the flat pad with central pivot points. 
A set of steel-backed babbitt shoes with the pivot point offset 
57 per cent from the leading edge was made by simply machining 
3/, in. from the trailing edge of the standard shoes. This re- 
sulted in a slightly reduced bearing area of 223 sq in. and altera- 
tion in the geometry of the shoe face. This bearing was loaded 
to 1530 psi before failure. In the higher load range, above 700 
psi, the babbitt temperatures of these shoes were running con- 
siderably higher than the other designs. It must be noted that 
this was not a completely rigorous test, inasmuch as an additional 
oil space had been introduced between the shoes, as well as the 
change in shoe width to height ratio from 1.13 to 0.99. However, 
based on previous unpublished tests by the author’s Company, it 
is the author’s opinion that the major part of this 120 per cent 
gain in load capacity was due to the offset pivot location. 


Note: Patent applications are pending on certain unique features 
of the bearings described herein. 


Fig. 7 Two-piece shoe as- 
sembly for 254-sq-in. pivoted- 
shoe thrust bearing 


Discussion 


Most of the gains in load capacity have been achieved by the 
use of a bearing backing material which was a superior heat con- 
ductor, and this appears to be due to the significant effect of such a 
material on the interrelated factors of metal temperature and 
thermal distortion. The performance of any thrust bearing is 
affected greatly by the surface profile, particularly in the radial 
direction. Certainly to some degree, as load is applied, the 
bearing surface will be disturbed or distorted from its initially 
flat condition by thermal gradients which are bound to exist 
within the bearing as temperature increases. This distortion may 
possibly occur, as shown in Fig. 8, in the form of crowning due to 
warpage, or as high spots due to nonuniform expansion of the 
plate in the hot region. Thus we would expect that a copper 
bearing, operating at a more uniform temperature, would tend to 
retain its initial surface profile under greater load. 

Although the available test data are not sufficient to permit a 
rigorous analysis of bearing behavior, the results indicate that 
the copper and babbitt bearings carried more load due to the 
combined effect of less distortion and increased heat flow from 
the bearing surface. It would be difficult to evaluate accurately 
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Fig. 6 Plot of metal temperatures for 254-sq-in. pivoted-shoe thrust 
bearings, 3600 rpm 
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Fig.8 Possible types of distortion (exaggerated) of thrust bearing surface 
caused by temperature gradient 


these effects separately. As shown in Fig. 9, the metal tempera- 
tures indicated less temperature gradient axially through the 
copper plate for the 275-sq-in. tapered-land bearing. The tend- 
ency for copper’s higher coefficient of expansion to increase 
distortion is apparently more than offset by lower gradients, 
resulting in a net reduction in distortion. 

Although the distortion effect may be a major factor, it does 
not appear to be the only reason for the improved bearings. 
Some benefit also is evident in the higher conductivity material 
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Fig. 9 Relative temperature levels and gradients for steel-backed and 
copper-backed thrust plates. 275-sq-in. tapered-land thrust bearing, 3600 
rpm. Bearing outer radius 11.2 in., and inner radius 4.9 in, 


transferring more heat from the babbitt surface, and the gradients 
in the copper indicated a greater heat flow through the plate. 
On five tapered-land bearing plates tested with cast babbitt on 
copper, there was an average reduction of babbitt temperature 
in the order of 10 to 25 F as compared to steel. To some degree 
then, the strength of the babbitt will be increased due to lower 
operating temperatures, and bearing capacity and life likewise 
will be improved. The combined effect of reduced distortion and 
higher conductivity would tend to equalize temperature distri- 
bution across each bearing land. This also would minimize the 
temperature variation recorded between respective lands around 
the bearing, and evidence of this was found, for example, on a 
270-sq-in. tapered-land bearing where the copper plate operated 
with a smaller range of temperature variation as shown in Fig. 10. 

On the 254-sq-in. pivoted-shoe bearing, temperature measure- 
ments indicated lower gradients with the copper-backed shoe 
which were in the order of '/; to '/: those for steel at comparable 
loads as shown in Fig. 11. Here again we must factor in the 
higher expansion coefficient of the copper. Also, due to a lower 
modulus of elasticity, the copper shoe may have been subjected 
to greater elastic deformation. This latter condition, however, 
may have had little effect, since the distortion from load forces is 
probably small compared to that caused by thermal effects. 
The special two-piece shoe assembly also operated at a lower 
temperature and reduced gradients. 

It may be noted that very significant gradients may exist 
through the shoes, having magnitudes capable of distorting the 
shoe and producing a crown far in excess of that desired for 
optimum operation. Thus we would expect load capacity to 
vary inversely with the apparent thermal distortion, which is 
fairly well borne out in the test results. 

A small degree of crowning of the shoe profile is undoubtedly 
desirable on the pivoted-shoe bearing [4]; however, it seems 
reasonable to expect that load deformation plus a minimum 
temperature effect would produce sufficient crown. On these 
relatively large, high-speed bearings, the contribution of thermal 
distortion becomes excessive, and any efforts to minimize this 
effect should be of benefit. The copper shoe and the two-piece 
shoe are advantageous in this respect. The two-piece design 
may be especially useful on large bearings where it is desired to 
obtain the maximum strength of steel and still maintain central 
pivot points for two-direction rotation, as is common in marine 
practice. It is not unreasonable to expect that the capacity of 
these special material pivoted-shoe bearings may be increased 
even further by using offset pivots. 
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Fig. 10 Plot of metal temperature variation for 270-sq-in. tapered-land 
thrust bearing, 3600 rpm 
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Fig. 11 Relative temperature levels and gradients for 254-sq-in. piv- 
oted-shoe bearings of various materials, 3600 rpm. Bearing outer radius 
12.4 in., and inner radius 7.0 in. 


Summary 

1 The results tend to confirm that the interrelated factors of 
thermal distortion and bearing temperature significantly affect 
thrust-bearing performance. 

2 Thrust-bearing capacity can be increased by the use of a 
high-conductivity backing material, such as copper. 

3 The improved tapered-land bearings have a capacity of 
1300 to 2100 psi. 

4 Modifications to a 254-sq-in. pivoted-shoe bearing provided 
a load capacity of 1210 to 1560 psi. 
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DISCUSSION 


J. H. Anderson® 


This is an excellent paper on an important subject and shows 
the results of some carefully done experiments. The author 
should be commended for a very real contribution to improve- 
ments in thrust bearing design. 

This, like all experimental investigations, leaves some ques- 
tions unanswered. One would be the question of why the 
aluminum bearing test was stopped short of failure. In Table 1 
the aluminum bearing was run to 1650 psi at 1800 rpm without 
failure, whereas the 285 sq in. copper backed babbitt bearing at 
1800 rpm failed at 1230 psi, with a higher mean velocity. It 
would not seem that the matter of lead indium coating should be 
very pertinent, as thousands of aluminum thrust bearings are in 
successful use with no plating. 

It would seem that the heat-transfer rate through a solid alumi- 
num plate should be better than through a babbitt backed with 
copper. For example, the heat flow resistance of 11/4 in. thick 
aluminum bearing alloy is 7.22 deg C per G cal per sec cm?, where- 
as for a 1'/, in. thickness of '/s in. babbitt plus 1!/s in. copper the 
resistance is approximately 8.39. A further disadvantage of the 
babbitt is that the heat conductivity is extremely low in the 
surface plane. It seems fairly safe to assume also that the solid 
aluminum plate would tend to distort less than the babbitt copper 
combination. 

It seems to the writer that this paper also points to one other 
fundamental: In high-speed thrust bearings we have about 
reached the limit of size and capacity for hydrodynamic film, 
or shoe type bearings. We should be looking for a bearing which 
operates on a sufficiently different principle that it allows high, 
turbulent flows of lubricating oil in the load carrying space, 
thereby permitting the complete removal of the heat by the oil 
directly. We should also be looking for bearings which operate 
at basically higher running clearances, so that accuracy of manu- 
facture and assembly become less critical, and distortion also 
becomes less important. 


Bernard Herhage* 


This paper is a significant and positive approach to the field of 
thrust bearing design and testing. It is gratifying to know that 
higher load capacities are possible with pivoted-shoe bearings 
than the rather low 700-psi ultimate originally reported by 
Brandon and Bahr at last year’s meeting of the ASME. These 
load capacities more nearly approach the results of tests per- 
formed by Allis-Chalmers several years ago on smaller size 
thrust bearings where ultimate loads in excess of 2000 psi were 
reached. The use of off-center pivots provides a bearing which, in 
the hydrodynamic sense, approaches the idea] wedge which is also 
strived for by tapered-land design. We have been using off- 
center pivots on large steam turbine generator units for some- 
time. 

Since thrust loads, we believe, can be more accurately pre- 
dicted for reaction turbine design (as used by Allis-Chalmers for 
large turbines) than the impulse design, we have not found it 
necessary to use as large a thrust bearing as described in this 
paper for 3600-rpm operation. An example of a bearing which 
we are presently using is a 147-sq in., twelve-shoe, babbitted 
steel bearing with optimum pivot position. Thrust tests on this 
bearing show close agreement with the curve in Fig. 6 of this 
paper. At a thrust load of 500 psi the trailing edge metal tem- 
perature of the shoe was 215 F at a position 5/15 in. from the 
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bearing surface. These tests were confirmed on the actual unit 
where the thrust load was determined by steam balance calcula- 
tions and verified by strain gage load cel!s. The 500-psi loading 
was obtained by deliberately introducing larger than normal 
unbalanced steam thrusts. 

We have found that by the use of load cells on prototype units 
together with accurate positioning of thermocouples it is possible 
to calibrate a particular thrust bearing and then actually use 
thrust shoe temperature as an indicator of thrust on subsequent 
units. 

The following comments and questions seemed pertinent 
during the review of the subject paper. 


1 For the 254-sq in. pivoted shoe bearing with the propor- 
tions that are used, it would appear that load deformation is a 
significant factor in the crowning of the shoe contrary to the 
opinion expressed by this paper. By calculation the load 
deformation is about one third the total distortion for the shoe 
thickness shown. 

2 Although it is good to have excess capacity in the thrust 
bearing, does the author feel that the load carrying capacity over 
700 psi can actually be applied in turbine design? The minimum 
film thickness at the higher loads would appear to be too thin to 
be considered for acceptable continuous operation under anything 
else than laboratory conditions where extreme cleanliness of oil 
can be maintained. 

3 It is not clear in the paper whether the thermocouple was 
repositioned at the time the central pivot shoe was modified by 
removing a portion of the trailing edge to obtain off-set pivots. 
If left in the original position it would read a higher temperature 
in comparison to other shoes. 

4 It was stated that by the use of special material for pivoted- 
shoe bearings it may be possible to increase the capacity of 
bearings with off-set pivots. This would seem to further enhance 
the pivoted-shoe bearing as the ultimate design for high capacity 
thrust bearings. Have such tests been performed? 

5 In the summary, the author states that improved tapered- 
land bearings have a capacity as high as 2100 psi in comparison 
to the pivoted-shoe capacity for a 254-sq in. bearing of 1560 
psi. The 2100 psi for the tapered-land was based on tests on a 
150-sq in. bearing. Thus the results reported are not directly 
comparable. Direct comparison of a 275-sq in. tapered-land 
bearing shows a failure at 1570 psi. 

6 It is hard for the reader to justify the wide difference in 
temperature gradient data for the tapered-land bearing shown in 
Fig. 9 and the pivoted-shoe bearing shown in Fig. 11. From 
these data, it can only be assumed that either the thermocouple 
location 1/. n. back from the babbitt face does not provide 
accurate correlation with actual surface temperatures or that the 
point being measured on the tapered-land plate is not the high 
load, high temperature area. By the wiped pattern of Fig. 4, 
it would appear that the high temperature and extensive wear 
zone for a tapered land bearing is well up in the outer trailing 
edge of each land, whereas, the wiping for a pivoted shoe bearing 
occurs practically in line with the point of temperature measure- 
ment. This, in fact, may be the reason the tapered-land tests 
consistently show lower temperatures than pivoted-shoe tests for 
an equivalent unit load. 

7 The horsepower loss curve shown in Fig. 3 is presumed to be 
for one side of a thrust collar only. A comparison of losses for 
the tapered land and pivoted shoe bearings would add to the 
value of this excellent paper. 


Author’s Closure 


The author wishes to thank Mr. Anderson for contributing to 
the discussion of this paper. In answer to the discusser’s ques- 
tion, the aluminum bearing test was stopped short of failure due 
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to the failure of the machine load bearing. No further attempts 
were made to load the aluminum bearing to destruction, since 
subsequent tests on both aluminum and bronze bearings had 
made us fearful that a complete failure might severely damage 
the shaft thrust collar (see page 132 of the paper). 

It is quite possible that the over-all heat transfer through a solid 
aluminum plate would be slightly better than for the copper- 
babbitt combination, which would reduce the bearing surface 
temperature to some degree. The author does not agree, how- 
ever, that the solid aluminum plate would tend to distort less 
than the copper-babbitt. It is the author’s opinion that the 
adverse effects of distortion are due to the thermal gradients in 
the plate backing material alone (see Fig. 8), and aluminum, 
with lower conductivity and a higher expansion coefficient, would 
seem to distort more than the copper. We agree that solid alu- 
minum bearings may have considerable merit, but for large steam 
turbine thrust bearings we believe there are advantages, as was 
stated in this paper, in having a babbitt bearing surface. 

The test results reported here, as well as previous tests 
[1, 2], do not lead us to the conclusion that we have approached 
the limit of size and capacity for hydrodynamic film high-speed 
thrust bearings, as Mr. Anderson suggests. With an increased 
awareness of the problems involved, we are now inclined to be- 
lieve that the present limits may well be increased in the future. 

Mr. Herbage has made 2-thorough review of this paper, and we 
appreciate his appropriate comments. The discusser has ex- 
pressed the belief that thrust loads can be predicted more accu- 
rately for reaction turbines of his company’s design, and therefore 
smaller thrust bearings may be used. It is beyond the scope of 
this paper to discuss the relative accuracy of thrust load calcula- 
tions for reaction versus impulse-type turbines; nevertheless, it 
should be pointed out that theoretically it is possible to balance 
the turbine thrust to virtually zero and thus use an extremely 
small thrust bearing. The author’s company, however, believes 
that it is prudent to size the thrust bearing with some relation 
to the potential thrust and hence to the rating of the unit. 

The discusser’s comment with respect to the relative load de- 
formation of the 254 sq-in. pivoted-shoe bearing is well taken. 
In attempting to evaluate the improved performance and ulti- 
mate increase in load capacity of these bearings with copper 
shoes, however, the significant point seems to be that the total 
deformation has apparently been reduced at comparable loads. 

The author feels that thrust bearings with high load capacity, 
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in excess of 700 psi, are a definite asset in turbine design since 
they provide a substantial safety factor to cover temporary 
emergency conditions or damage to the steam path. Under such 
conditions, for example, as a water slug carry-over, accidental 
closure of intercept valves, or a full-load trip-out, the normal 
thrust load may be increased significantly for a short period of 
time. The design loading for normal continuous operation, how- 
ever, is maintained at a moderate value—being in the order of 
200 psi on General Electric central station units. 

In reply to the discusser’s question regarding temperature 
measurements on the offset pivot shoes, the thermocouples in the 
trailing edge were relocated so as to maintain approximately the 
same relative position from the edge of the shoe. No tests were 
performed on shoes of special material using offset pivots, al- 
though such shoes may offer still further improvements. In con- 
sidering the pivoted-shoe bearing as the ultimate design, as the 
discusser suggests, for high capacity thrust bearings, one must 
fully appraise the application. The author’s company has now 
had several years’ experience with both the tapered-land and 
pivoted-shoe bearings in some of the largest turbine-generator 
units in operation, and this experience has indicated that the 
pivoted-shoe design tends to be less durable. The tapered-land 
assembly has proved practically immune to wear and increased 
rotor end-play to which the pivoted-shoe bearing has been sus- 
ceptible due to fretting or crushing of the movable equalizing 
parts. 

The author recognizes and readily agrees that the results of 
tests on the 150 sq-in. tapered-land bearing are not directly com- 
parable to the 254 sq-in. pivoted-shoe bearing. With respect to 
the difference in temperature gradients shown in Figs. 9 and 11, 
which the discusser has questioned, it should first be pointed out 
that the primary objective of these tests was to evaluate the 
effect of a material change for each respective bearing tested, and 
temperature gradient measurements at a single reference point in 
each bearing land were helpful in making this evaluation. No 
attempt was made to study the complete temperature distribu- 
tion throughout the thrust plate or shoes, and it was not intended 
that a direct temperature comparison be made between the 
tapered-land plate and the pivoted shoes. 

The horsepower loss curve shown in Fig. 3 is for one side of 
the thrust bearing only. For a comparison of losses between 
comparable tapered-land and pivoted-shoe bearings, the reader 
is referred to reference [2] of this paper. 
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Acoustic Attenuation and Relaxation 


D. D. EDEN? 
R. B. LINDSAY 
H. ZINK? 


Brown University, Providence, R. |. 


Phenomena in Steam at High 
Temperature and Pressure 


The purpose of this investigation is the measurement of ultrasonic attenuation in 


steam at high temperatures and at pressures above atmospheric in the search for possible 


relaxation mechanisms. 


An acoustic fixed path interferometer has been constructed to 


aliow attenuation measurements up to temperatures of the order of 450 deg Cand pressures 
around 100 atmospheres. Relaxation peaks have been identified in the pressure range 
from 1 to 10 atmospheres and over the temperature range from 235 to 400 deg C. These 
correspond to relaxation times of the order of 2 X 10~* sec, which is probably too small 
to be of significance in the high-speed flow properties of steam under extreme conditions. 
The results reported here are in order of magnitude agreement with those obtained by 
Huber and Kantrowitz using the impact tube method. 


Introduction 


HE primary purpose of the investigation reported 
here is the study of certain properties of steam at high tempera- 
ture(e.g., up to 600 deg C) and high pressure (e.g., ultimately up to 
1000 atmospheres) by the measurement of the attenuation of high 
frequency sound. The apparatus used and described, a fixed 
path acoustic interferometer, represents a pilot stage in the in- 
vestigation with the upper limit of the temperature range at 450 
deg C and the upper limit of the pressure range at 100 atmos- 
pheres. The same equipment may be used to measure sound ve- 
locity over the same range with relatively high precision though 
the results reported are restricted to attenuation and proper- 
ties which can be predicted therefrom. 


Theoretical Considerations 


It is well known that all sound waves in fluid media suffer ir- 
reversible absorption leading to a decrease in intensity with dis- 
stance from the source. In all cases involving small amplitude 
sound this attenuation follows the exponential decay law. Thus, 
if J) denotes the sound intensity at a given point in the medium 
(chosen for convenience as the origin) for a plane wave progress- 
ing in the positive z-direction, the intensity J at the point distance 
z from the origin will be given by 


I = (1) 


where @ is the so-called absorption coefficient for particle displace- 
ment in the wave. It has the dimensions cm~' in the c.g.s. system 
of units. However, it is common to refer to the cm~! as the 
neper/cm in absorption studies. The factor 2 is due to the fact 
that the intensity is proportional to the square of the particle dis- 
placement amplitude. 


1 Based on a dissertation submitted by the first named author in 
partial fulfillment of the requirements for the degree of Doctor of 
Philosophy at Brown University, June, 1960. 

2? Now at Texas Instruments Company, Dallas, Texas. 

3 Now at the University of Louvain, Belgium. 

Based on a paper contributed by the Research Committee on 
Properties of Steam and presented at the Annual Meeting, Atlantic 
City, N. J., November 29-December 4, 1959, of THe AMERICAN 
Society or EnGineers. Manuscript received at 
ASME Headquarters, October 5, 1960. This paper was not pre- 
printed. 
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The ordinary fluid transport properties of viscosity and heat 
conduction provide mechanisms leading to sound attenuation with 
corresponding expressions for a, which do not need to be written 
here. For many fluids under certain conditions of temperature 
and pressure and over certain frequency ranges, the values of a 
predicted by these mechanisms are inadequate to account for the 
observed values. The deviations have usually been attributed to 
so-called molecular relaxation mechanisms. The present research 
has for its aim the search for such deviations in steam. 

It is well known that polyatomic molecules possess not only 
energy of translation but also energy of vibration of their con- 
stituent atoms as well as energy of rotation of these particles 
about each other. The states of vibration and rotation are 
usually referred to as internal-energy states. When molecules 
collide there exists the probability that a transition will take place 
from one internal-energy state to another, involving the transfer 
of energy from the external or translational form to the internal 
form or vice versa. What is the effect of such an energy transfer 
on the propagation of a sound wave? The latter involves a 
momentary compression of the fluid which by increasing the 
density also produces an increase in pressure or in the mean 
kinetic energy of translation of the molecules. However, the in- 
crease in pressure does not occur instantaneously, since some of 
the extra energy of translation is transferred to the internal mo- 
lecular states. After the density has begun to decrease the pres- 
sure keeps on increasing, as the energy is transferred back from the 
internal states to the translational form. Thus excess pressure 
and excess density get out of phase and this (as in any hysteresis 
phenomenon) produces an effective transformation of acoustic en- 
ergy into heat, corresponding to attenuation of the acoustic 
wave. The process described here is termed a “‘relaxation’’ process 
since it is associated with the tendency of the excited internal 
molecular states to revert or relax to their equilibrium distribu- 
tion during the passage of the sound wave. The so-called re- 
laxation time 7 is the reciprocal of the sum of the average number 
of transitions from the external to the internal states per unit 
time and the corresponding number of transitions per unit time 
from the internal back to the external states. This quantity is a 
measure of the time required to restore the equilibrium between 


4See, e.g., R. B. Lindsay, ‘‘Concepts and Methods of Theoretical 
Physics,” D. Van Nostrand Company, Inc., Princeton, N. J., 1951, 
p. 367. 
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the two kinds of states when disturbed by the sound compression. 
The relaxation time is a controlling factor in the excess sound- 
intensity attenuation over that due to viscosity and heat conduc- 
tion, and indeed if for convenience we now denote this latter 
quantity by 2a we have 


(2) 


where w is the angular frequency of the sound, 7 the relaxation 
time, and C a constant depending on the specific heats and sound 
velocity of the gas. It is clear that measurement of @ can lead to 
a determination of 7, since the maximum value of 2a@/w occurs 
precisely for 7 = 1/w. Since the internal and external states of 
energy can be thought of as corresponding to two different tem- 
peratures and two distinct specific heats are involved, it is natural 
to refer to the process here described as ‘‘thermal relaxation.” 

It is important to note that the relaxation time associated with 
a given pair of energy states depends on the pressure. Though 
the transition probability which controls the average number of 
transitions per second per molecule in collision with another is a 
function of the structure and properties of the molecule, the 
actual average number of transitions per second will clearly be 
proportional to the average number of collisions per second, and 
this in turn for given temperature is proportional to the pressure, 
as follows from simple kinetic gas theory. Hence the relaxation 
time at given temperature varies inversely as the pressure. If we 
write 


=k/p (3) 
we can put (2) in the form 


2a Cwk/p 


(4) 
w 1 + w*k?/p? 
If we plot 2a/w as a function of w/p, a curve like that shown in 
Fig. 1 results, with a peak at w/p = 1/Tp = a@/p. Forw/p 
<_1/rp, the molecule will relax many times during one period 
of the sound wave and its equilibrium will not be materially 
disturbed by the wave. Hence there will be little molecular at- 
tenuation. On the other hand, for w/p > 1/rp (or very high 
frequency per unit pressure) practically no transitions take place 
between energy states during a single period of the sound wave 
and again the molecular attenuation is negligible. It is only when 
the angular frequency of the wave approximates the reciprocal of 
the relaxation time that this type of absorption becomes ap- 
preciable. 

From (4) it is clear that we can search for a relaxation peak in a 
given gas or vapor by measuring @ as either frequency or pressure 
is varied (or both, of course). There are often certain advantages 
in measuring @ at a fixed frequency and studying its variation 


5 J. J. Markham, R. T. Beyer, and R. B. Lindsay, Reviews of Modern 
Physics, vol. 23, 1951, p. 353 (specifically eq. 22.7). 


A 


Fig. 1 Intensity attenuation per unit angular frequency as a function of 
«/p for a relation process 
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with pressure. This is particularly the case in the present 
measurements on steam with the fixed path interferometer. 

The practical value of the foregoing considerations is found in 
the fact that the flow of gases around obstacles produces sudden 
compressions and rarefactions accompanied by temperature 
changes. The time during which such changes take place is con- 
trolled by the dimensions of the obstacles and the flow velocity. 
If the time interval is comparable with the relaxation time for 
transition to and from internal energy states of the molecules of 
the gas, a degradation of translational energy will take place and 
result in a measurable decrease of impact pressure on the obstacle. 
To estimate the likelihood of this process, it is essential to measure 
the relaxation time. This can be done by acoustical means as 
just described. 


Method of Measurement 


The method for measuring acoustic attenuation used in this 
investigation is based on the employment of a small fixed path 
interferometer.* 7 This instrument consists essentially of a 
transducer in the form of a plane parallel plate of piezoelectric 
crystal material which is placed inside the chamber containing the 
gas to be studied at a fixed and accurately known distance from 
a precisely parallel reflecting plate. Unlike the more conven- 
tional variable path interferometer, in this instrument the varia- 
tion of the impedance of the crystal (the quantity usually 
measured) is brought about by the variation of frequency or the 
temperature or pressure of the medium. In the current in- 
vestigation we employ temperature variation at given pressure. 

The theory of the use of the fixed path interferometer as a de- 
vice for measuring acoustic attenuation is due to Hubbard.’ 
According to this theory one can express the excess pressure am- 
plitude at the surface of the radiating interferometer crystal in the 
form 


po = + pV wh Qo 
where 


sinh 2ar 


Po = 


cosh 2ar — cos — 


V 


Q = (7) 


cosh 2ar — cos 


The density of the medium (i.e., the steam in this case) is de- 
noted by p, while V is the velocity of sound therein. The ampli- 
tude of the medium displacement at the crystal face is & and the 
amplitude of the medium flow velocity at the same place is &). 
Finally r is the fixed distance of separation between the crystal 
surface and the reflecting plate. 

If P,/V is plotted as a function of V, the result is a periodically 
varying curve as shown in Fig. 2. If the minimum value is called 
(Po/V)min and the maximum is (Po/V)max occurring at Vo, say, 
the half width of the peak, equal to AV; + AV: which may be 
denoted by AV, has an important significance in the Hubbard 
theory. In fact, by a straightforward analysis which will not 
be repeated here, it develops that AV is connected with the at- 
tenuation coefficient a by the transcendental equation 


¢ J.C. Hubbard and I. F. Zartmann, Review of Scientific Instruments, 
vol. 10, 1939, p. 382. 

J. F. W. Bell, Journal of Acoustical Society of America, vol. 25, 
1953, p. 96. 

* J. C. Hubbard, Physical Review, vol. 38, 1931, p. 1011. 
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1 + w*r? 
c 
(6) 
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sech 2ar = : (8) 


The experimental evaluation of AV in the vicinity of given Vo 
(i.e., given temperature) enables one tocalculate the corresponding 
a from Eq. (8). From Cady® it develops that the equivalent elec- 
trical resistance of the crystal & is a linear function of P)/V, and 
hence a measurement of & as a function of V permits the evalua- 
tion of Po/V as a function of V as in Fig. 2. Actually, itis more 
convenient to measure # as a function of the temperature 7’ and 
obtain a half width A7’ in temperature for the resistance peaks, 
but A7 can be readily changed to AV from tables giving the 
variation of the velocity of sound with temperature. 


Apparatus 


General Assembly. The general layout of the equipment is 
shown in the block diagram in Fig. 3. The apparatus assembly 


G. Cady, “‘Piezoelectricity,”” McGraw-Hill Book Company, 
Inc., New York, N. Y., 1946, p. 99. 


(R/V min 


Fig. 2 Plot of the Hubbard interferometer function P)/V as a function of 
the sound velocity V 
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Fig. 3 Block diagram of measuring equipment 
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consists essentially of two high-pressure and high-temperature 
bombs called in the diagram 1 and 2, respectively. Bomb 1 con- 
tains the acoustic interferometer, with D denoting the piezoelec- 
tric crystal and E the plane parallel reflecting plate. Bomb 2 
serves as a means of providing, maintaining, and varying the pres- 
sure in bomb 1. Pure distilled water is introduced into bomb 2, 
after the whole system has been evacuated at a high temperature 
in order to remove as much of the adsorbed gases and other im- 
purities as possible. The water in bomb 2 is then heated by the 
immersion heater J. The thermocouple H and the control heater 
I work with the temperature regulator 2 to maintain the tempera- 
ture in the temperature bath 2 and hence the interior of bomb 2 to 
within plus or minus 0.005 degC. The temperature in bomb 2 is 
measured precisely by means of the measuring thermocouple G 
and its associated potentiometer 2. A two-phase system (water 
and steam) can then be maintained at suitable temperatures 
within bomb 2. By accurately varying and controlling the tem- 
perature in bomb 2 the pressure of the steam communicated to 
bomb 1 can be varied and controlled correspondingly, since it is 
the vapor pressure of water associated with the given tempera- 
ture. The maximum pressure obtainable in bomb 1 in this way 
is of course the critical pressure, which is about 218 atmospheres, 
corresponding to the critical temperature 365 deg C. The steam is 
superheated in bomb 1 and the temperature there is limited only 
by the nature of the thermal bath surrounding the bomb. In 
working in the neighborhood of 100 atmospheres the pressure in 
bomb 1 can be controlled to within 1 atmosphere. 

All statements pertaining to temperature maintenance and 
control in bomb 2 also apply to bomb 1 with the associated ther- 
mocouples, immersion heater, control unit, and measuring 
potentiometer. A photograph of the complete apparatus as- 
sembly is shown in Fig. 4. The signal generator and associated 


- electrical equipment are shown in the left foreground. Bath 1 


and bath 2 are at right and center, respectively. 

Pressure Control and Interferometer Bombs and Baths. The pressure 
control bomb 2 is a stainless-steel reaction vessel made to specifica- 
tion by the American Instrument Company. The outside 
diameter is 4°/; in., the inside diameter 2°/;5 in., and the depth 3 
in. A schematic cross section of the vessel is shown in Fig. 5. 

The constant temperature bath 2 is an Aminco model 4-1588 
capable of holding approximately 30 gallons of bath fluid. For 
temperatures up to about 200 deg C the bath fluid used is a white 
mineral oil (Atreol 34 USP) with a flash point of 219 deg C. For 
higher temperatures use is made of a eutectic mixture made up of 
54.4 per cent potassium nitrate, 27.3 per cent lithium nitrate, and 
18.3 per cent sodium nitrate by weight. This mixture melts at 
approximately 135 deg C and is useful to 500 deg C, when it be- 
gins to decompose. 

It should be emphasized that the high-pressure tubing con- 
necting the two bombs is maintained at a higher temperature 
than the pressure bomb by means of electrical heating tape. This 
insures that the water vapor condenses in the pressure control 
bomb 2 and nowhere else. 

Bomb 1 housing the interferometer is identical with bomb 2 
except that the head of the former contains an additional port to 
allow a fitting for an electrical connection as well as an arrange- 
ment for the mounting of the interferometer assembly. The con- 
stant temperature bath 1 consists of a pottery kiln with cover 
mounted on a wooden framework from which the bomb is sus- 
pended. Strictly speaking a liquid eutectic bath should sur- 
round the bomb in this arrangement. However, in the experi- 
ments reported here it was found that the heat capacity of the 
kiln itself is sufficiently great to make it possible to dispense with 
the liquid bath and use air instead. Temperatures up to 1250 deg 
C can be reached in this kiln with moderately good temperature 
stability. 

Steam System. In order to introduce pure water into the system, 
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Fig. 5 Schematic cross-sectional view of pressure bomb 


the distillation apparatus shown in Fig. 6 is employed. It con- 
sists essentially of three vertical closed glass tubes, A, B, and C, 
connected at the top by 1 in. horizontal glass tubing. The as- 
sembly is connected to a vacuum pump at the left through stop- 
cock 1. Vessel A is connected also through stopcocks 2 and 3 with 
the flask D containing distilled water. Vessel C can be closed off 
from the rest of the system by means of stopcock 4 and is also 
removable by means of the ball-and-socket joint E. By action 
of the vacuum pump water is pulled from flask D into vessel A 
and is degassed to the point where it boils at room temperature. 
By placing a warm bath (50 deg C) around vessel A and an ice 
bath around C, the water in A is completely distilled into B and C. 
The system is then pumped down again until the water in B boils. 
The warm bath is then placed around B and the process is re- 
peated until the proper amount of water has gathered in vessel C. 
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The system is again pumped down until the water in C boils at 0 
deg C. Cis then sealed off by means of stopcock 4 and finally re- 
moved from the assembly. Its supply of pure water is then 
available for introduction into the steam bomb 2. Each run of 
the still produces about 100 cu cm of pure water. No grease of 
any kind is used in the stopeocks, and the ball-and-socket joint 
has a water seal. All stopcocks have Teflon inserts. 

The pure water is introduced under vacuum to the steam bomb - 
2 via the high-pressure valve shown in the figure. This is a three- 
way valve containing a mate to the ball-and-socket joint on 
vessel C. 

Interferometer Assembly. Details of the interferometer assembly 
are shown in Fig. 7 with the holder shown in cross-hatched side 
view. The quartz piezoelectric crystal (D) is mounted in the base 
as shown, being held in place by a fused quartz spacer (S) of the 
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same thickness as the crystal and with a hole just large enough to 
accommodate the crystal. This spacer is shown in top view de- 
tail as 8S’. Between the crystal and the reflector plate (E) there 
is inserted the second spacer T also made of fused quartz. This 
(shown in top view detail as T’) has a hole slightly smaller than 
the crystal so that when in place it serves to clamp the crystal 
firmly in place. The thickness of this spacer is the effective length 
r of the interferometer chamber. The slot along the diameter of 
spacer T permits the entrance of steam into the chamber. 

In this form of interferometer the electrical signal is applied to 


Fig. 6 Apparatus for preparation of distilled water 
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the reflector plate, and the crystal and its mounting are at ground. 
This makes it unnecessary to provide any electrical contacts on 
the erystal, which is then excited by the electric field set up be- 
tween it and the reflector. The quartz spacers provide part of 
the insulation between crystal and reflector. The rest is provided 
by the Teflon insulators located around the shanks of three bolts 
holding the reflector and base of the mounting together. 

Five T spacers are used corresponding to r-values of 0.01,0.015, 
0.020, 0.030, 0.045 in., respectively. 

Transducer Crystal. The transducer crystal (D in Fig. 3; see 
also Fig. 7) is an X-cut quartz or a Z-cut tourmaline crystal. 
Both have been used in the form of circular disks 0.5 in. in diame- 
ter. The resonance frequency of the quartz crystal is 8.4 mes 
while that of the tourmaline is 9.7 mes. Quartz has the disad- 
vantage that it is attacked by steam and its solubility increases 
with the temperature. This might well be a drawback in pre- 
cision measurements, since it is known that small amounts of im- 
purity can produce noticeable change in the sound absorption in 
a gas. Somewhat more serious is the decrease in the piezoelectric 
activity of quartz with increase in temperature: Its Curie point is 
540 deg C. Tourmaline, on the other hand, has a Curie point 
at 1300 deg C and its activity is almost as great as that of room- 
temperature quartz over a much wider temperature range. Little 
is known about the action of steam on tourmaline and this should 
be studied if its further use should appear practicable. Unfor- 
tunately, gem quality tourmaline in the size needed for trans- 
ducer purposes is very expensive. In the work reported here 
“black’’ tourmaline has been employed. It has the disadvantage 
of displaying pronounced satellites along with the main resonance. 

Electronic Equipment. The signal generator used for driving the 
crystal is a standard R.F. oscillator (Type 410 A, Technology 
Instrument Corporation, Acton, Massachusetts). It is stable in 
frequency to within one part of 10‘ and has a 100-ohm output im- 
pedance. Its coupling to the transducer provided no difficulty. 

Accuracy of Measurements. The frequency in the measurements 
reported here can be measured to about 10 cycle/sec in 10 mes. 
The temperature regulators in the baths control to within +0.005 
deg C. The chromel-alumel thermocouples are capable of meas- 
uring temperature to within +0.05 deg C. The pressure values 
taken from the steam tables are accurate to +0.5 atmosphere at 
100 atmosphere. 


Experimental Procedure 


If at a given fixed temperature the frequency of the exciting 
signal on the transducer is swept through resonance the absolute 
value of the equivalent admittance goes through a maximum and 
a minimum. If these values are denoted by |¥|max and | ¥|min, re- 
spectively, it can be shown that the equivalent electrical resistance 
R of the crystal is related to these as follows: 
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Fig. 7 Interferometer assembly 
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Actually, it was found most convenient to determine the | y| values 
in terms of the maximum and minimum values of the voltage 
across a known resistance in the circuit as the temperature takes 
on a succession of values. The voltage is amplified and measured 
by a recording milliammeter. A small constant speed reversible 
electric motor is used to sweep the signal generator back and 
forth through the frequency range about the crystal resonance. 
Automatic reversal of the motor is accomplished by means of a 
block threaded onto a long screw. This block travels back and 
forth along the screw, tripping a microswitch at each end. The 
screw is driven by the motor and in turn drives the tuning con- 
denser on the generator through appropriate gear reduction. A 
complete sweeping operation takes about 20 minutes, during 
which interval the temperature should remain constant. Fig. 8 
presents a set of resonance sweeps obtained in this way, each cor- 
responding to the temperature indicated and showing how the 
difference between maximum and minimum voltages varies with 
temperature. Each curve permits the calculation of R for the 
corresponding temperature and hence enables R to be plotted 
as a function of the temperature 7’, the result being a curve of 
which Fig. 9 is a sample. This is in the form of a peak with 
maximum at 7». We shall call it an interferometer curve. From 
the half width of the peak, namely AT’, we can find the associated 
AV (from the relation between the velocity of sound V in the 
medium and the temperature 7’) and by insertion of this in Eq. 
(8) can calculate the absorption coefficient a for the temperature 
T» corresponding to velocity V» and for the angular frequency w. 


Results and Discussion 

The use of the interferometer in this investigation is subject to 
certain errors. One of the most serious of these is the lack of pre- 
cise parallelism in the crystal surface and reflector. Moreover, 
the presence of satellite resonances in the transducer crystal 
poses a problem. The inevitable absorption of energy in the 
mounting of the crystal adds to the systematic error. As a result 
one cannot hope that the attenuation values obtained will have 
absolute accuracy. For this reason a calibration run was made 
using argon in place of steam, since the attenuation in argon is due 
entirely to viscosity and heat condition and the associated @ can 
be calculated with some accuracy for any temperature and pres- 
sure in the range of the present investigation. The result of the 
run showed @ varying inversely with the pressure p, as should be 
the case for classical attenuation due to viscosity and heat con- 
duction [cf. Eq. (4), neglecting the term added to unity in the de- 
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Fig. 8 Sample set of resonance sweeps 
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nominator]. However, over the pressure range from 1 to 10 at- 
mospheres the experimental value obtained was 5 nepers/cm 
higher than the theoretical value, which has also been confirmed 
with other methods of measurement. This value was therefore 
subtracted from the measured values of a for steam over this 
pressure range and indeed by extrapolation for higher pressures 
as well, though this must be subjected ultimately to closer scru- 
tiny. Moreover, the use of this calibration technique is in any 
case based on the fundamental assumption that the systematic 
error revealed by it is due to geometrical factors only. This again 
must be examined carefully in any future study with this equip- 
ment. Fortunately, it should not seriously affect the position of 
the maximum of any eventual relaxation peak. 

Measurements of @ for steam have been made with the ap- 
paratus described in this article over the temperature range from 
235 deg C (508 K) to 467 deg C (740 K) and over the pressure 
range from 1 to 50 atmospheres. We can divide the data tak- 
ing into essentially four categories, three of which correspond to 
mean temperatures (i.e., 7’) values as in Fig. 9) of 235 deg C 
(508 K), 332 deg C (605 K), and 401 deg C (674 K), respectively, 
over the pressure range from 1 to 10 atmospheres. The fourth 
category consists of miscellaneous measurements at higher pres- 
sures. 

The results over the pressure range from 1 to 10 atmospheres 
are of particular interest since they indicate anomalous values of 
@ in excess of the transport values and show peaks similar to 
relaxation peaks when the excess a/w is plotted as a function of 
w/p. Fig. 10, for example, shows such a plot for the mean tem- 
perature 7’) = 235 deg C (508 K). The plotted values of a/w are 
those in excess of the classical transport values after correction 
by the calibration technique described above. Considerable 
scatter of the experimental points is evident, but the presence of 
a peak is clear, occurring at approximately 24.4 angular mega- 
cycles/atmosphere (or 3.9 megacycles/atmosphere, to use the 
actual frequency). It may be noted that the classical transport 
value of a under the same conditions of temperature and pressure 


(Vax (Vaux vs TEMPERATURE 


120 
PRESSURE = 6.92 ATMOSPHERES 


/ 
o/ 

/ 
IP 


— HALF HEIGHT 


lo 


TEMPERATURE (°C) 


250 260 


Fig.9 Sample interferometer curve 
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amounts to 3 nepers/cm and the excess @ is therefore 16 nepers/em 
at the peak. It is only fair to note that the peak in Fig. 10 is 
rather narrow in relation to its height and this may cast some 
suspicion on its genuineness as a relaxation peak corresponding to 
a single relaxation time, as in Eq. (2) and Fig. 1. This situation 
may be due to experimental error. The scatter of the points in a 
typical interferometer curve as shown in Fig. 9 gives some indica- 
tion of the difficulty of estimating half widths with accuracy. 
This scatter is undoubtedly due to a large extent to the difficulty 
of maintaining thermodynamic equilibrium during the runs. 
Every sweep through resonance, as shown in Fig. 8, should be 
carried out at a constant temperature. The endeavor was made 
to come as close to this as practicable, but precise adherence to it 
would manifestly protract the time of measurement beyond any 
reasonable figure. This must be rated as a weakness in the use 
of the fixed path interferometer for the measurement of acoustic 
attenuation. Another possible explanation of the peak, if we 
assume that it is genuine, might be found in the assumption that 
the attenuation mechanism may be due not to a single relaxation, 
but to two or more. 

We may summarize the afore-mentioned results for the three 
temperatures in Table 1. 


Table 1 


w/p for maximum 
2a/w, k = 
angular me/ atmosphere 
atmosphere 


Sound 
rature, frequency, 
eg K me 


Tem 


8.4 
9.7 


The third column in Table 1 gives the values of w/p correspond- 
ing to the maximum or peak values of 2a/w at the given tem- 
peratures and frequencies. The fourth column gives the values of 
k or tp which are simply the reciprocals of the corresponding 
values in the third column divided by 108. These values may be 
looked upon as the relaxation times 7 at one atmosphere. Actu- 
ally, if a single relaxation mechanism is operative, k should be a 
constant. Its order-of-magnitude constancy in the table suggests 
that we are indeed dealing here with a single mechanism. 

The actual relaxation times can be obtained from the k-values 
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Relaxation peak at 508 deg K 


by dividing by the pressures at which the peaks were observed to 
occur. We then obtain r-values varying from 1.9 X 10-8 sec at 
2.15 atmospheres to 1.63 X 10-8 sec at 2.7 atmospheres. If we 
assume further that the same relaxation mechanism is operative 
at higher pressures we can readily calculate the value of 7 for any 
particular pressure from k/p. Hence at a pressure of 500 at- 
mospheres and 674 deg K, for example, we should expect a relax- 
ation time 7 of the order of 7.5 X 107!'sec. This is probably far 
too short to be of any practical significance in the flow of high 
pressure and high temperature steam. 

An interesting and illuminating way of presenting the results 
obtained in this investigation is to plot the values of 1/7p (equiva- 
lent to 1/k) as a function of the mean temperatures to which 
they correspond. This has been done in Fig. 11 and the upward 
trend with temperature is evident. Plotted on the same graph 
are the corresponding values found by P. W. Huber and A. Kan- 
trowitz” in a measurement of relaxation times for water vapor at 
high temperature by means of an impact tube. The order of 
magnitude agreement, especially at the lower temperature, is 
interesting, though the discrepancy at the higher temperature 
calls for further investigation. 

It must be emphasized again that the foregoing results discussed 
are for attenuation in the pressure range from 1 to 10 atmospheres. 
Measurements were also made at around 600 deg K in the pressure 
range from 20 to 45 atmospheres and classical absorption alone 
was noted here. At 50 atmospheres an anomalous extra absorp- 
tion was found corresponding to approximately 6 nepers/cm above 
the classical value. The state of the equipment made it im- 
possible to follow this up for neighboring pressure values to ascer- 
tain definitely whether a new peak was being picked up. It is in- 
teresting to note, however, that, if another peak were to exist 
around 50 atmospheres, it would indicate a relaxation time 7 of 
the same order as that reported for the lower pressure range, 
namely 1.7 X 10-8 sec. But in view of the increase in pressure, 
which as we have seen for a given relaxation mechanism lowers the 
relaxation time, we could only conclude from this that another and 
different relaxation process was at work. This strongly suggests 
the value of further measurements at higher pressures. 


10 P, W. Huber and A. Kantrowita, Journal of Chemical Physics, 
vol. 15, 1947, p. 275. See also A. Kantrowitz, Journal of Chemical 
Physics, vol. 14, 1946, p. 150. 
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Fig. 11 Values of 1/7p for relaxation in steam as a function of temperature 


The final conclusion is that the fixed path interferometer as 
described in this paper is competent to measure attenuation in 
steam at high temperature and moderately high pressure and to 
detect eventual relaxation effects. However, for further work 
under more extreme conditions it would appear to be more 
practicable to use some sort of pulse technique. Further work 
with the impact tube of Huber and Kantrowitz is also recom- 
mended. The work to date hardly suggests any relaxation proc- 
ess which would have a significant bearing on the high speed flow 
properties of steam. 
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